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Preface

This book provides a detailed treatment of the theory of analytical and experimental
modal analysis with applications. It is intended for several uses. The materials can be
selectively used for undergraduate and postgraduate courses. The book can be a
reference text for practising engineers whose work involves modal analysis, and for
researchers in other engineering and science disciplines who use modal analysis as a
tool in their research.

Though appearing to be specialized, modal analysis has been used in the last two
to three decades in many engineering disciplines and technology fields to solve
increasingly demanding structural dynamic problems. The path of modal analysis
being incorporated into university teaching is paralleled with that taken by finite
element analysis. Currently, the published literature in modal analysis is sparse without
taking on board conference and journal papers. This is not conducive to users of this
technology.

Chapter 1 of this book begins with a brief introduction to the current status of
modal analysis in engineering fields and the practical background which gave rise to
modal analysis as an effective and an advancing technology. This is followed by a
concise clarification of modal analysis and modal testing, and the theoretical framework
for modal analysis. It is succeeded by an outline of applications of modal analysis in
dealing with different types of engineering problems and practical challenges. This
chapter closes on a summary note on the historical development of modal analysis.

Chapter 2 reviews the mathematics tools used in the theory of modal analysis. In
matrix theory, these include matrix inversion, linear simultaneous equations, eigenvalue
problems, different decomposition of a real symmetrical matrix, matrix perturbation
and the derivative of matrices. In addition, this chapter introduces poles and zeros of
a polynomial function, Fourier series and transform, and the variable separation
method for partial differential equations. These mathematics tools will be used in the
following chapters of the book.

Chapter 3 reviews the basic vibration theory which forms the basis of modal
analysis theory. This chapter is an epitome of a textbook for mechanical vibrations or
dynamics of machines. It intends to review relevant materials rather than to offer a
comprehensive coverage of vibration theory. This is to facilitate a more thorough and
smooth excursion in modal analysis theory.

Chapters 4, 5 and 6 constitute the theoretical basis of modal analysis. In Chapter
4, modal analysis theory for an SDoF system is presented. It begins with the frequency
response function (FRF) of an SDoF system, its concept and its different forms and
various formats on which the FRF can be studied. This is followed by an in-depth
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disclosure of inherent properties of the FRF which will define modal analysis methods
introduced in later chapters.

The FRF of an SDoF system is mathematically simple and its physical interpretation
unambiguous. However, when extended to an MDoF system, both the concept and
definition of an FRF require more stringent deliberation. Chapter 5 deals with the
modal analysis theory of an MDoF system without damping. It begins with the
concept of normal modes of an MDoF system and its orthogonality properties. This
is followed by the definition and description of the dynamic stiffness matrix and
frequency response function matrix of an MDoF system. The physical interpretation
of the FRFs is conferred and the different graphical presentation of FRFs is given.
Next, the chapter establishes the relationship between the modal model of an MDoF
system and its FRFs. This relationship forms the kernel of theoretical modal analysis
and the foundation for developing experimental modal analysis methods. The asymptote
properties of an SDoF FRF are extended in this chapter for the FRFs of an MDoF
system. The chapter then continues to explore the orthogonality properties of an
MDoF system from more contemporary viewpoints. The harmonic response analysis
prepares the reader for a more advanced forced response of an MDoF system. The
last section of the chapter provides a sound understanding of the anti-resonance and
minimum properties of an FRF. This will lead to the latest progress of modal analysis
on structural modification and optimization in later chapters.

Chapter 6 is devoted to the modal analysis theory of an MDoF damped system.
This is a natural extension of Chapter 5. In this approach, it is appropriate to begin
with a proportional damping model which offers a special advantage of easy analysis.
This is succeeded by an expansion of the theory of undamped FRFs into those for a
damped MDoF system. Due to the existence of damping, the FRFs can be studied in
the complex domain, allowing the study of their real and imaginary forms, Nyquist
form and more. The force response of an MDoF damped system is analysed. The
chapter ends on a note on complex vibration modes.

Chapter 7, on the measurement of frequency response function data, provides a
brief coverage of all aspects involved in conducting a successful frequency response
function measurement. This includes preparation of the tested structure, general
measurement set-up, selection of excitation forces and locations, selection of
measurement locations, calibration of measurement set-up and acquisition of FRF
data. This chapter closes at the assessment of FRF data during measurement and
before the analysis of these data is to proceed. This is an important step to ensure
accurate and sufficient FRF data, and a successful outcome of the analysis. The
assessment includes the linearity, reciprocity and time-invariance check of the measured
data, and the use of some characteristics of an FRF.

Chapter 8 presents different modal analysis methods using measured FRF data. It
begins with the identification of resonances from measured data. This is followed by
the description of various modal analysis methods based on the SDoF assumption of
MDoF assumption. This includes some latest modal analysis methods found in the
literature and adopted by commercial modal analysis software. This full chapter
coverage will provide a solid foundation for readers to conduct modal analysis on
measured FRF data. Some of the figures are the outputs of a modal analysis software
called ICATS.

In addition to the methods based on FRF data, Chapter 9 provides a basic introduction
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to modal analysis using free vibration or impulse responses of a structure — the time
domain modal analysis.

Chapter 10 deals with multi-input multi-output (MIMO) modal analysis. The
estimation of accurate FRF data in the MIMO circumstance is discussed. A number
of frequency and time domain modal analysis methods for the MIMO test are introduced.

The volume of this book precludes the coverage of all the main applications of
modal analysis. However, it would be useful to the reader to include some recent
applications. Chapters 11, 12 and 13 serve this purpose. Chapter 11 discusses structural
modification and its application to optimize the dynamic characteristics of a structure.
This composes structural modification by changing the mass and stiffness properties
and by changing physical properties such as cross-sectional changes of beam elements
ofa structure. This chapter embodies some late developments in structural modification
and optimization.

Chapter 12 introduces neural network, its applications in identifying dynamic
characteristics of a system and in modal analysis. The use of the artificial neural
network is taking a rapid pace in many engineering disciplines, including structural
dynamics. This chapter can only serve as a brief introduction to this technique.

Chapter 13 presents a number of practical applications of modal analysis. Many
more can be found in the literature such as from the proceedings of the annual
International Modal Analysis Conference. Materials presented here are selective for
teaching and reference.

Modal analysis draws strength from many sister disciplines in engineering. A
book on modal analysis undoubtedly covers materials explored by numerous researchers
and practical engineers. In this sense, the literature list at the end of each chapter can
only be indicative. It is impossible for the authors to acknowledge all the individual
contributions without which this book could not exist. We hope that this book will
serve as a gateway for the reader to appreciate these contributions and to discover
many more relevant readings in the modal analysis literature.

Jimin He and Zhi-Fang Fu



Overview of modal
analysis

1.1 Introduction

In the past two decades, modal analysis has become a major technology in the quest
for determining, improving and optimizing dynamic characteristics of engineering
structures. Not only has it been recognized in mechanical and aeronautical engineering,
but modal analysis has also discovered profound applications for civil and building
structures, biomechanical problems, space structures, acoustical instruments,
transportation and nuclear plants. To appreciate its significance in the modern engineering
arena and its potential for future science and technology, it is appropriate to capture
some of the background facts which will help to underline this unique technology.

Contemporary design of complex mechanical, aecronautical or civil structures requires
them to become increasingly lighter, more flexible and yet strong. For instance,
resources have been devoted by car manufacturers to achieve microscopic reductions
of product body weight. Aerospace structures such as satellite antennas do deserve
weight reduction of every possible gram in order to minimize their inertial property
during operation in space. These stringent demands on contemporary structures often
made them more susceptible to unwanted vibrations.

Another relevant fact in modern life is the increasing demands of safety and
reliability upon contemporary structures either defined by government regulations or
accrued by consumers. These demands have created new challenges to the scientific
understanding of engineering structures. Where the vibration of a structure is of
concern, the challenge lies on better understanding its dynamic properties using
analytical, numerical or experimental means, or a combination of them.

As the significance of dynamic behaviour of engineering structures is better
appreciated, it becomes important to design them with proper consideration of dynamics.
Finite element analysis as a computer modelling approach has provided engineers
with a versatile design tool, especially when dynamic properties need to be perused.
This numerical analysis requires rigorous theoretical guidance to ascertain meaningful
outcomes in relation to structural dynamics. An important part of dynamic finite
element analysis is modal analysis.

Computer modelling alone cannot determine completely the dynamic behaviour
of structures, because certain structural properties such as damping and nonlinearity
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do not conform with traditional modelling treatment. There are also boundary condition
uncertainties which modelling needs additional help to work. Substantial advances in
experimental techniques have complemented modelling with the experimental
determination of structural properties. A milestone of this endeavour is the advent of
digital Fourier transform analysers. The experimental techniques are nurtured by the
theory of modal analysis and in turn provide new impetus to it.

1.2 What is modal analysis?

Modal analysis is the process of determining the inherent dynamic characteristics of
a system in forms of natural frequencies, damping factors and mode shapes, and
using them to formulate a mathematical model for its dynamic behaviour. The formulated
mathematical model is referred to as the modal model of the system and the information
for the characteristics are known as its modal data.

The dynamics of a structure are physically decomposed by frequency and position.
This is clearly evidenced by the analytical solution of partial differential equations of
continuous systems such as beams and strings. Modal analysis is based upon the fact
that the vibration response of a linear time-invariant dynamic system can be expressed
as the linear combination of a set of simple harmonic motions called the natural
modes of vibration. This concept is akin to the use of a Fourier combination of sine
and cosine waves to represent a complicated waveform. The natural modes of vibration
are inherent to a dynamic system and are determined completely by its physical
properties (mass, stiffness, damping) and their spatial distributions. Each mode is
described in terms of its modal parameters: natural frequency, the modal damping
factor and characteristic displacement pattern, namely mode shape. The mode shape
may be real or complex. Each corresponds to a natural frequency. The degree of
participation of each natural mode in the overall vibration is determined both by
properties of the excitation source(s) and by the mode shapes of the system.

Modal analysis embraces both theoretical and experimental techniques. The
theoretical modal analysis anchors on a physical model of a dynamic system comprising
its mass, stiffness and damping properties. These properties may be given in forms of
partial differential equations. An example is the wave equation of a uniform vibratory
string established from its mass distribution and elasticity properties. The solution of
the equation provides the natural frequencies and mode shapes of the string and its
forced vibration responses. However, a more realistic physical model will usually
comprise the mass, stiffness and damping properties in terms of their spatial distributions,
namely the mass, stiffness and damping matrices. These matrices are incorporated
into a set of normal differential equations of motion. The superposition principle of
a linear dynamic system enables us to transform these equations into a typical eigenvalue
problem. Its solution provides the modal data of the system. Modern finite element
analysis empowers the discretization of almost any linear dynamic structure and
hence has greatly enhanced the capacity and scope of theoretical modal analysis. On
the other hand, the rapid development over the last two decades of data acquisition
and processing capabilities has given rise to major advances in the experimental
realm of the analysis, which has become known as modal testing.
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1.3 What is modal testing?

Modal testing is an experimental technique used to derive the modal model of a
linear time-invariant vibratory system. The theoretical basis of the technique is secured
upon establishing the relationship between the vibration response at one location and
excitation at the same or another location as a function of excitation frequency. This
relationship, which is often a complex mathematical function, is known as frequency
response function, or FRF in short. Combinations of excitation and response at different
locations lead to a complete set of frequency response functions (FRFs) which can be
collectively represented by an FRF matrix of the system. This matrix is usually
symmetric, reflecting the structural reciprocity of the system.

The practice of modal testing involves measuring the FRFs or impulse responses
of a structure. The FRF measurement can simply be done by asserting a measured
excitation at one location of the structure in the absence of other excitations and
measure vibration responses at one or more location(s). Modern excitation technique
and recent developments of modal analysis theory permit more complicated excitation
mechanisms. The excitation can be of a selected frequency band, stepped sinusoid,
transient, random or white noise. It is usually measured by a force transducer at the
driving point while the response is measured by accelerometers or other probes. Both
the excitation and response signals are fed into an analyser which is an instrument
responsible for computing the FRF data.

A practical consideration of modal testing is how much FRF data need to be
acquired in order to adequately derive the modal model of the tested object. When
doing a simple hammer test, a fixed response location is used while alternately
moving force excitation points. The measured FRF data constitute a row of the FRF
matrix (explained in Chapter 7). These data would theoretically suffice for deriving
the modal model. For a simple shaker test, a fixed force input location is used while
alternately moving response collection points or simultaneous acquiring responses
from points. The measured FRF data constitute a column of the FRF matrix. Again,
the data should suffice theoretically. With sufficient data, numerical analysis will derive
modal parameters by ways of curve fitting. This process is known as experimental modal
analysis. The derived parameters will form the modal model for the test structure. Para-
meters can be extracted either from individual FRF curves or from a set of FRF curves.

In summary, experimental modal analysis involves three constituent phases: test
preparation, frequency response measurements and modal parameter identification.
Test preparation involves selection of a structure’s support, type of excitation force(s),
location(s) of excitation, hardware to measure force(s) and responses; determination
of a structural geometry model which consists of points of response to be measured;
and identification of mechanisms which could lead to inaccurate measurement. During
the test, a set of FRF data is measured and stored which is then analysed to identify
modal parameters of the tested structure.

1.4 Applications of modal analysis

Both theoretical and experimental modal analysis ultimately arrive at the modal
model of a dynamic system. Compared with the FRF or the vibration response, the
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modal model explicitly portrays the dynamic characteristics of a system. Therefore,
applications of modal analysis are closely related to utilizing the derived modal
model in design, problem solving and analysis. Before embarking on the discussion
of applications, it is important to refresh the two different paths from which a modal
model is derived. Theoretical modal analysis relies on the description of physical
properties of a system to derive the modal model. Such a description usually contains
the mass, stiffness and damping matrices of the system. Thus, it is a path from spatial
data to modal model. Experimental modal analysis obtains the modal model from
measured FRF data or measured free vibration response data. Thus, it is a path from
response data to modal model. Once the modal model is derived, a number of applications
can be instigated. Some applications of modal analysis involve direct use of modal
data from measurement while others use these data for further analysis. In the following,
some of the applications of modal analysis are reviewed. Detailed theoretical analysis
of these applications and more will be found later in the book or in the literature.

1.4.1 Troubleshooting

Troubleshooting using experimental modal analysis is to gain an insight into a dynamic
structure which is problematic. This is a most popular application of experimental
modal analysis since its emergence. It also often heralds further applications of
modal analysis. Troubleshooting relies on experimentally derived natural frequencies,
damping factors and mode shapes of the structure. These data provide a fundamental
understanding of the structural characteristics and often reveal the root of dynamic
problems encountered in real life.

1.4.2 Correlation of finite element model and
experimental results

Many applications of structural dynamics rely their success entirely upon having an
accurate mathematical model for a dynamic structure. Such a model can be derived
from the finite element modelling. The resultant FE model, which is in the form of
mass and stiffness matrices, can be essential for further applications such as sensitivity
analysis and prediction due to proposed structural changes. However, owing to the
complexity and uncertainty of the structure, it is unrealistic to expect such an FE
model to be faithfully representative. An essential approach is to take a measurement
of the structure, derive its modal model and use it to correlate with the existing FE
model in order to update it. The philosophy behind this model correlation is that the
modal model derived from measurement, though incomplete due to lack of sufficient
numbers of vibration modes and measured locations, truly represents the structure’s
dynamic behaviour. Thus, it can be used to ‘correct’ the FE model, should any
discrepancies occur between them. This philosophy may be challenged by some FE
analysts but experience has justified its merits in most cases.
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1.4.3 Structural modification

Structural modification makes changes on mass, stiffness or damping of a dynamic
system. These physical changes will certainly alter the dynamic behaviour of the
system. Using the modal model of the system, simulation and prediction of ‘what if’
can be conducted. The effect of hypothetical physical changes on the dynamic behaviour
can be derived without another complete analysis or the actual structural changes.
For instance, if a lumped mass is to be added to a part of the system, then the existing
modal model and the mass together should predict a new modal model ‘after’ the
structural modification. This is particularly useful in an early design stage to optimize
dynamic characteristics of a new design, or to improve a structure’s dynamic behaviour
after its modal model is derived from measurement. However, this approach of structural
modification often forbids large-scale structural changes.

1.4.4 Sensitivity analysis

A modal model of a dynamic system can be used to forecast the sensitivity of its
modal parameters due to system physical parameter changes. This sensitivity analysis
is intrinsically related to structural modification. However, the emphasis here is to
identify which physical change is most effective to a proposed modal parameter
change such as shifting a natural frequency. In contrast, that of structural modification
is to study variations of modal parameters due to a selected physical change. This
analysis is specifically useful in the redesigning of a dynamic structure when a target
on dynamic characteristics is set and a most efficient way to accomplish it is sought.

1.4.5 Reduction of mathematical models

In FE modelling of a dynamic structure, the number of coordinates used determines
the size of the FE model. Although employment of more coordinates does not necessarily
translate into greater accuracy of the modelling results, it is often conducive. However,
when only the dynamic behaviour of the modelled structure at low frequency range
is of interest, a much reduced mathematical model will be preferred. Such a reduced
model can be derived either from a modal model of the structure, or from the original
FE model using various modelling reduction algorithms. In both cases, modal model
is essential in the process or in the appraisal of the final outcome.

1.4.6 Forced response prediction

Another application of modal analysis is the prediction of vibration responses to a
given force. With an established modal model, vibration responses due to a clearly
defined force input can be computed. For instance, upon knowing the modal model
of a vehicle, the measurement of test track vibrations can be used to predict the
vehicle’s response on the track before it is driven. Using the superposition principle,
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response due to several forces can also be predicted. The difficulty associated with
this application often lies in accurately estimating or measuring the forces.

1.4.7 Force identification

In practice, forces which induce vibration of a system are not always measurable.
However, it is possible to identify them using the response measurement and a modal
model of the system. Identification of forces which induce severe vibration has
paramount significance in some applications. For instance, a loosened bearing inside
a turbine engine may breed an excitation force which instigates excessive vibration.
This excitation force is also a potential source of causing catastrophic structural
failure.

1.4.8 Response prediction

Once the modal model of a structure is adequately determined, it becomes possible
to predict structural response for any coalition of input forces. This will provide a
scientific basis for studying structural integrity with a known dynamic environment.
When the structural vibration responses are in the form of dynamic strain, response
prediction could be incisive in forecasting the fatigue life of the structure. An
experimentally derived modal model usually provides damping factors of a structure
which are crucial in accurate response prediction.

1.4.9 Substructure coupling

It is often required to predict the dynamic behaviour of a whole structure from the
knowledge of the behaviour of its components. This process is known as substructure
coupling. There are several practical reasons why the behaviour of the whole structure
are measured or modelled directly. One is to break a complex dynamic problem into
manageable parts. Many algorithms of substructure coupling are based on the modal
parameters from components. Substructure coupling can also be effectively used in
finite element analysis when the model of a structure is too complex for the computer
capacities.

1.4.10 Structural damage detection

Detection of invisible structural damage has always been given due priority in industry.
This is particularly evident in the aviation and aerospace industries. Recently, detection
of structural damage has been applied to civil structures such as bridges. The theoretical
basis of using modal analysis for damage detection lies in the fact that dynamic
responses of a structure vary because of its inherent damage. This gives rise to the
possibility of identifying the damage from the variation of structural responses before
and after damage occurs. In particular, the damage detection formulates the relationship
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between the damage and modal parameter changes of a structure. A common practice
is to obtain the ‘fingerprint’ or ‘baseline’ of modal parameters when a structure is in
perfect dynamics health. Later, when the changes of these parameters occur, it is
possible to investigate the structural damage which brings about the changes.

1.4.11 Active vibration control

A traditional control problem depends on a reliable plant model to derive control
laws from observers. For active vibration control of a structure as a plant, it is
imperative that an accurate mathematical model exists which delineates its dynamic
characteristics. Experimental modal analysis is an ideal tool to serve this purpose. A
good example is the active vibration control of a tall building under wind loading.
With an accurate modal model of the building and proper filtering techniques, it is
possible to devise actuators and sensors and form a feedback control loop so that
selected vibration modes will be brought under control.

1.5 Practical applications of modal analysis

In the last two decades, there have been numerous applications of modal analysis
reported in literature covering wide areas of engineering, science and technology.
The application scope of modal analysis is expected to undergo significant expansion
in the coming years. Practical applications of modal analysis are largely related to the
advances in experimental technology. It is impossible to introduce all these applications;
however, a narration of these practical applications embracing a number of typical
areas will help to illuminate the understanding of modal analysis and its potential.

The majority of practical application cases reported in the literature have been
those from aeronautical engineering, automotive engineering and mechanical
engineering in particular. This is not to discredit the fact that the application of modal
analysis is becoming more strongly interdisciplinary.

In automotive engineering, the enormous commercial and safety aspects associated
with redesigning a vehicle oblige the best possible understanding of dynamic properties
of vehicular structures and the repercussion of any design changes. Keen interest has
been placed on combining both experimental modal analysis and finite element analysis
in studying automotive components. Modern vehicle structures must be light in weight
and high in strength. A combination of both analytical and experimental modal
analysis enables improved design of automotive components and enhancement of
dynamic properties of a vehicle. Experimental modal analysis as a troubleshooting
tool also plays a crucial role in the study of vehicle noise and vibration harshness
(NVH). A simple modal analysis of a body-in-white or a subframe structure is a
typical application. However, more sophisticated applications have been achieved
such as those involved in modal sensitivities of vehicle floor panels, structural
optimization for vehicle comfort, vehicle fatigue life estimation, vehicle suspension
with active vibration control mechanism and condition monitoring and diagnostic
system for the vehicle engine. Another prominent application area for modal analysis
is in the study of vehicle noise. Modal analysis is used as a tool to understand
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structure-borne noise from vehicle components or airborne sound transmission into
vehicle cabins through door-like structures and the path noise takes to transmit in
vehicles. A more advanced application of modal analysis involves interior noise
reduction through structural optimization or redesign. As a whole, modal analysis has
been an effective technique for automotive engineering, in its quest to improve a
vehicle’s NVH.

The rapid development in the aecronautical and astronautical industries has challenged
many disciplines of engineering with diverse technological difficulties. The structural
dynamics of both aircraft and spacecraft structures have been a significant catalyst to
the development of modal analysis. Aircraft and spacecraft structures impose stringent
requirements on structural integrity and dynamic behaviour which are shadowed by
rigorous endeavours to reduce weight. The large dimension of spacecraft structures
also asserts new stimulus for structural analysts. Establishing an accurate mathematical
model is always a task for aircraft and spacecraft structures. Experimental modal
analysis has provided an indispensable means of verifying a mathematical model
derived from computer modelling. Modal testing has been reportedly carried out on
assorted structures ranging from a scaled down aircraft frame, a whole satellite to an
unmanned air vehicle. This asserts special significance in terms of damping properties,
nonlinearities and accurate force and response estimation — which computer modelling
alone often finds powerless to deal with. In fact, the majority of early publications in
the 1980s on updating finite element models using experimental data originated from
aeronautical industries. Large amplitudes of force and response experienced by aircraft
and spacecraft structures stretched the linearity assumption of modal theory to its
very limit. The necessity to enter the twilight zone of nonlinear dynamic behaviour
became real. The complexity and dimension of aircraft structures were also responsible
for rapid theoretical development of substructural coupling and synthesis. In some
multi-disciplinary topics such as fluid induced vibration and flutter analysis, modal
analysis has also been found to be a useful tool. Light and large-scale on-orbit space
structures impose a control problem for structural engineers. The research in this area
has led to notable advances in recent years on blending modal analysis and active
control of space structures.

Modal analysis has also found increasing acceptance in the civil engineers’ community
where structural analysis has always been a critical area. The concern of dynamic
behaviour of civil structures under seismic and wind loading warrants the application
of modal analysis. Civil structures are usually much larger than those mechanical and
aeronautical structures for which modal testing was originally developed. A large
number of applications are concerned with the prediction of responses of a civil
construction due to ambient vibration or external loadings. This response prediction
endeavour relies on an accurate mathematical model which can be derived by modal
analysis. Examples of such applications range from tall buildings, soil-structure
interaction to a dam-foundation system. The real life force inputs involved in civil
structures are earthquake waves, wind, ambient vibration, traffic load, etc. Recent
years have seen an upsurge of modal testing on bridges to complement traditional
visual bridge inspection and static testing. Modal testing has been used as an effective
non-destructive testing technique to locate promptly the presence of critical defects.
This can provide invaluable information for bridge maintenance and budgetary decision
making. Such modal testing can be done using either traffic loading, a shaker or
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impact input, depending on the span and size of the bridge. Bridge testing is strongly
related to the research of structural damage detection using modal test data.

Modal analysis has been successfully used outside traditional engineering fields.
A good example is acoustics and musical instruments. Acoustic modal analysis has
been used to analyse the dynamic characteristics of speaker cabinets. This analysis
provides crucial information in the design of new speakers with improved sound
quality. Experimental modal analysis has been used to study a number of musical
instruments such as violins and guitars. This experiment helps to decipher the mystery
behind the generations’ craftsmanship of instrument makers and provide manufacturers
of musical instruments with useful scientific data for improving product quality.
Moreover, it assists in establishing an effective procedure of scientifically evaluating
a musical instrument.

1.6 Historical development of modal analysis

The essential idea of modal analysis is to describe complex phenomena in structural
dynamics with simple constituents, i.e. natural vibration modes. This idea is very
much like atomism which attempts to find the most basic elements for varieties of
different substances, or the concept is of Fourier series which represents a complicated
waveform by a combination of simple sine and cosine waves. In this sense, the origin
of modal analysis may be traced way back in history. However, there are two landmarks
of such atomistic comprehension in the recent history of science which paved the
way for the birth of modal analysis. Newton, from his observation of the spectrum of
sunlight, confirmed its composition of colour components. Fourier, based on earlier
mathematical wisdom, claimed that an arbitrary periodic function with finite interval
can always be represented by a summation of simple harmonic functions. The Fourier
series and spectrum analysis laid a solid foundation for the development of modal
analysis.

Theoretical modal analysis can be closely identified with the wave equation which
describes the dynamics of a vibrating string. From the solution, we can determine its
natural frequencies, mode shapes and forced responses — constituents so accustomed
by today’s modal analysts. This stage of modal analysis, developed during the nineteenth
century, was largely dependent upon mathematics to solve partial differential equations
which describe different continuous dynamic structures. The elegance of the solution
is evident while the scope of solvable structures is limited.

The concept of discretization of an object and introduction of matrix analysis
brought about a climax in theoretical modal analysis early in the last century. Theory
was developed such that structural dynamic analysis of an arbitrary system can be
carried out when knowing its mass and stiffness distribution in matrix forms. However,
the theory could only be realized after computers became available. In that aspect,
theoretical (or analytical) modal analysis is very much numerical modal analysis.

The foundation of experimental modal analysis, a name contrived long after the
engineering practice it embodies, was laid early in the last century. The core of
experimental modal analysis is system identification. As a result, it was nourished by
the development in electrical engineering. The analogy of electric circuits and a
mechanical system enabled the application of some circuit analysis theory into the
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study of mechanical systems. This gave forth system identification, mechanical
impedance and sub-system analysis in structural dynamics.

The invention of the fast Fourier transform (FFT) algorithm by J.W. Cooly and
J.W. Tukey in 1965 finally paved the way for rapid and prevalent application of
experimental technique in structural dynamics. With FFT, frequency responses of a
structure can be computed from the measurement of given inputs and resultant responses.
The theory of modal analysis helps to establish the relationship between measured
FRFs and the modal data of the tested specimen. Efforts were focused on deriving
modal data from measured FRF data. The first, and perhaps the most significant,
method of experimental modal analysis was proposed by C.C. Kennedy and C.D.
Pancu in 1947 before FFT was conceived. Their method was largely forgotten until
FFT gave life to experimental modal analysis. Since then, numerous methods have
been proposed and many have been computerized, including those time domain
methods which are based on free vibration of a structure rather than its frequency
responses.

The experimental development also helped to advance the theory of modal analysis.
Traditional analytical modal analysis based on the proportional damping model was
expanded into the non-proportional damping model. The theory of complex vibration
modes was developed. Modal analysis evolves more in parallel with control theory.
Inverse structural dynamic problems such as force identification from measured
responses were actively pursued. Nonlinear dynamic characteristics were studied
experimentally.

Today, modal analysis has entered many fields of engineering and science.
Applications range from automotive engineering, aeronautical and astronautical
engineering to bioengineering, medicine and science. Numerical (finite element) and
experimental modal analysis have become two pillars in structural dynamics.
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Mathematics for modal
analysis

Modal analysis relies on mathematics to establish theoretical models for a dynamic
system and to analyse data in various forms. The mathematics involved is wide
ranging, partly because modal analysis involves both time domain and frequency
domain analysis. It deals with discretized dynamic systems and continuous structures.
The analytical and numerical study carried out extends to curve fitting, matrix
manipulation, statistical analysis, parameter identification and more. As a result,
necessary mathematical preparation is essential. Instead of leaving the reader to
obtain the knowledge every time when the needs arise, this chapter provides the
mathematics to be used in this book.

Matrix theory plays a pivotal role in modal analysis. This is because modal analysis
theory is largely based on the analysis of a multi-degree-of-freedom (MDoF) dynamic
system which relies essentially on matrix theory. The main matrix analyses involved
are the solution of linear equations, matrix inverse and eigenvalue problems. More
specific topics such as matrix derivatives are also used in modal analysis and its
applications.

The Fourier transform is fundamental to the signal processing in modal analysis.
It is customary to believe that the Fast Fourier Transform is the landmark for the
development of modal analysis technology. Without it, modal analysis would still
remain as an academic and analytical venture.

During its course of evolution, modal analysis has been nourished by modern
control theory. This is not surprising, as the subjects of control theory are systems
while modal analysis deals with dynamic systems. The common theme of system
identification enables modal analysis to adopt a number of useful techniques from
modern control theory. Among them are state—space theory, Laplace transform, time
series analysis and Hilbert transform.

Because the content in this chapter is meant to serve for the following chapters,
many conclusions are presented without rigorous mathematical proof. Interested readers
can find that from books or other publications.

2.1 Basic matrix concepts

Matrix theory is fundamental to the theory of modal analysis. In the following, some
basic concepts of matrix theory are refreshed.
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2.1.1 Trace of a matrix

The trace of a square matrix is a scalar function. For a matrix [4] of order n X n, its
trace is denoted as tr[4] and is given as:

(4= 2 a; 2.1)
The following relations for matrix trace can be verified easily.
tr([A] + [B]) = tr[A] + tr[B] (2.2)
tr ([A1[B]) = &r ([B][A]) (2.3)
tr([A]7) = tr[A] (2.4)
tr(c[A]) = c(tr [A]) (c is a constant) (2.5)

2.1.2 Determinant of a matrix
The determinant of a square matrix [4] of dimension n X n is denoted as |[4]|. It is
easy to show that
(41081 = |[4]1] |[B]] (2.6)
t41 = [t/ 2.7)

A minor [M]; of the element a;; in [4] is a determinant of the matrix formed by
deleting the ith row and jth column of [4].
The cofactor [C];; of the element a;; in [A] is defined by:

[Cl; = -D)'7[M]; (2.8)
(2 1 5 2 1 5
For example [4]1=14 2 1| [4]1=1|4 2 1
2 0 3 2 0 3

YT L) B L
(Ml =1 4| M =],

[CTax
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The order of determinant can be reduced by one by expanding any row or column in
terms of its cofactors. For [4] shown above, select the second column, then:
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Generally, for [4] of dimension n X n, select the rth column, then

(4] = 2 a;[CT (2.9)

A square matrix is said to have rank r if at least one of its r-square minors is different
from zero while every (r + 1) square minor, if any, is zero.

2.1.3 Norm of a matrix

When we deal with a vector or a matrix, it is sometimes desirable to have a measure
which quantifies their ‘magnitude’ in the similar way to the magnitudes of a real or
complex scalar value. It is obvious that the ‘magnitude’ of a vector or a matrix is
going to be very different from the magnitudes of any scalar quantities.

The technical name of the magnitude of a matrix [A4] is called the norm and is
denoted as ||[4]]|. The estimation of the norm of a matrix can be resembled from the
norm of a vector which is defined as a function that assigns to the vector a non-
negative real number. Typically, the p-norm of a vector {x} of dimension n X 1 is
defined as:

1
1 p
Il - (z |x,~|p) 2.10)
It can be seen readily from this definition that the following norms can be derived:
{xH = El |x|;  Sum of magnitude (2.11)
{xH], = J;le Euclidean norm (2.12)
Il{x}[|.. = max |x|; Maximum magnitude norm (2.13)

The norm of [A] can now be developed with the reference to vector norms.

LAYl = max Z‘i |a;| Maximum column sum (2.14)
<j<n 1=
A4l = max Eﬁ la;| Maximum row sum (2.15)

I[4]l. = +/Z £ a3  Euclidean (also called Frobenius) norm (2.16)
=1 j=1 Y

As an example, consider the matrix:
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then we have
I[A4][1c = 16, [[[4]]l,, = 17 and [[[4]]|, = 15

One application of matrix trace is to determine the Euclidean norm of a matrix. It is
easy to verify the following:

LAY, = N er([A1LA1") (2.17)

2.1.4 The rank of a matrix

A non-singular matrix is a square one whose determinant is not zero. The rank of a
matrix [4] is equal to the order of the largest non-singular submatrix of [4]. It follows
that a non-singular square matrix of n X n has a rank of n. Thus, a non-singular matrix
is also known as a full rank matrix. For a non-square [A4] of m X n, where m > n, full
rank means only n columns are independent.

There are many other ways to describe the rank of a matrix. In linear algebra, it is
possible to show that all these are effectively the same. For example, the rank of a
matrix can be said as the number of independent rows or columns the matrix has
(whichever is smaller). Alternatively, the rank is the number of non-zero rows (columns)
of the matrix after Gaussian elimination.

For an MDoF structural system, usually the mass matrix is a full rank matrix. The
stiffness matrix is the same if the system is not allowed to have rigid body motion. A
damping matrix that represents damping at a few isolated degrees of freedom (DoFs)
will have a sparse matrix that is not of full rank (known as rank deficient). If the
system does not have repeated eigenvalues, the mode shape matrix is a full rank
matrix.

The rank of a matrix product does not exceed the rank of any individual matrix.

2.1.5 Similarity of matrices

Two real matrices [A] and [B] are similar if there exists a non-singular matrix [P]
such that

[P]'[A4][P] = [B] (2.18)

It can be verified that similar matrices have the same eigenvalues.

2.2 Linear simultaneous equations

The solution of a set of linear simultaneous equations (hereafter called linear equations)
is the core of linear algebra. Many essential topics in linear algebra stem from this
solution. Examples include matrix inversion and some eigenvalue solution methods.
The solution is also one of the most important numerical endeavours for modal
analysis where many problems and applications can be formulated ultimately using
linear equations.

15
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The problem we face is a set of linear equations:

ap Xy + ajpp Xy +... A, X, = bl

ay X + Ay Xy +... ar, X, = b2
(2.19)

aAm1Xy + Ap2X) +... AunXn = bm

Here, there are n unknown (x, x5, . . ., X,,); m X n coefficients a; (1,2,...,n,1,2,
..., m)and m constants (b, by, . . ., b,,). The equations can be succinctly written in
matrix form as:

[A]mxn{x}nxl = {b}mxl (220)
where

agy [231) R a,

a a co. o dyy,
[4] = 21 2 2 2.21)

[ A2 oo Ay
]

(x} =472 (2.22)
.xn J
b ]

by

and {b} = (2.23)

»bm J
Depending on the numbers of rows and columns, and the condition of [4], there are
three possible solutions of the linear algebraic equations:

m =n  unique solution possible
m >n  optimized solution possible
m <n  non-unique solutions possible

The primary interest for modal analysis lies on the first solution, i.e. when m = n and
when the equations are linearly independent.

The Gaussian elimination method is the basic pattern of a large number of direct
methods for the solution. The basic idea of the Gaussian method is to eliminate the
number of unknowns to one so that the last unknown can be solved. Later, back
substitute the solved unknown to the remaining equations to solve another unknown.
The Gaussian elimination method is summarized below.

dV a0 [ [

(1) (1) 1) X, bél)

ay; ay s Aoy or [A]V{x} = {p}D (2.24)

ay @y a6
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Multiplying the first row of the augmented matrix by —
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il
20

()
(i=2,3,...,n)and

11
adding the resultant row to the ith row will convert all the elements (except element

a')) to zero. Thus,

(1) 1) 1)
ap ap, ceeay,
(2) (2)

0 ayy .o.ay,
0 s R

X1

X2

or [A]*Hx} = {p}®

(2.25)

Repeat the process until [A] becomes an upper triangular matrix:

[ (D (1) (€Y 0
ap ap ai; cee Apy
(2) (2) (2)

a5y as; ce.oay,

(3) (3)

as; c..oas,

ay) |

X1<

X2

X3

- l;fl) N

b

b

| b ]

or [A]"{x} = {b}"

(2.26)

Effectively, the elimination process is a series of elementary row operations. Step 1

is equivalent to the following matrix process:

[41® = [MN[A]Y and {p}® = [M];{b}")

1 0
O
% 1
O
11
where[M], =
)
_anl 0
(1
an

0

—My

—my

Likewise, Step 2 is equated to the following matrix process:
[A]® = [M],[4]®
and {5} = [M],{6}?

(2.27, 28)

0 0 ]

1 0

0 1]
(2.29)
(2.30)

2.31)
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where
1 0 0 0 o 0 0 0
0 1(2) 0 0 o 1 0 0
0o -2y 0
[M], = a? =l 0 -—-my I ... 0
2
ot
0 - 2@ o ... 1 0 -m, 0 ... 1
| 22 | - -

(2.32)

Therefore, the Gaussian elimination process to triangularize [4] (or [4]D) effectively
means to conduct the following matrix operations:

(2.33)

{ [A]") = [M],4[M], 5 ... [M],[A]D
{b}(n) = [M]n—l [M]n—2 ce [M]l{b}(l)

2.3 Matrix inversion

Matrix inversion is a common problem in engineering. For instance, in static finite
element analysis, the inverse of the stiffness matrix is needed in order to obtain
structural analysis results. Matrix inversion is used in modal analysis. The matrices
involved can be a non-singular real matrix, a complex square matrix or a singular
matrix.

2.3.1 Inverse of a non-singular real matrix

If the product of two non-singular matrices is the identity matrix, the two matrices are
said to be inverse to each other and both are invertible. If [4][B] = [/], then [4]! =
[B] and [B] ™' =[A4]. Inverse commutes on multiplication, which is not true for matrices
in general.

The inverse of [4] can be estimated by:

1 _[a]

[A4] E (2.34)
where [«] is the adjoint matrix of [4]. Each element in [«] is the cofactor of the same
element in [4]. However, unless [A4] is sparse, this method is numerically most
inefficient and therefore is only used for the inverse of a small matrix.

The problem of inverting a matrix is fundamentally the same as solving a set of
linear simultaneous equations. If the inverse of [A4] (denoted as [X]) is sought, then

[41[X] = [{] (2.35)

This is effectively to solve n sets of linear equations:
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41X}, = {e}; (=1,2,...,n) (2.36)

where {e};={0 0 ... 1
is one.

The Gaussian elimination algorithm used for solving linear equations can be employed
to invert a square matrix. Basically, the process is similar to a series of elementary
row operations. However, there is a difference this time. For each column, after
eliminating all the elements under the diagonal a;;, the elements above a;; are eliminated,
too. This is effectively to pre-multiply [4] with matrix:

. 0}7 consists of zero elements except the ith element

(k)

| f—al(ﬁ) 0
Ay
(M =| 0 ... = ... 0 2.37)
A ’
(k)
0 —a'g’;) |
L Ak ]

Therefore, the elimination method for matrix inversion means to perform a series of
row operations such that [A4] is converted to a unity matrix:

[M],[M], ... [MI,[M];[4] =[] (2.38)
The inverse of [A] can be easily derived as:
(4] = [M],[M], ...[M],[M], (2.39)

If a non-singular real matrix [4] is symmetric, it can be decomposed into a product
of two triangular matrices:

[4] = [U)'[U] (2.40)
where [U] is an upper triangular matrix. Therefore, it can be shown that
41" = qur'top = [or'qurh” (2.41)

This shows that by decomposing the symmetric matrix [4] into [U]'[U], we can
determine the inverse of [4] by merely inverting an upper-triangular matrix [U] that
can be estimated using equation (2.34).

2.3.2 Inverse of a square complex matrix

A square complex matrix [C] can be inverted using the inverse of a real matrix. The
idea is to transform the inverse into that of a real matrix with double-sized order. If:

[C]=[4] +/1B] (2.42)
and [CT" = [x] +j1Y] (2.43)
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then the multiplication of these two inverse pairs will yield:
[A][X] - [BI[Y] = [/] (2.44)
and [41[Y] + [B][X] = [0] (2.45)

Combining these two equations will lead to the solution of the real and imaginary
parts of the complex inverse in a real matrix inverse:

rp1-l
[(X]_[4 B[] .46
(Y] [B]  [4]  [0]

Alternatively, matrices [X] and [Y] can be determined directly from the definition of
matrix inverse. If [4] is non-singular, then it can be found that:

{ [X]= (4] + [BIA1'[BD"

[Y] = —[A] ' [BY[A] + [BILA] '[B]) " (247)
If [B] is non-singular, then it can be found that:
—p1-1 -1 -1
{ [X] = [B] '[4X(B] + [ALB] ' [4]) as)
[Y]= ~([B] + [A][B] '[A]) "

If both [4] and [B] are non-singular, then equations (2.47) and (2.48) should produce
the same results.

2.3.3 Pseudo inverse of a matrix

When a matrix is either non-square, or rank-deficient or both, normal inverse does
not apply anymore. It requires a pseudo inverse. The simplest case of pseudo inverse
occurs when solving a set of linear equations with a rectangular coefficient matrix
(m > n):

(AL 03 nxt = 1B} mx (2.49)

If the columns of [4] are independent, then the solution is easy to obtain. Pre-
multiplying the transpose of [4] on both sides of the equation leads to:

[4]TA]{x} = [4]"{b} (2.50)
Since [4]7[4] is invertible, the solution of the linear equations becomes:
{x} = ([41"14])'[4]" (b} (2.51)
Hence, the pseudo inverse of [4], denoted as [4]", is determined by:
[A]" = ([4]"[4]) '[4]" (2.52)

Likewise, the pseudo inverse of [4] of dimension m X n, where m < n, and rank m is
given as:

I VIR(ZI ZiO (2.53)
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2.4 Decomposition of a matrix

The theory of modal analysis sometimes requires a matrix to be decomposed. There
are several ways of decomposition which are used in the analysis.

2.4.1 LU decomposition

The LU decomposition is to decompose a square matrix into a product of lower
triangular matrix and an upper triangular one. This decomposition can be obtained
from Gaussian elimination for the solution of linear equations. It can be verified that
the inverse of [M]; in equation (2.29) takes a very simple form:

1 0 0 ... 0
my, 1 0 Ce 0
(MI;' =|myy O 1 ... 0 (2.54)
E T

Thus, from equation (2.33) we have:
(41D = [M]' (ML, (ML (4] (2.55)

Since the final outcome of Gaussian elimination is an upper triangular matrix [4]"
and the product of all [M];' matrices will yield a lower triangular matrix, the LU
decomposition is realized:

[4] = [LIIU] = (ML [MT;' .. [MT 141 (2.56)
[ 1 0 0 0 ]
myy 1 0 0
Here, [L] = [M]'[M]}' ... [M]}, = | m3  my, 1 . 0
B my mpy; my3 s 1 B
(2.57)
[al) a) a) o af) ]
0 ag) a%) - af,f
[U1=[41" =1 o0 ) (2.58)

0 0 0 ... a |
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The following example shows the process of using Gaussian elimination to solve the
linear equations to obtain the LU decomposition of [A4].

301 2 12
[41=11 2 3| =111
2 2 2
31 2 12 3 1 2 12 31 2 12
[Ap]=|1 2 3 11 |=>|0 73 73 7|=>|0 73 713 7
2 2 1 2 0 —4/3 —7/3 -6 0 0 -1 -2
1 0 0 1 0 0
where [M],=| -1/3 1 0] [M],=]|0 10
2/3 0 1 0 4/7 1

Back transformation yields the solution for the linear equations:

X1 3
X = 1
X3 2

Meanwhile, the following LU decomposition has been realized:

1 0 0 3 -1 2
[L]=[M]'[M)t =] 1/3 1 0| and [U]=|0 7/3 7/3
2/3  -4/7 1 0 0 -1

2.4.2 QR decomposition

OR decomposition of a square matrix [4] of dimension p X p and rank p yields:

[4] = [Q][R] (2.59)

Here, [Q] is a p X p orthogonal matrix with full rank and [R] is a p X p upper trian-
gular matrix with full rank.

If [4] is non-square and rank-deficient, QR decomposition still exists. Assume an
[4] of dimension p X ¢ and rank k. The QR decomposition appears to be the same
except this time [Q] is a p X k orthonormal column matrix and [R] is a k X ¢ upper
triangular matrix with rank £.
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2.4.3 Schur decomposition

Without imposing symmetry, full rank, or realness, a square matrix [4] of dimension
p X p can be decomposed using Schur decomposition. Mathematically, it can be
shown that [A] is similar to an upper-triangular matrix [7] whose diagonal elements
are the eigenvalues of [4]. Therefore,

[7] = [P1[4][P] (2.60)

Here, [P] is a square unitary matrix. [7] is known as the Schur form of [4] and the
following decomposition is Schur decomposition:

[4] = [PI[TI[PY" (2.61)

The matrices we deal with in modal analysis are often either real symmetric or
Hermitian. They are known as normal matrices such that:

[41714] = [4][4]" (2.62)

Schur decomposition of a normal matrix renders a diagonal matrix [7]. Since the
eigenvalues of a normal matrix are real, [7] will be a real matrix.

2.4.4 Spectrum decomposition

Spectrum decomposition of a matrix relies on its eigenvalue solution. We can start by
a real symmetric n X n matrix [4] with distinct eigenvalues 4. (r=1,2, ..., n). The
eigenvectors {@}, (r=1,2, ..., n) are all real vectors. It is possible to normalize the
eigenvectors such that they will be orthogonal to each other. Thus, an orthogonal
matrix [(] that consists of eigenvectors will be found and the following decomposition
of [4] is available:

(4] = [{@}1{@}2 - - - {@},] diag [AI{@}1{@}2 - - - (@}, = [®IA][@]

and [4] = X 2, {p}, {0}/ (2.63)
If [4] is an n X n Hermitian matrix, its eigenvalues A, (r =1, 2, . . ., n) are still real
quantities. The eigenvectors {u}, (r =1, 2, .. ., n) will form a unitary matrix [U].

Thus, the spectrum decomposition of a Hermitian matrix is as follows:

[4] = [UNANUT" = X 2, {u}, {u})! (2.64)
For a general complex n X n matrix [4], assume its unique eigenvalues are A, (r = 1,
2, ..., n). The independent eigenvectors of matrices [4] and [4]” are {u}, and {v},
(r=1,2,...,n)respectively. The spectrum decomposition of [4] can be derived as:

[4]= % 2, (), (0} (2.65)
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2.4.5 Submatrix decomposition

Submatrix decomposition of a matrix is useful in modal analysis to discover or utilize
structural connectivity of a dynamic system. The concept of submatrix approach can
be outlined using a 3 DoF mass—spring system shown in Figure 2.1.

m1J\/\/V‘-mz—’\/\/\/‘- mg

Ky ko ks

Figure 2.1 A 3 degree-of-freedom system

The stiffness matrix of the system can be decomposed using the stiffness values of
each of the three springs:

ky —ky 0
[Kl=| -k kt+ky —k |=[K]i +[K], +[K]; (2.66)
0 —k, k3
where three submatrices of the springs are:
1 -1 0]
[K]) = k| -1 1 0 (2.67)
| 0 0 0]
[0 0 0 ]
[K], =k,| O 1 -1 (2.68)
U 1]
0 0 0
[Kls =k |0 0 O (2.69)
0 0 1

The numerical advantage of submatrix decomposition is obvious. Since the physical
connectivity has been factored in, [K] is now determined by three stiffness values (4,
k> and k3) while the [K] without the connectivity information would be determined by
six non-zero elements.

2.4.6 Singular value decomposition (SVD)

Singular value decomposition (SVD) has found many applications in modal analysis.
For a real matrix [4] of dimension p X g, there exists a p X p orthogonal matrix [U],



Mathematics for modal analysis 25

a g X g orthogonal matrix [V'] and a p X g diagonal matrix [X] (possibly a diagonal
square matrix augmented with zero rows or columns), so that the following
decomposition holds:

[4] = [UI[Z][1]” (2.70a)

For example:

1 2 3 4 0.5969 0.8023 || 901 521 0 0 0
2 3 4 5 0.8023  —0.5969 0 0488 0 O

0.2405 —0.8013  0.5477 o 1"
03934 -03811 -0.7303  0.4082
0.5463  0.0392 -0.1826 —0.8165
0.6992  0.4585 03651  0.4082

Matrices [U] and [V] consist of the left and right singular vectors of [A] and the
diagonal elements of [X.] are its singular values. The SVD can be computed by using
some existing mathematical software. Analytically, it is useful to know (without
proof) the composition of the matrices that form the SVD. The eigenvectors of
[4][A]" constitute [U] and the eigenvalues of it constitute [X]” [2]. Likewise, the
eigenvectors of [4]7[4]) constitute [V'] and the eigenvalues of it (the same as the
eigenvalues of [4][4]7) constitute [2][X]7. Therefore, SVD is closely linked to the
eigenvalue solution.
If [4] of dimension p X ¢ is a complex matrix, then equation (2.70a) becomes:

[4] = (U211 (2.70b)

Here, both the left and right singular vectors [U] and [V] are unitary matrices. The
singular values in the diagonal matrix [Y] are still real. The eigenvectors of [4][4]"
constitute [U] and the eigenvalues of it constitute [X]7[X]. The eigenvectors of
[4]7[4] constitute [V'] and the eigenvalues of it (the same as the eigenvalues of
[4][A]") constitute [X][Z]”. This means that although [U] and [V] are complex, the
singular values of a complex matrix still remain as real quantities.

SVD reveals useful information about [4]. For instance, the number of non-zero
singular values (therefore the rank of [X]) coincides with the rank of [4]. Once the
rank is known, the first £ columns of [U] form an orthogonal basis for the column
space of [4].

In numerical analysis, zero singular values can become small quantities due to
numerical errors, measurement errors, noise and ill-conditioning of the matrix.

2.4.7 Eigenvalue decomposition

For a square matrix [4] of dimension n X n, assume its eigenvalues are A, and
corresponding eigenvector {¢},, (r = 1, 2, . . ., n). Also, assume the eigenvector
family consists of independent vectors. The eigenvalue matrix and eigenvector matrix
can be formed as:
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[Al=diag [, 4, . . . 4,] (2.71)

and Y1 =[{0}1 {0} ... {0}.] (2.72)
The eigenvalue decomposition pronounces that:

[4] = [PIAINYT (2.73)

regardless how each eigenvector is scaled. Equation (2.73) also reveals that the
square matrix [A4] is similar to a diagonal matrix. Thus, [4] can be converted into a
diagonal matrix:

[A] = [T '[4][¥] (2.74)

2.4.8 Cholesky decomposition

This decomposition only applies to a symmetric and positive definite matrix. The
mass and stiffness matrices of a dynamic system are usually of this type. If [4] of
dimension #n X n is such a matrix, then from its LU decomposition we have:

[L1[u] = (U1’ (2.75)
and L1 = '’ (2.76)

Since matrices [U][L] " and [L]'[U]” are upper triangular and lower triangular matrices,
equation (2.76) shows that both should actually be a diagonal matrix (denoted as [D]
for convenience). This leads to:

[4] = [LI[DI[L]" = (ILI[D1"*)(LI[D1"A" = [L]1[L]" (2.77)

2.5 The matrix eigenvalue problem

The eigenvalue problem is a commonly encountered problem in engineering but it is
particularly important in modal analysis. The solution of an eigenvalue problem
bears important physical meanings to a dynamic system. Let us consider the standard
(and the simplest) eigenvalue problem first. An n X n real matrix [4] with full rank is
said to have eigenvalues A, and corresponding non-zero eigenvectors {@}, (r=1, 2,
..., n)if:

(4] = Al11{ ¢}, = {0} (2.78)
or [A1{p}, = A10}, (2.79)

Clearly, any multiples of {¢}, will also satisfy these equations and thus are a valid
replacement of { ¢},.
From linear algebra, it is known that equation (2.78) holds only if:
ap — )’1 apn e ap,
aj dyy — /12 e ajs,

I[4] - A.[1]] = =0 (2.80)

a, a,n R
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This determinant can be expanded, forming an nth order polynomial for A. The roots
of this polynomial are the eigenvalues of [4]. Therefore, if equation (2.80) holds,
then [A] should always have n (not necessarily distinct or non-zero) eigenvalues. For
each eigenvalue, a corresponding eigenvector {¢}, can be derived from equation
(2.78). Therefore, [A4] has n eigenvectors.

If [4] is the system matrix of an MDoF undamped structural system ([M] '[K]),
then the square roots of the eigenvalues are the natural frequencies and the eigenvectors
are known to represent the mode shapes of the system. Zero eigenvalues indicate
rigid body vibration modes for a system not physically grounded. Repeated eigenvalues
signify identical mode shapes — a phenomenon usually occurs for a physically
symmetrical structure.

If we add a term 7{ ¢} (where 7 is a real constant) to both sides of equation (2.79),
we will have:

([4] + 7lIDie} = (A + D{g} (2.81)

This means that the eigenvalues of [4] are changed or shifted by a constant 7, if
adding to [4] the t[/]. The eigenvectors are unchanged. The shifting process is an
important feature of some algorithms for computing eigensolutions.

Eigenvalue solution is rarely done by solving the roots of the nth order polynomial
in equation (2.80) since it is a horrific numerical task that usually does not result in
accurate answers. Using Gaussian elimination can change [A] into a triangular matrix
but such row operations do not result in similar matrices and therefore eigenvalues
would have changed. The LR and QR methods preserve matrix similarity and are
perhaps the best methods currently used for eigensolutions.

The LR algorithm requires that [4] be decomposed first as a product of lower- and
upper-triangular matrices [L] and [R] (the same as the LU decomposition). Then, a
new matrix is created by exchanging the two triangular matrices to form [R][L]. The
decomposition is again performed on [R][L]. The repetition of this process will
eventually lead to a product of a unit matrix and an upper-triangular matrix whose
diagonal elements are the eigenvalues of the original [4]. It is known that every
operation brings about a similar matrix. Therefore, the product has the same eigenvalues
of [4]. The algorithm is:

[A] = [4]; = [LT:[R],
[4]> = [Rh[L], = [L]o[R], (2.82)

[Alir1 = [RIWLYk = [LTin1[R]ien

After sufficient iterations, [L],, approaches a unit matrix and [R],, an upper-triangular
matrix. Therefore, [R],, contains in its diagonal the eigenvalues of [4]. This is because
[4]; in the LR algorithm is similar to [4];_;. Thus their eigenvalues are the same. For
example,

[41= [RL[L] = [LL'[LLIRL LY = [L]'[ALIL], (2.83)

The LR method is noticeably simple to implement. When eigenvalues are not well
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separated, the triangular decomposition of [4] becomes numerically difficult. This
leads to a modification of the LR method by placing the lower triangular matrix [L]
with an orthogonal matrix [Q]. It is known in linear algebra that a non-singular
matrix can always be decomposed into an orthogonal matrix and an upper-triangular
matrix. With similar operation to the LR algorithm, the QR method will result in an
upper-triangular matrix [R] that has the same eigenvalues as [A4].

The problem of finding the eigenvectors is simpler than finding eigenvalues. This
is solved by the substitution of each eigenvalue found in equation (2.78) to determine
the non-trivial solutions of vector {¢},.

For an MDoF undamped structural system with mass matrix [M] and stiffness
matrix [K], the eigenvalue problem derived from the differential equations is as
follows:

[Kl{g} = AIM]{ ¢} (2.84)

This is known as a generalized eigenvalue problem. Since [M] is usually positive
definite, it can be decomposed using square root decomposition as [M] = [L][L].
Equation (2.84) will then be recast into:

(LT 'KILT DALY {9}) = A(LT{9}) (2.85)

Now, the generalized eigenvalue problem for [A/] and [K] becomes a standard eigenvalue
problem for ([L]'[K][L] D).

A more complicated eigenvalue problem than that presented in equation (2.78) is
called a higher order eigenvalue problem. In this case, the eigenvalues A and eigenvectors
{6} are associated with a series matrices such that:

A[A],1 6} + Ap’l[A]p,l{Q} + ...+ A[4]{6} + [{]{6} = {0} (2.86)

Here, p is an integer. The solution of this eigenvalue problem is aided by the concept
of state space transformation. Assume that:

{0} = (O} (2.87)
where {®} is a constant vector and A is the eigenvalue. The rth derivative of the

eigenvector {0} takes a simple form:

I (g} = (6} = A" {0} (2.88)
at’

If we define a state space vector:
Iy =6y " (g1 .. {6y} (2.89)

then equation (2.86) will become:
([A1p[A] - - [T + (0] [0] . . . DV} = {0} (2.90)

Using the state space concept, this equation can be appended by a number of equalities
to form the following eigenvalue equation:
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[4]; |

'}

{Vy =1{0} (2.91)

-[71  [0] ]

This is a standard eigenvalue problem. The eigenvalues A solved from this equation
will be that for the series ([4], [4],-1 . . . [4])). The eigenvectors {6} can be derived

from the solution of vector {V}.

2.6 Derivatives of matrices

Let [4] be an m X n matrix and each elementa;(i =1,2,...mandj=1,2,...n)
be a function of time ¢. Then the derivative of [4] with respect to time is defined as:

dClll
dt

da21

S|

da,
dt

dalz
dt

dCl22
dt

das
dt

dal,,
dt

dazn
dr (2.92)

da,
dt

Thus, the following elementary operations can be easily deducted:

d((4]1 £ [B]) _ d[4] | d[B]
dt STd T ar (2.93)
d([A]B]) _ d[A4] d[B]
ar == [B] +[4] 7 (2.94)
In particular,
d([AA1") _di4] - .- dial 1] _
= S A = = (0] (2.95)

Therefore, the derivative of the inverse of a matrix can be expressed as:
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1
AU~ AL g (296)

The derivative of a matrix product in equation (2.94) can be generalized for a product
of more than two matrices. It is important to keep the original order of the matrices
in the derivative. For instance,

d(AIB]...[Z]) _ d[4]

d
) lpy... 121+ 2]

21+ HANB L =
(2.97)

The derivative of the power of a matrix is a special case for equation (2.97). For
example, the derivative of a matrix power is:

d[A]
cdr

Sometimes the derivative of a matrix with respect to a variable other than time is
required. For instance, the matrix derivative with respect to an element within a
matrix. Nevertheless, this element can be a function of time. Several such derivatives
useful in vibration and modal analysis are described below.

d[B]

(A==

d[A) _ d[4]
7 7[1‘1]2 + [4]

ﬂ

[4] + [4]? (2.98)

2.6.1 Derivatives of a bilinear form

The derivative of a bilinear form is used in modal analysis. In linear algebra, a
bilinear form is given as:

= (' [4){x} (2.99)

where {y} and {x} are an n X 1 and m X 1 vector respectively and [4] is an n X m
constant matrix. Assume the elements in vectors {x} and {y} are functions of time,
then,

d
dfl {1 0...0} [4]{x} (2.100)

It is evident from (2.100) that

Iy, B dp dp ap T_ 2101
=[A}x} and {ayl o .ayn} = {x}T[4]" (2.101)

Likewise,
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T
9x; | =43} and {ap 9 a"} — VAT (2.102)

x; 0x; " 9x,,

If the bilinear form in (2.99) becomes a quadratic form, i.e. {y}={x}, and [4] becomes
symmetric, then the derivative given in (2.101) and (2.102) takes a simpler form as:

Cop
ox,
9P r

9x; | =2[4}(x} and {ap o ap} =2(x}7[4]  (2.103)

Eaxz o axm

dp
| ox,, |

The derivative of this bilinear form with respect to time becomes:

d({x)7 [4](x) dix}

i =2{x}7 (4] (2.104)

2.6.2 Derivatives of matrix traces

For an n X m [Y] and an m X m [X], the following derivative exists:
A(r([YIXIY]")) _ )
d[Y]
For an n x m [Y] and an n X m [X], the following derivative exists:
I(er([YIX1")
d[Y]
For the derivative of the trace of [4] with respect to a variable z, we have:

Al 3[A]
0z - oz

[YILX L (2.105)

= [ XTim (2.106)

(2.107)

2.7 Perturbation

For a variable x, its perturbation can be denoted as ex. Here, € is a constant scalar
quantity much less than unity and is known as the perturbation factor. Perturbation

31
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theory aims to study the behaviour of a system subjected to small perturbations
without having to resolve the problem with new variable x + &x. In fact, the theory
deals with the deviation of the solution when a variable (or more) perturbs.

As an example, if the system is represented by a set of linear equations in the form
of [A]{x} = {b}, then the theory is to determine the solution of the equations when
[4] and {b} become [4] + €[A4]; and {b} + €{b}, respectively. The exact solution of
the new system is given in:

(4] + eld]){x}new = {0} + (b}, (2.108)

Perturbation theory assumes that the new solution can be expressed as a convergent
series of factor € Thus, we have:

(X pew = (X} + {x} + E{x}, + . .. (2.109)

By substituting equation (2.109) into (2.108) and clustering like terms, we have the
following solutions:

[ {x}h = (AT (4] {x) - {bh)
(x}, = (A1 [A]{x}

{x}pn = —[A]'[A]i{x}, (2.110)

Since we have already had the solution for {x} and, therefore, the inverse [4] !, the
solution provided in equation (2.110) is much simpler and economical than solving
equation (2.108) to find {x},cy-

The same solution can be applied to an eigenvalue problem. The eigenvalue problem
of [A4] is defined as:

[A1{X} = M{X} (2.111a)
and (V41" = M1y T (2.111b)

Here, {X} is the right eigenvector and {Y} is the left eigenvector. With matrix
perturbation, this problem becomes:

([A] + e[4])HX} = 2{X} (2.112)

The eigenvalue solution can be expressed as:
A=A+el® + 2@ + (2.113)
(X} = (X} + e{X}O +2{x}® + ... (2.114)

Substituting these two equations into equation (2.112) and clustering the like terms,
we find the solutions below:

A0 =V} AL (X, (2.115)
_ & (4L G,
and X =z W{X}k (2.116)

k#r
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Thus, if [4] is perturbed by £[4],, we can expect that the eigenvalues and eigenvectors
be perturbed by the amount defined in equations (2.115) and (2.116).

2.8 The least-squares method

The least-squares method is behind many numerical and analytical investigation of
modal analysis. Assume a variable y forms a linear relationship with » independent
variables x; (i = 1, 2, ..., n) so that:

y = {a}"{x} (2.117)
where {a} ={aj, ar, . ..,a,}" and {x}={x;, X ..., x,}0

{a} is a constant vector while {x} is a time-dependent variable vector. For m different
observations, equation (2.117) can be used m times to form a matrix equation:

v} = [Xla} where [X]=[{x(1)}, (x(2)}, ..., (x(m)}]"  (2.118)

If the number of samples m exceeds the number of variables in {x}, then there is a
need to determine a set of constants in {a} such that the total squares of errors
between the predicted values and observations will be the least. The error vector
between the predicted and the observations can be defined as:

{e} = {v} - [XNHa} (2.119)

It includes measurement or modelling errors. The total error is:

E={e}'{e} = )T} — {a} X"} - 01X e} + {a}T[X]T [X]{a} (2.120)
To minimize E, take its derivative with respect to vector {a} and assign it to zero.

oE

ey~ 20XV )+ 2AXV [XTia} = 0 (2.121)

This leads to the estimation of the vector
{ay = (X1 [XD ' [X]"{»} (2.122)

This estimate is the least-squares estimation for {a}.

This least-squares method can be expanded. When we know that errors from
different measurement locations are of different extents, it is possible to weight
errors in the least-squares analysis in order to optimize the outcome. This will lead
to a ‘weighted least-squares’ method. Assume the known weighting matrix is [].
The total error becomes:

E = {&}/[Wl{e} = (I} — [XHa) Ty} - [(X]{a}) (2.123)

By taking the derivative of E with respective to {a} and equating it to zero, the
solution of the weighted least-squares method yields:

{a} = (" IIXD ™ (X0} (2.124)
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2.9 Partial fraction expansion

When a ratio of two polynomials f(s) and g(s), where s is the Laplace operator (see
next section) and the order of g(s) is greater than that of f(s), is expressed as a sum
of two or more simpler ratios, the ratio is said to be resolved into partial fractions.
To illustrate the principle of the expansion, assume we are dealing with polynomials
with real coefficients only. For example, let:

f(s) _ bos” +bis" ' + ...+ b, s+b,

g(s) s"+ais" M+ +a,s+a,
bos™ + bys™ ' + ...+ b, s +b,
= 5 5 . (n>m) (2.125)
(s +5.)(s +5,)P(s* +as+b)s* +es+d)
Then the partial fraction expansion will be of the form:
SGs) _ A4 By n By + o+ B, " Cis + D
gls) (s+s1) (sts) (s+s,)° (s+s5,)" s>+as+b
+ + E;s t F
Bt h | Eas*h 4 TN (2.126)
s tes+d (s°test+d) (s +es+d)?
where Ay; By, . .. By; Cy, Dy; Ey, Fy, . .. E,, F, are constants whose values are to be

determined.

Two methods can be used to determine these constants. Method 1 is based on the
fact that equations (2.125) and (2.126) are identical. Hence, by giving suitable values
to s or by equating coefficients of like terms, the constants may be determined.
Method 2 is concerned with calculating the residue of each factor and in many cases
is less complicated than method 1. A combination of the two approaches can be
employed.

We can use an example to show how both methods work in expanding partial
fractions. For method 1, we have:

2
(s°+2s-35) _ 4, B ., C . D

s(s+)(s+52 s s+l s+5 (5+5)32

_A(s+1)(s+ 5)3 + Bs(s + 5)>+ Cs(s +1)(s+5)> + Ds(s +1)
s(s + 1)(s +5)?

This leads to the following identity equality:
2425 —5=A(s + 1)(s+ 5)> + Bs(s + 5)> + Cs(s + 1)(s + 5)* + Ds(s + 1)

Equating the like terms, all unknown coefficients can be found.
For method 2, examine the following example:

fGs) _ J(s)

8(8) (s +s)(s+sy)(s +53)F

then the partial fraction expansion will be:
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AG)) __4 . B . G Ci

+ ...
(s+s)(stsa)(s+s3)f sts s+s st (s +s3)*

where constants 4, B, Cy, . . . Cy are called residues. They can be conveniently found
by the following operations:

/() ,
(s +s)(s +s)(s +53) (5 + 5=
/() ,
- (s +5)(s + 5)(s + 57)F (s +52)=s
_ £(5) .
Ck (s +s)(s+5)(s +53)" (s +53) sy
Ck71 - : f(S) (s + S3)k|s:—s3

ds (s +5,)(s + 55)(s + 53)F

If complex numbers are to be used, then polynomials such as s> + c¢s + d can be
factorized further to be in (s + x + jy)(s + x — jy) form. Thus, polynomial g(s) will
become a product of first order polynomials only.

2.10 Laplace transform and transfer function

In modal analysis, we are concerned with differential equations that inherit physical
meanings. There is a systematic technique for finding the solutions of differential
equations. This technique is called the Laplace transform. For a time domain function
A1), the transform is defined and denoted by:

F(s) = 7 (f() = lim _[: f()e™*" dt (2.127)

In the context of vibration and modal analysis, this limit exists. The Laplace transform
is a function of s that is called the Laplace variable. In fact, the integration constitutes
a transformation from the time domain signal f(¢) to the s domain.
For example,
n
Sle®y=Tim | e e dr=—1
n—e Jo s+ta

(2.128)

The actual Laplace transform is often done using the Laplace transform table. Therefore,
there is no need to be stringently fluent with finding the Laplace transform of a time
domain function. However, some properties of the Laplace transform are useful in
modal analysis. If #{f(#)} = F(s), then the following properties exist:

(1) Linearity £ (c1f1(t) + c2f5(0)) = ¢\ Fi(s) + coF'5(s)
(2) Shifting  £(e“f(t)) = F(s — a)

35
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::l»—

(3) Scale Z(f(at)) =

(%)
(4) Derivatives

7 (%) =sF(s) — F(0), ¥ (%J = s2F(s) — sF(0) — %

(5) Integrals (J. f(h) dh) F(S)

s+ 1

For example, if _{,/)(COS Zt) = m

5 § i then ¥ (e’ cos 2t) =
The inverse Laplace transform is defined as:
f(t)=7"1F(s)) = 1i_r>n J F(s)e'ds
== Jdo
(1) Shifting L™(F(s — a)) = " f{t)

(2) Scale L' (F(as)) = L f(%)

(3) Derivatives L (%) =(=D"t" (1)

(4) Integrals LI(J. f(h) dh) = @
0
For example, L' —3 tl g st =e ' cos2t.
s?+2s+5 (s+1)> +4

An important use of Laplace transform in modal analysis is to convert a differential
equation into an algebraic equation. For a SDoF system as shown in Figure 2.2:

—x(1) B

P(t) m
—]
O _0O ¢

Figure 2.2 A SDoF system

The equation of motion can be written as:

mx(t) + cx(t) + kx(t) = P(t) (2.129)
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Assuming all initial conditions are zero, we can apply the Laplace transform on the
equation, yielding an algebraic equation:

ms*X(s) + csX(s) + kX(s) = P(s) (2.130)
The response of the system becomes:
1
X(s)=——P
) ms? +cs + k

The transfer function of the system, which defines the relationship between the force
input and response in displacement, can be found as:

X(s) _ 1
P(s) ms®>+ces+k

(s) (2.131)

G(s) =

(2.132)

This transfer function becomes the frequency response function when only the imaginary
part of the s operator is considered:

X(jo) _ 1

Glje) = P(jo) —mw?+cjo+k

(2.133)

This is the same result one would get by solving the equation of motion as a differential
equation. The Laplace transform can also be applied to differential equations for an
MDoF system.

2.11 Fourier series and Fourier transform

Fourier series is an ingenious representation of a periodic function. For a periodic
time domain function x(f) with period 7, we have:

x(¢) = x(t + nT) (2.134)
Mathematically, it can be shown that x(¢) consists of a number of sinusoids with
frequencies multiple to a fundamental frequency. This fundamental frequency f is

dictated by the period such that f= % The contribution to x(¢) by a sinusoid with
Jj2mkt

frequency f;is X(f;)e T .The amplitude of the kth sinusoid can be determined by:

—j2mkt

T
X(fk)=%J2T x(te T dt (2.135)
2

This component is usually a complex quantity with its amplitude and phase. The term
—j2nmkt
e T represents a unit vector rotating at a frequency of f%. This integral shows

that the component in signal x(¢) that has frequency as kf = % will be ‘frozen’ at the

rotating frequency of the unit vector, thus posing a non-zero value after the integration.
Those other components will become zero after the integration over the whole period.
A periodic signal consists of the summation of the components at all frequencies:
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oo j2mkt oo 1 g —j2 mkt j2mkt
x0= 5% xtpe T = E 15[ xwe T e T @use

=
2

Each frequency component X(f;) is a complex quantity. However, x(¢) is a real
quantity. This is because X(f;) and X(—f;) are a pair of complex conjugates. The
product of these two is the power the signal has at frequency f}:

Py(fi) = X(fX(1i) = X(F)X*(fi) (2.137)

Summation of the power at different frequencies will produce the total power of the
signal. Each power component will have amplitude information only. The phase
information vanishes.

When the period approaches infinity, x(f) becomes a non-periodic signal. The
Fourier series defined in equation (2.135) becomes the Fourier transform:

X(f) - j x(t)e 2y (2.138)

If we separate the real and imaginary parts of X(f), we have:

oo

Xee (f) = f x(t) cos 27 ft dt le(f):J x(t)sin2zfrde  (2.139, 140)

—oo

The inverse Fourier transform returns X(f) to time domain:

x(1) = J._m X(f)e> " df (2.141)

2.12 Variable separation method for partial
differential equations

The variable separation method is a very useful method for dealing with differential
equations of continuous vibratory structures such as beams, plates and strings. The
method can be described conveniently by using an example of a vibrating beam.
Consider the dynamic diagram of a small section of a beam under load f(x, ?), as
shown in Figure 2.3. The element endures shear force O and bending moment M.

X
’V’< 4P P >
aQ

dx Q+de

Figure 2.3 A small element of the beam and its dynamic diagram
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The equation of motion at the ‘y’ direction can be derived using Newton’s second
law as:

0- (Q + aa—gdx) +f(x,t)dx= dpr(x)% (2.142)

or A() aQ =f(x,1) (2.143)

Here, p is the density of the material and A(x) the cross-section. Likewise, the equation
of motion for moments about the ‘y” axis passing through point P’ can be derived as:

oM _
2.144
s ( )
Therefore, we have the following equation for the beam section:
A’y *M
pA(x)a—zy + ) 1) (2.145)

From the elementary bending theory of a beam, we know that the relationship between
bending moment and deflection can be expressed as:

2
M= E1(x)§x—f (2.146)

Here, E is Young’s modulus and /(x) the second moment of area of the beam cross-
section about the y axis. This leads to:

2y, o 2
pA() S a‘i g (El(x)ax—J;J — f(x, 1) (2.147)

For a uniform beam with no external forces, this equation reduces to:

2 82 (82 )+ azy _ 2 _ EI

ol ) e Y (2.148)

The free vibration solution of the beam can be found from equation (2.148) by using
the variable separation method. The essence of the method is to assume that the
solution of the differential equation, which is a function of both spatial variable x and
time variable 7, can be separated into a product of a spatial function and time function
only:

y(x, t) = Y(x)T(¢) (2.149)

This separation, when introduced into equation (2.148), leads to:
2 d'Y(x) _
Y(x)  dx?

1 d’T() _
T(t) dt?

(2.150)

(2.151)
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These equations can be written as:

d*Y(x) 3 _w? _ plde?
It - BY(x)=0 (/34 =7 T E ) (2.152)
d;;(’) + @2T() =0 (2.153)

Thus, equation (2.148) as a partial differential equation is now converted into two
normal differential equations with spatial and time functions separated into one equation
each. The solution of equation (2.152) will reveal the mode shape of the continuous
structure and the solution of equation (2.153) provides the physical animation of the
mode shape in the time domain.

2.13 Poles and zeros of a polynomial function

Poles and zeros of a polynomial function dictate its behaviour. For a dynamic system,
the function is most often the frequency response function (with frequency  as the
variable) or the transfer function (with Laplace operator s as the variable). Poles of
a frequency response function are the frequency roots of the denominator — the
natural frequencies. Zeros are those frequency roots of the numerator that signify the
presence of a nodal point for the system.

If a frequency response function can be written as the ratio of two polynomials:

N(w)
D(w)

then the roots of N(w) are the zeros of H(w) and the roots of D(w) are the poles of
H(w). Analytically it can be shown that the poles of the FRFs of a dynamic system
are identical while the zeros from different FRFs of the same dynamic system are
different.

If H(w) is expressed as:

H(w) = (2.154)

N (o) 4 N, (@)
D(w)  D(w)

then the roots of neither N;(®) nor N,(w) are the zeros for H(®). Only N(w) + N,(w)
gives the zeros.

H(w) = (2.155)

2.14 State-space concept

A state—space model is a different representation of the input—output relationship
compared to the transfer or frequency response function approach. This model was
developed in the 1960s to satisfy increasingly stringent requirements to study large-
scale dynamic systems with computers. The model was based on the concept of state
which had been in existence in the field of classical dynamics but had not been used
in the same way for the state—space model.
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The state of a dynamic system is the smallest set of variables (state variables)
which, together with the future inputs to the system, can determine the dynamic
behaviour of the system. In analytical terms, this means that the state at time ¢ is
uniquely determined by the state at time #, and the inputs for 7 > #,. It is independent
of the state and inputs before #,. If we choose the reference time ¢, to be zero, this
means that a linear time-variable dynamic system is causal.

There are advantages of using a state—space model for studying a dynamic system.
This model is able to represent the internal characteristics (this will be made clear in
the following). It formulates equations of simplicity in a form which is not suitable
for computation. In addition, it is often easier to optimize a dynamic system using
this model.

It is convenient to use a simple SDoF system to illustrate the establishment of the
state—space model for a dynamic system. The SDoF system is governed by:

my +cy + ky = f(1) (2.156)
or my = f(t) — cy — ky (2.157)

Using the Laplace transform and ignoring initial conditions, the transfer function of
the system can be derived as:

Y(s) _ 1

G(s) = F(s) ms®+ecs+k

(2.158)

This is the classical representation of the dynamic system. However, by selecting two
new variables as: x{(f) = y(f) and x,(¢f) = x, (¢), equation (2.157) becomes:

(1) = Lf() = Lxy(1) — Ly (1) (2.159)

Then, the following equations, which use only the first derivatives, can be used to
represent the dynamics of the system. They are called the state equations:

x (1) 0 1 xp (1) 0
[ ) ]: k. c [ ]+ 1 /() (2.160)
X, (1) p m x5 (1) m

W= 01[ a0 }
a(® (2.161)

This example has shown the steps of establishing the state—space model for a dynamic
system. The model is described using the state—space equations. These equations
comprise state variables. For a multi-input and multi-output system we can define n
state variables x;(?), x5(?), . . . , x,(¢) such that each variable is the integrator of the one
after it in the time domain. In addition, assume the system has » inputs as u(?), u(?),

., u(?) and p outputs as y,(?), y»(?), . . ., y,(¢). We can derive the following state—
space equations:

{x(0)} = [AKx(0)} + [BKu()} (2.162)
(@} = [CHx(} + [DHu(®)} (2.163)
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Here, {x(#)} is the n X 1 state vector; [A] is the n X n system matrix; [B] is the n X r
input matrix; {u(f)} is the r X 1 input vector; {y(#)} is the p x 1 output vector; [C] is
the p X n output matrix; [D] is the p X r coupling matrix between inputs and outputs.

Equation (2.162) is known as the system (or state) equation while equation (2.163)
as the output equation. The system equation only contains the first order derivative
and the output equation has no derivatives. A real life dynamic system such as a
vibratory structure usually has insignificant or no coupling between the inputs and
outputs. Thus, [D] is null. For a single input case, [B] is reduced to a column vector.
For a single output case (this can be for a multi-output system but only one particular
output is of interest), [C] is reduced to a row vector.

The state—space model can also be derived from the transfer function of a system
rather than from its differential equations, as done before. This needs a tool called a
simulation diagram (Figure 2.4). The basic element of this diagram is the integrator
which represents the time and frequency domains respectively as:

§0) = [ xtoydr (2.164)
Y(s) =1 x(5) (2.165)
x(t) J’ ny LOIN I IR XéS) s 333)
X(s) Y(s)
yit) L )
—>] S s —————

Figure 2.4 Simulation diagram

For the SDoF system, the differential equation can be recast as:

sy = By K 1
W) = = gp(0) = (1) + 52/(1) (2.166)
The transfer function can be written as:
G(s) = (2.167)
1+ £s71 + Ks’z
M M

The simulation diagram in Figure 2.5 represents this transfer function.
The transfer function can be derived from the state—space equations. For a system
with the following state—space equations:
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&, 1 m 51 & yit)
M
N
B
M
K
M

Figure 2.5 Simulation diagram representing the transfer function in equation (2.167)

{ {x} = [4Nx} + [BRu} 2.168)
(v} =[Clix}
the Laplace transform (ignoring initial conditions) reveals:
s{X(9)} = [A{X(s)} + [B{U(s)} (2.169)
or {X(s)} = (s[7] - [4])'[BI{U(s)} (2.170)
Since {¥(s)} = [C]{X(s)}, the equation becomes:
{Y(s)} = [CI(s[] — [4]) ' [BI{U(s)} (2.171)
This leads to the following expression for the transfer function:
{G(s)} = [C)(s[1] - [4])'[B] (2.172)
For a single input—single output
G(s) = [C)(s[1] - [4])'[B] (2.173)

The eigenvalues of [A4] are the poles of G(s).

2.15 Time series analysis

Time series analysis is an alternative to spectral analysis. For some vibration studies,
spectral analysis may be impaired by the short time record of the data or by the
energy leakage caused by windowing. Time series analysis establishes a mathematical
model from the measured time domain data based on the finite difference concept. It
is not restricted by a short data record. A number of mathematical models can be
established from time series data. We shall start the introduction from the linear
regression model of measured data.

A linear regression model of two groups of measured data reveals the correlation
between them. Assume for a dynamic system, the observation of the input are a set
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of independent measurements x; and the output another set of independent and random
measurements y; (i =1, 2, ..., N). The simplest linear regression model between the
input and output of the system can be described mathematically as a linear relation:

vi=Bot Bixit g (2.174)

Here, the residue g(i = 1, 2, . . ., N) deserves special attention. First, they are
independent of each other. Second, it is independent of variable x;. Third, it is assumed
to be a random variable normally distributed. Equation (2.174) shows that the random
output of the system y; consists of two parts: the deterministic part as ;x; and the
random part as &. When ¢ becomes zero, we see the familiar linear relation between
the two sets of data. The least square solution for parameters is:

N
[3 B Zi(yi - y)(x; —X)

1= N (2.175)
;1 (x; =X)
Bo=y - Bix (2.176)
The model described in equation (2.174) can be extended if the single variable x;
becomes multi-variables (xy;, X5, . . . , X,5):
Vi=PBot Bixiut Boxy+. ..+ Bx, t& (2.177)

The output y; also consists of two parts: the deterministic part as Bx;; + Boxy; + . . .
+ B.x,; and the random part as &. When & becomes zero, the least squares solution
for the parameters is:

By = (X1 XD XY} (2.178)
where
1
{ry = . , (2.179)
YN
1 X11 X21 Xr1
1 X12 X2 .. X,
[X]= , (2.180)
1 XN XN cee Xy

=97 (2.181)
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2.15.1 AR model

The linear regression model presented in equation (2.174) was for the correlation
between two sets of time series data. Let us now consider a random process quantified

by a smooth time series x; (i = 1, 2, . . ., N) only and use the equation for the
correlation of the data in the series, then equation (2.174) can be rewritten as:
X =¢xig ta; (2.182)

This equation, although similar in appearance to equation (2.174), represents a crucial
change. It describes the internal dynamic correlation of a random process. It is a
typical finite difference equation. This model is known as an auto-regression (AR)
model. Since x; is correlated only with one x, ;, the model is also called an AR(1)
model. The auto-regression coefficient ¢; is a constant. The residue ¢; (i=1, 2, . . .,
N) is independent within its series {a;} and of the time series {x;}. Using the regression
operator B such that x; ; = Bx;, equation (2.182) can be recast as:

_ 1
Xi = mai (2.183)

This is equivalent to a first order system with white noise input a; and random output

x;. The transfer function of the system is I

1

The AR(1) model can be extended if x; is correlated with more than one previous
record. For example, an AR(2) model means that x; is correlated with both x; ; and
Xip:

X =@ t Goxio ta (2.184)

This AR model harbours a fundamental concern, i.e. how can x; be correlated with
x;_1 yet does not rely on a;_;, as x;_; does. To address this concern, we need to expand
the AR model to its new dimension, as described below.

2.15.2 ARMA model

The AR(1) model was designed for a smooth and normally distributed time series
with zero average {x;}. It assumes that at a given moment the value in the time series
x; only correlates with the value a moment before, i.e. x;_; (or more). For a dynamic
system, this is a bold assumption, since the behaviour of the system such as the
impulse response will tend to carry on for a while. If x; is not correlated with x,_; only
and the residue series {¢;} is not white noise, then the AR(1) model becomes invalid.

If x; is correlated with not only x,_;, but also x;_,, then it will also be correlated with
a;_;. Therefore, this time we can express x; as:

X =0t Goxio— 6ha; ta (2.185)
or Xi— QX — $xXi 0 =—P1a; 1t q; (2.186)

Equation (2.186) shows that the value x; in the time series {x;} depends on two
immediately previous values x;_; and x,,, and two residues @; and a,_;. Here the
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residues still follow the characteristics outlined in the AR(1) model. The left-hand
side of equation (2.186) is an AR model with ¢, and ¢, being the regression coefficients.
The right-hand side is called the moving average (MA) model with 6, being the
moving average coefficient. Since x; correlates with two previous values and relies
on one previous residue, the model in equation (2.186) is called an ARMA(2,1)
model. Obviously, this model can be extended if more correlated quantities are involved.

The inclusion of the term —6,a,_; signifies a fundamental change from the AR
model. It means a dynamic system moving from moment ‘i — 1’ to moment ‘i’ is able
to memorize the input happened at moment ‘i — 1°, i.e. @;_;. As a result, the output at
moment ‘i’, x;, is determined not only by the current input «; but also by the previous
input a; ;. Therefore, if the AR model is seen as a static model, then the ARMA
model is a dynamic model with memory to the past.

The essence of an ARMA model is that the random value x; is decomposed into
two parts: the deterministic and dependent part characterized by (¢x,_; + dx; 5 —
6,a;_;), and the random and independent part denoted as ;. By using the regression
operator B, we can transform the ARMA model, as we did for the AR model, into:

_ 1-08
NI 0B 0B (2.187)

This means that physically the ARMA model transforms a self-dependent smooth
time series {x;} into a mutually independent time series {a;}. If time series {a;} is
the white noise type of random input to a linear system with transfer function
1-6,B
1-¢:8-¢
The ARMA(2,1) model can be expanded into an ARMA (n, m) model as characterized
by the following equation:

ek then the output of the system will be time series {x;}.

Xi = g‘l ¢rxi—r - ;1 esai—s + ai; (2188)

The transfer function counterpart of this ARMA(n, m) model using the regression
operator B will be:

1-%68

xA e

, : 2.189
" (2.189)

The physical interpretation of the ARMA(n, m) model is also important to understand
the model. As before, such a model decomposes the response x; into two parts: the

n m
deterministic and dependent part characterized by 21 Ox; . — 21 0,a;_; and the random
r= S=

and independent part denoted as «;. For a dynamic system, at time ‘i’

El O.x,_, — Sgl 0,a;_, consists of the quantities already happened in history. Therefore,

they are deterministic. At the same time, a; represents a current random input or
disturbance. The nature of normal distribution of the output x; is due to the same
nature exhibited by a;.
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2.16 The z-transform

The z-transform takes discrete time domain signals into a complex-variable frequency
domain. This resembles the Laplace transform which takes continuous time domain
signals into a complex frequency domain. For signal processing, discrete time domain
signals are often the data to be processed.

Unlike many other transforms, the z-transform is named after a letter of the alphabet
rather than a mathematician. It was initially proposed to solve linear and constant
difference equations from sampled signal or sequence. With the advent of digital
computers, this transform found its niche in engineering.

Assume we deal with a time domain real function f(¢) through its sample values
atr=0,1,2,...,n:

JO) ) Q) ... f(m)
Then the following polynomial is referred to as the z-transform of f{¢):
F)=f0) +f()z ' +f2) 22 +.. .+ f(m)z" (2.190)

Here, z is a complex variable.
The sampling of function f(#) can be seen as the work of a series of impulse
strings. Thus, the discretized function f(#) can be represented by:

x(®) =) 6+ (1) o(t—1)f(2) 8(t—2) + ...+ f(n) 8@ —n) (2.191)
Taking the Laplace transform of this function, we have:

oo

X(s) = J: x()e ™ dt = n;f(n)e’"‘” (2.192)

Let z = ¢, we have:

X0 = [ xwe = X fmz 2.193)

This happens to be the z-transform of function f(7). Therefore, we define the z-
transform of a time series x(n) as:

o

Z{x(n)} = X(z) = X x(m)z"" (2.194)

where z is a complex variable. If the time function is causal (in most cases the signals
from a dynamic system are causal), then the z-transform becomes one-sided:

Z{x(n)} = X(z) = io x(n)z " (2.195)

For example, a unit step function is characterized as x(n) = 1 for n = 0. So its z-
transform becomes:

X(z)= nzo z7i =

—Z
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Basic vibration theory

3.1 Modelling of a vibration problem using
mathematical models

Vibration problems can be simple or complicated. Vibration theory rarely applies
directly to a real structure with the exception of those structures whose dynamics can
be described accurately by a finite number of partial differential equations. This is
because theory is usually developed for an idealized version of a real problem with
various assumptions. Not all of these assumptions can be spelled out clearly. The
process of idealizing a real structure before analysis can proceed is mathematical
modelling for the structure.

The model from the process of idealization for a real structure is not unique. The
need to derive a model that is simple, effective and easy for theoretical analysis is a
challenge to be met by experiences as well as by the depth of comprehension of
dynamics. For modal analysis, the mathematical model is often a discretized one with
a finite number of coordinates. The continuous behaviour, such as mode shapes, is
represented using a selected spatial resolution. Thus, the model is often presented by
a number of ordinary differential equations. Upon Laplace or Fourier transform,
these equations can be converted to algebraic equations. This highlights the need for
matrix algebra in modal analysis. The finiteness of a mathematical model also explains
the reliance of modal analysis on the theory of an MDoF system.

3.2 Basic concepts of vibration

Vibration is a motion that repeats itself. This repetition may or may not perpetuate.
The repetition also does not have to be a literal duplication. Some vibration can
repeat itself in a statistical sense.

Contrary to a general perception, the vital elements for vibration are not the
presence of inertial and elastic components such as mass and spring. Since vibration
can be regarded as the transfer between the kinetic energy and potential energy,
a vibratory system has to include a means of storing (and releasing) both energies.
The former is often done by a mass and the latter by a spring. A mass connected
to a horizontal spring shown in Figure 3.1 is a typical vibratory system. The mass is
the component responsible for kinetic energy while the spring is that for potential
energy. A pendulum is also a typical example of a vibratory system. This system does
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Figure 3.1 Two simple vibratory systems

not have a spring-like component for potential energy. In fact, the mass plays
a dual role for both kinetic energy and potential energy. This is an example to
contend the perception that a vibratory system has to have both mass and stiffness
components.

To be able to study the vibration of a dynamic system, it is essential to know how
many degrees of freedom the system has before analysis proceeds. The number of the
degrees of freedom of a vibratory system is defined as the minimum number of
independent coordinates required to determine completely the motion of all parts of
the system at any instant of time.

For example, the mass—spring system in Figure 3.2 has two mass blocks, each
being able to move independently. A simple test of ‘fixing’ one mass will see clearly
that the other can still move physically. Therefore, there are 2 degrees of freedom for
this system. The degrees of freedom can be represented by different coordinates. For
the mass—spring system, the two coordinates used for analysis can be either x; or x,,
or they can be x; and (x; — x,), or even other choices. A different selection of
coordinates will lead to different equations of motion. However, since we are dealing
with the same system, we should expect the natural frequencies derived from these
different equations to be the same, regardless the choice of coordinates.

|—>x1 |—> X )
2
m —'V\/\/\/\— my my

K, Ky
[ONN6) QO 0O 6, my

Figure 3.2 Vibratory systems having two degrees of freedom

There are different ways of classifying the types of vibration. These classifications
may overlap. Table 3.1 summarizes these vibrations and their brief descriptions.

3.3 Free vibration of an SDoF system

The study of the free vibration of an SDoF system can commence from its equation
of motion. The simple mass—spring system shown in Figure 3.3 is an example.



Table 3.1 Different types of vibration
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Reference terms

Vibration type

Description

External excitation

Presence of damping

Linearity of vibration

Free vibration
Forced vibration

Undamped vibration
Damped vibration

Linear vibration

Vibration induced by initial input(s) only
Vibration subjected to one or more
continuous external inputs

Vibration with no energy loss or dissipation
Vibration with energy loss

Vibration for which superposition principle

holds

Nonlinear vibration Vibration that violates superposition principle

Predictability Deterministic vibration The value of vibration is known at any given
time

The value of vibration is not known at any
given time but the statistical properties of

vibration are known

Random vibration

x(t) >

Figure 3.3 A simple mass and spring system

With the displacement x, Newton’s second law of motion derives the following
equation:

mx(t) = —kx(t)

or mx+kx=0

(3.1)

where dots on the top of the variable represent derivatives with respect to time. The
square root of the ratio of stiffness and mass is defined as the natural frequency of the

system:
W, =, k rad/sec
m

Contrary to the perception, it is not accurate to say that the natural frequency of such
a system depends on its mass and stiffness. The frequency actually depends only on
the ratio of them. Therefore, we can have systems sharing the same natural frequency
when mass and stiffness quantities differ. Equation (3.1) can also be derived using
the energy approach. Since the system does not have energy dissipation or input, the
total amount of energy at any given moment is a constant. By estimating both the
2

(3.2)

potential energy U= 4 kx? and kinetic energy 7 =1 mx? at a moment with

displacement x, we can have the following equation:

12 +%kx= const

5 (3.3)
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The derivative of the equation with respect to time yields equation (3.1). The same
outcome will arrive using the Lagrange equation (introduced later in this chapter).
The free vibration response of the SDoF system is dictated by the initial displacement
x(0) and initial velocity x(0):
x(0)

x(1) = e sin @yt + x(0) cos wyt (3.4)

This solution shows that the SDoF system always chooses its own natural frequency
for its free vibration. This conclusion is also correct for a linear MDoF system except
the system tends to choose all its natural frequencies for its free vibration.

3.4 Harmonic vibration of an SDoF system

Harmonic vibration of an SDoF system is the most fundamental type of vibration and
is the building blocks for more sophisticated types of vibration. From Fourier series
we know that a periodic vibration consists of a finite number of simple harmonic
vibrations whose frequencies are multiples of a fundamental frequency. From Fourier
transform we appreciate that a non-periodic vibration, which can be viewed as a
periodic vibration whose period is infinity, consists of an infinite number of harmonic
vibrations covering every frequency within a range.

Before discussing the harmonic vibration of an SDoF system, it is useful to refresh
the features of a simple harmonic signal. A time domain harmonic signal x(z) with

T
time axis of a vector of length X rotating counterclockwise, as shown in Figure 3.4.

. . 2 S
period T and circular frequency @ (a) = —n) can be seen as the projection along the
k X (1)

ot

Figure 3.4 A harmonic signal generated by a rotating vector

This time domain signal can be conveniently expressed as:
x(t)=Xsin wt=Xsin (wt+nT) n=1,2,... (3.5)

If x(z) represents a displacement vibration signal, then the velocity and acceleration
can be determined from its first and second order derivatives with respect to time.
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Owing to the simplicity of the sinusoidal function, both the amplitudes and the
relative phases of the velocity and acceleration can be determined from those of the
displacement. The amplitudes and relative phases between the displacement, velocity
and acceleration can be written as:

X =wx (3.6a)
¥ = ox (3.6b)
0.=0,+ % (3.7a)
and 0.=6,+ % =0, +x (3.7b)

Using complex variables, equations (3.6) and (3.7) can be combined. As a result, the
displacement, velocity and acceleration can be related conveniently as follows:

X(1) = jox(t) (3.8a)
and i) = joi(t) = — Xo*x(1) (3.8b)

Here, ‘j is the imaginary unit.

Pure harmonic vibration of an SDoF system occurs in two possible occasions. The
first is the free vibration of an SDoF system without damping (therefore no energy
dissipation). This has been solved. The second is the vibration when the system is
subjected to an external harmonic force. Assume now the system also has a viscous
damper with damping value c. This value is equal to the damping force quantity for
a unit velocity. The system is subjected to an external harmonic force characterized
as Iy sin @t, as shown in Figure 3.5.

kXT ci(T

. 1

X lFO sin ot

l Fy sin ot

Figure 3.5 An SDoF system subjected to a harmonic force input

The equation of motion of the system can be derived as:
mx(t) + cx(t) + kx(t) = Fysin ot (3.9

We know from mathematics that the solution of this equation for the displacement
vibration of the system is a harmonic function that is in the form of:

x(t) = X sin (0t + @) (3.10)
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This solution can be found conveniently using the features for harmonic vibration
defined earlier in this section and vector summation. Since equation (3.9) is a vector
summation, a vector diagram can be constructed in Figure 3.6.

mw3X

caoX

s

Figure 3.6 Vector diagram of the harmonic vibration of an SDoF system

The displacement amplitude X and relative phase between the input force and
vibration displacement ¢ can be determined from the vector diagram. The displacement
response of the SDoF system for the harmonic force input becomes:

— FO : -1 c
o VU= m@?)? + (co?) Sln(wt“a“ k—mwz) G40

Structural damping is an alternative damping model in vibration analysis. This damping
is originated from the hysteresis property of stress—strain curves for metal materials.
The damping force is proportional to the response amplitude with a 90 degrees phase
difference. Equation (3.9) with structural damping will become:

mi(t) + kx(t) + jhx(t) = Fyel (3.12)

where °j’ is the imaginary unit. The response is also harmonic. We can define (k + jh)
as the complex stiffness of the system and denote it k.. Then equation (3.12) takes a
very simple form:

mi(t) + k.x(t) = Fyel® (3.13)

3.5 Vibration of an SDoF system due to an
arbitrary force

The SDoF system may also be subjected to a non-harmonic excitation force. There
are several mathematical methods available to derive the solution of the resultant
vibration. The Laplace transform is a convenient method for deriving it. For an
arbitrary force f(#), the equation of motion can be derived as:

mi(t) + cx(t) + kx(t) = £(t) (3.14)

Taking the Laplace transform and considering initial conditions will lead to the
following solution for the displacement vibration:
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F(s) 4 (ms + ¢)x(0) + mx(0)
ms+cs+k ms?+cs+k

X(s) = (3.15)
Here, X(s) and F(s) are the Laplace transforms of the time function x(z) and f{¢),
respectively. For all zero conditions, the equation is reduced to:

F(s)

X(s)= )
(s) ms*+cs+k

=G(s)F(s) (3.16)
This is a typical equation for a linear dynamic system where G(s) is called the
transfer function of the system. The time domain vibration x (f) can be determined
from the inverse Laplace transform of X(s).

3.6 Free and harmonically forced vibration of an
MDoF system

Whenever possible, it is always helpful to compare the study of an MDoF system
with that of an SDoF system. The study of free vibration of an MDoF system commences
at its equations of motion, as it did for an SDoF system. For the sake of simplicity but
without losing generality, we can use the simple 2DoF system shown in Figure 3.7 as
the system for studying the free vibration of an MDoF system.

’—>x1 ’_. X
k1 kz kS
my —MW— M2

QQ Q0

Figure 3.7 A 2DoF system

When selecting x; and x, as the coordinates to describe the displacement vibration
of the system, the equations of motion of the system can be derived as:

{m])'c'ﬁr(lﬁ thky)x) —kyxy =0 (3.17)

myX, —kyxy + (ky + k3)x; =0

When combined together, this set of differential equations becomes a single matrix

equation:
my 0 56.1 + (kl + kz) —kz X _ 0 (318)
0 my || ¥, —ky (ky + k3) | [ x2 0

This matrix equation heralds a general form of matrix representation for an MDoF

system:

[M]{x} + [K]{x} = {0} (3.19)
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The free vibration solution is mathematically the non-trivial solution of equation
(3.19). It should take the form as:

{x} = {X} sin ot (3.20)

This form of solution, when substituted into equation (3.19), will change it into a
simple algebraic matrix equation:

([K]- @’[MD){X} = {0} (3.21)

For this equation to have non-zero solution {X}, matrix ([K] — @’[M]) has to be
singular so that:

K]~ a’[M]] = 0 (3.22)

This is the characteristic equation of the system. The solutions of this equation are its
natural frequencies. In fact, equation (3.21) represents an eigenvalue problem where
@’ is the eigenvalue and {X} the eigenvector. The eigenvalue is actually the square
of the natural frequency of the system and the eigenvector the mode shape. From
equation (3.21) it is evident that mode shape {X} is not unique since any multiples
of it satisfy the equation.

Using the 2DoF system as an example, equation (3.21) becomes:

e _ X, 0
k] k2 w"-m k2 1 _ (323)
_k2 k2 + k3 — w2m2 X2 0

The characteristic equation of the system is a quadratic equation for @’. The two
roots of the equation @} and w3 are the squares of the two natural frequencies @,
and @,. The mode shapes of the system can be determined as:

{ Xﬂ)} kot ky — ofmy |
1
= k,
3.24
XU 1 (3.24)
{X(z)} —k1+k2_w§ml-
L - k
= 2
X » | (3.25)
The free vibration of the system becomes:
x, (1) =X sin @, + X? sin w,¢
1) = X{" sin o1+ X sin o, 6526
x5 (1) =XV sin @, + X sin w,¢

This free vibration is a linear combination of two harmonic vibrations with frequencies
o, and m,. Since two natural frequencies are usually not identical, the free vibration
of a 2DoF system is periodic with two frequencies. The ‘amplitudes’ in equation
(3.26) X,-(j) (i, j = 1, 2) are not fully determined because mode shapes are not
uniquely determined. These ‘amplitudes’ will be quantified fully with the help of
initial conditions. Since the free vibration x;(f) (i = 1, 2) consists of the contributions
of mode 1 and mode 2, each being harmonic and SDoF like, the composition of SDoF
behaviour in an MDoF system response is evident. This concept is important throughout
the modal analysis development.
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It is possible to design initial conditions such that only one of the two modes is
excited. In this case, we see harmonic free vibration for the 2DoF system. However,
this bears no generality. These observations for the 2DoF system can be extended to
an MDoF system.

Having discussed the free vibration, it is now useful to look into the forced vibration
of an MDoF system. Compared with an SDoF system, there are now varieties in
forced vibration. For example, it is possible that the forces applied have different
frequencies, phase angles, amplitudes, or a combination of them. As more than one
coordinate is used, the relative phase among the coordinates becomes possible. To
understand the essence of the forced vibration, we consider a simple case where the
forcing functions have the same frequency and the phases among them are zero. This
does not preclude the case that some of the forces may even have zero amplitude. If
the forcing functions do have different frequencies, then we can always use the
superposition principle to separate the case into several different cases of excitation
frequency and sum up the response solutions.

The equation of motion for an MDoF system with a set of forcing functions having
the same frequency @ and zero phases can be written as:

[M]{x} + [K]{x} = {F} sin ot (3.27)

Here, vector {F} contains the amplitudes of the forcing functions. The assumption of
harmonic response in equation (3.20) can still be used so that equation (3.27) can be
converted into an algebraic equation:

([K] - @?’[MD{X} = {F} (3.28)
The forced vibration response of the MDoF system is then given by:
{(x()} = (K] - @’[M]) ' {F} sin ax (3.29)

Unlike free vibration, this time the vibration frequency is identical to the frequency
of the forcing functions.

3.7 Energy approach

The energy approach is an alternative to the force approach in studying the vibration
of a dynamic system. While the force approach is based on Newton’s second law of
motion, the energy approach depends on the energy conservation principle. To understand
the energy approach, we begin with the theory of equilibrium for a dynamic system.
The principle of virtual work is essentially a statement for the equilibrium definition
of a dynamic system. It is also the foundation of the energy approach used for the
dynamics of a system. We begin with the virtual work principle for the statics of a
dynamic system and later extend it to its dynamics.

Like the earlier discussion, we deal with an MDoF discretized conservative system
so that the main findings are not diluted by the presence of damping. In this analysis,
it is convenient to use bold print to denote a vector quantity in contrast with a scalar
quantity.

The virtual displacements of a dynamic system are defined as infinitesimal and
arbitrary changes in the coordinates of the system. They are infinitesimal. Thus,
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system’s physical constraints are preserved. They are also arbitrary. Thus, they are
not true displacements, and there are no time changes associated with them. If the
system’s displacement r (for convenience bold print is used for vectors instead of

brackets) is given in terms of ‘n’ generalized coordinates ¢; i =1, 2, . . ., n):
= rk(qb q2 - - - qn) (330)
then the virtual displacements are denoted as 6¢q; (i =1, 2, . . ., n). The symbol ‘5’

is used here to distinguish from the symbol ‘d’ or ‘0 for differentiation. These virtual
displacements are small variations from the true position of the system and must be
compatible with the constraints of the system. For example, a single pendulum stays
in equilibrium. For the virtual displacements to be compatible with the constraints,
the pendulum can only be swung by a small angle &6. It cannot be bent or moved up
and down.

3.7.1 Virtual work principle

For a system with ‘n’ DoFs to be in static equilibrium, we can divide all the forces
acting at DoF ‘%’ of the system (R)) into two groups. One is the applied forces (F)
and the other the constraint forces ( f;):

Rk:Fk+f}€ (331)

The true (not the virtual) displacement of coordinate ‘4’ in terms of generalized
coordinates is:

ry = rk(qu q2, - - -5 4y t) (332)
and the work done by all the forces on the virtual displacements oryk=1,2,...,n)
will be

oW = kgl R, o1, (3.33)

For a conservative system, the constraint forces collectively should do no work on
the virtual displacements. Therefore, the principle of virtual work states that the
system is in equilibrium if and only if the total work done by all the applied forces
on virtual displacements is zero, i.e.

oW = kZﬂ Fk5rk =0 (334)

The virtual work in the equation can also be expressed using the generalized coordinates.
For displacement ry, the virtual displacement is given by:

L or,
Sx; = gl a_qi 8q, (3.35)

Here, time ‘¢’ is not involved since virtual displacement does not vary on time. The
virtual work can then be expressed as:
n n a

_y - 9 5,
W= 73 Fér, = X F, 5 59, (3.36)

=1i=
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Interchanging the order of summation leads to:

n n n ark
= = % 0¢q; 3.37
5W k§1 Fk(sl’k g ) Fk aql 56], ( )
Define the generalized force as:
_s ory .
Q=2 F ag, (=12.m (3.38)

The virtual work principle can then be described analytically as:

SW=2X 0:i6q; =0 (i=1,2,...,n) (3.39)

This means that a system being in static equilibrium is equated so that the total virtual
work done by all the generalized forces on chosen virtual displacements is zero.
Since the virtual displacements dg; of coordinate g; are arbitrary, the above equation
implies:

0,=0 (i=1,2...,n (3.40)

This means that a system being in static equilibrium is equated so that all the generalized
forces on chosen virtual displacements are zero.

3.7.2 D’Alembert’s principle

D’Alembert’s principle extends the virtual work for static equilibrium into the realm
of dynamic equilibrium. It suggests that since the sum of the forces acting on a DoF
‘k’ results in its acceleration ry, the application of a fictitious force — m;r;, would
produce a state of equilibrium. This is a different interpretation of Newton’s second
law of motion. The equation for the DoF can then be written as:

Fk +fk—mki:k =0 (341)

The application of the virtual work principle yields:
5W: k§1 (Fk — mki"k)5rk =0 (342)

This equation is the analytical expression of D’Alembert’s principle. It forms the
theoretical basis used to derive Lagrange’s equation.

3.7.3 Kinetic energy

It was known from the preceding section that ‘n’ generalized coordinates can be used
to describe the motion of an ‘n” DoF system. The displacement of the system at DoF
‘k’ can be expressed as:

re= rk(qb g2, - - - 5 4y, t) (332)



60 Modal Analysis

The velocity at the same DoF is:
fk:fk(ql’425~-~aqnat) (343)

Here, ¢;(i = 1, 2, . . ., n) is called generalized velocity. Velocity v, is a linear
function of the generalized velocities. For a mass and spring system with ‘»’ DoFs,
the kinetic energy for DoF ‘k” with mass my is given as:

1 1 ¥
T = 5 Mkl = 5 kz::l miq gk (3.44)
Thus, the system’s total kinetic energy will b
1 i .
=7 2 T (3.45)

By substituting equations (3.43) into (3.45), we find that the total kinetic energy is
associated with order zero, order one and order two functions of the generalized

velocity.
If the physical constraints of the system are time-invariant, then for DoF ‘k” we
have,
Te =Tk (qla q2, - - ~>qn) (346)
.o a}"k ark
thus Fify = 121 290, %0, (3.47)

The kinetic energy of the system becomes:

_ l z a}’k a}’k
T 2 k§1 mkz 1 /=1 9q; aq] (3.48)
Interchanging the summation order leads to:
1 & < U a}’k a}’k .o
T=13 S| % m Pk 9 |54
2 i=1j=1 (k—] e aq, aq] qlq] (349)
If the content inside the bracket is defined as ‘generalized mass’® and is denoted as m;;,
then
o al”k 8rk

The generalized mass m;; is a function of the generalized coordinate ¢; and it is

evident that m; = m;,.

The kinetic energy can then be written as:

ij

; %mgqi‘ij (3.51)

Since the generalized mass is a function of only the generalized coordinate ¢;, it is
obvious that the kinetic energy is a quadratic function of generalized velocity.
If the mass matrix and generalized velocity vector are defined respectively as:
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myy myp cee myy 91

my myy cee myp, . Ciz
[M]= {9} =

m my» s myy qn

then equation (3.51) can be written in matrix form as:

7= 244} M4} (3.52)

Since kinetic energy 7T is always a positive quantity (or zero only when all the
velocities are zero), the mass matrix has to be positive definite.

3.7.4 Potential energy

In a conservative system, potential energy U is a function of the generalized coordinate
qi-

U= U(qlv q2s - - - qn) (353)

The work done by the conservative forces is equal to the negative of the potential
energy:

W= _U(qla 92, - - - qn) (354)
When coordinate g; varies by dg;, the corresponding potential energy change is:
v U
dU= —dW =X == dq;
2 3q; qi (3.55)
If dg; is chosen as virtual displacement, then from equation (3.40) we have:
ow = ;1 0:0q;
Thus, 0 =- gTU G=1,2,....n) (3.56)

This means that the generalized forces corresponding to conservative forces are
equal to the partial derivatives of the potential energy of the system with respect to
generalized coordinates.

If the system’s applied forces are all conservative, then it can be seen by comparing
equation (3.56) with equation (3.39) that such a system is in equilibrium when the
following equation holds:

U .
2, 0 (i=12,...,n) (3.57)
i.e. its potential energy reaches its maximum or minimum.

For a system with ‘n’ generalized coordinates, expanding U in a Taylor series

about its equilibrium position leads to:
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oU 5ol 02U
U= U0+Z(aq1)qi+%22(—]qq1 (3.58)

In this expression U, is an arbitrary constant which can be set to zero. The derivatives
of U are evaluated at the equilibrium position ‘0’ and are constants when the coordinates
q; are small quantities and are equal to zero at the equilibrium position. Since U is
minimum (or maximum) in the equilibrium position,

oU
—1| =0
(a‘h )o

Thus, if terms beyond the second order are ignored, equation (3.58) becomes:

3 1 n on 82
zlzijzl(aqlaq ) Qin (359)
The second derivative evaluated at ‘0’ position is a constant known as the ‘generalized
stiffness’:
0*U
kij=|=——=— (3.60)
! (a%aq j Jo
The potential energy can then be written as:
1
U=>{q}" [K){g} (3.61)
where the stiffness matrix [K] and generalized coordinate vector are:
ki ki e kin q1
k) ka ce kan q>
[K]= {q} =
knl kn2 e krm qn

3.7.5 Lagrange’s equation
Lagrange’s equation is based on D’ Alembert’s principle and equation (3.42):

ow = kz: (Fy — myi)6r, =0 (3.42)
There are two parts of virtual work in this equation. The first part is the virtual work

done by the applied forces which can be estimated by equation (3.37). The second
part is the virtual work done by inertial forces. Without proof, this virtual work can

be estimated as:
My = . —_— a— [ a—
%mkrk(?rk Ei [ 7 (aéi ) o, :|5qi (3.62)
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Inserting equations (3.38) and (3.62) into (3.43) will produce:

s |d or 9T . -
s a-Sos-o

| d oT  oT _
or -21 I:E E - E - Qi]&li = (3.63)

Since virtual displacements dg; are arbitrary, they can be chosen such that only one
generalized coordinate has non-zero displacement each time, thus equation (3.63)
becomes 7 independent equations:

LA - -0, =0 (i=1,2...,n (3.64)

This is called Lagrange’s equation.

If the system is conservative, then substituting equations (3.56) into (3.64) leads
to:

d OT 3T ., dU _, (. _
Ea_q‘,._a_qfa_q,-fo (i=1,2,...,n) (3.65)

Introducing the Lagrangian L function defined as:

L=T-U (3.66)
and if U is not a function of velocity, then equation (3.65) is rewritten as:
d L  JdL _ _
a3 9, 0 (i=1,2,...,n) (3.67)

This is the compact form of Lagrange’s equation for a conservative system.
Using Lagrange’s equation to solve problems of conservative systems usually
involves the following steps:

(1) Identify the number of degrees of freedom of the system and select generalized
coordinates to describe motions of the system.

(2) Estimate the kinetic energy T of the system in terms of the generalized velocities.

(3) Estimate the potential energy U of the system in terms of the generalized coordinates.

(4) Substitute 7 and U into Lagrange’s equation to derive the differential equation of
motion for the system.

Example 3.1
Use Lagrange’s equation to derive the equation of motion of the SDoF system shown in Figure 3.8.

|—>x

m

Figure 3.8 An SDoF system

63
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Solution: Choose x as the generalized coordinate for the system, the kinetic and potential energies
with respect to the equilibrium position are respectively:

_1 _ 1,2
T 5 mx- U 5 kx
Lagrangian: L=T7U=%mx'2 7%kx2
ivatives: L _ . dL_, . A __
Derivatives: o mx, 7 ox mx, pm kx

Inserting these terms into Lagrange’s equation leads to:
mx* + k=0
Example 3.2

A double pendulum has lengths of L, and L,, with masses m; and m, at the end of each massless
link. Use Lagrange’s equation to derive the equations of motion.

Figure 3.9 A double pendulum

Solution: The kinetic energy of the pendulum is given by:

. 1 .
mlxl2 + = m2x2

r= 2

| —

where x2=(L;6,)> and x2=(L6,)> +(L,6,)> +2L,6,L,6, cos (6, — 6,).

x; and X, are the velocities of masses m; and m, respectively, as shown in Figure 3.9. The potential
energy of the double pendulum is given by:

U =mgLi(1—cos 60)) + myg[Li(1 —cos 0)) + Ly,(1 —cos 6,)]
the Lagrangian is defined as:

L= 2 + 2 mak3 — migly(1 - cos 6))

—myg [Li (1 —cos 6))+ L, (1 —cos 0,)]
JdL

So, aT = (my +m, )L$él +my L L, cos(8, — 01)92
1
d 8874 = (my + m)20, —my Ly Ly sin(0, — 6,)(6; — 6)6,
1

+m, L1L2 COS(92 - 91)9‘2
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aaTLl = (ml + mZ)ng sin 91
and
a—é = mZL%éz + m2L1L2 COS(OZ — 01)9‘1
20,
4 0L _ 1L, sin(8, - 6,)(6, - 6)6,
dt 90,
+ m2L1L2 COS(62 - Gl)él + mzL%éz
aaTLz =m,gL, sin 0,

Substituting these derivatives into Lagrange’s equation yields:
(my +my)L36, — my Ly Ly sin(8, — 0,)(6 — 6,)8, +my L, L, cos(8; — 6,)6,
+ (ml + mz)ng sin 9] =0

—my Ly Ly sin(8, — 6,)(0, — 6,)0, +myLiLy cos(8, — 0,)8, +my126; +mygLy sin 6, =0

For small oscillations, sin 8 = 6 and cos 6 = 1. Ignoring higher order terms of derivatives such as
(6, — 6,)6,, the two equations become:

(my +my)L20, + my Ly L0, + (m; + my)gL6; =0

mleLQé-l +WZ2L§9-2 +Wl2gL262 = 0

or in matrix form:
(my +my)L} my Ly L,y 9"1 N (my +my)gL, 0 0, )0
m2L1L2 mQLé 9“2 0 ngLz 02 0

3.8 Vibration of continuous systems

A continuous system here means a system with continuously distributed mass and
elasticity. Their bodies are assumed to be homogeneous and isotropic, obeying Hooke’s
law and their vibration is within the elastic limit. To specify the vibration of every
particle in the elastic body of a continuous system, an infinite number of coordinates
are necessary, and, therefore, such a system possesses an infinite number of degrees
of freedom. Mathematically, functions of both position and time are needed to describe
the vibration of a continuous system, resulting in partial differential equations. Physically
this not different to a discrete system. In fact, if the continuous mass of a system can
be concentrated to a finite number of points connected by elastic elements, then the
system will become a discrete system. Contrarily, as the number of degrees of freedom
approaches infinity, a discrete system will become a continuous system.

The partial differential equations of simple continuous systems can be solved
analytically. Such systems include strings, rod, beams and shells. For systems with
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more geometrical complexities, we have to use numerical methods to analyse them
as discrete systems having a finite number of degrees of freedom, or as a combination
of several simple continuous systems coupled together.

3.8.1 The vibrating string

A flexible string of mass pper unit length is stretched under tension 7. Assume the
lateral deflection y of the string is small, the change in tension with deflection will be
negligible and ignored. Figure 3.10 shows the free-body diagram of an elementary
length dx of the string.

A Y
T

20
/9v+ ox dx
dx
0

T

Figure 3.10 Lateral vibration of a string element

Due to a small deflection, the tension 7 is a constant and sin 6 = tan 6 = 6. The
equation of motion in the y-direction can be derived using Newton’s second law of
motion as:

92
T(9+3—$dx) _T6=p dx?y (3.68)
92
or a—i -£ sz (3.69)
. dy .
Because 6 = o equation (3.69) becomes:
2 2

97y _ Lz Iy (3.70)

where ¢ = ,/T/p is the velocity of wave propagation along the string.

Free vibration
Using the parameter separation method introduced in Chapter 2, equation (3.70) can
be solved by assuming:

y(x, £) = Y(x)G(?) (3.71)

| Y@ _ 11 G
then T o G d

(3.72)
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Since the left-hand side of equation (3.72) is independent of time 7 and the right-hand

2
. . w
side of x, both sides must be the same constant. Let the constant be — (?) , then

d*Y(x) (o) B
dx—2+(?) Y(x)=0

22G(1) 2 ) (3.73)
e +0°G(t)=0
The general solutions for equation (3.73) are:
Y(x)=4 sin%x+3cos%x (3.74)
G(f) = C sin wt + D cos wt (3.75)

Here, A, B, C, D are constants. They depend on the boundary conditions (for 4 and
B) and the initial conditions (for C and D).

As an example, we study a string stretched between two fixed points with distance
L. The boundary conditions are:

0, =yL, =0
For ¥0,)=0—->B=0

the solution becomes:

y(x,t)=Csin @t + D cos wt) sin%x (3.76)
For y(L,t):0—>sin%L:o
w, , 2xL _ nrme _
CL—T—nn or @, =~ n=1,2,...,00) (3.77)

where A= 2 is the wave length. The natural frequencies of the string will be:

n

nc n T
=0 N L 3.78
b5 =5 (3.78)
and the mode shapes are
Y(x) = 4 sin 22X (3.79)

L
The first and second modes of the string are shown in Figure 3.11.

0 x 0 X

Figure 3.11 The first and second modes of a vibrating string with fixed ends
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For general initial conditions, the string will vibrate under all the normal modes,
thus,

y(x,t)= n{ll (C, sin @,t + D, cos w,t) sin MTX (3.80)

Both C, and D, can be determined by initial conditions y(x, 0) (for D,) and y(x, 0)
(for C,).

Example 3.3
A uniform string of length L is fixed at the ends and stretched under tension 7. If the string is
displaced into an arbitrary shape y(x, 0) and released, determine the vibration of the string.

Solution: Equation (3.80) shows the string vibration. The coefficients can be determined by the
boundary conditions:

$(x,0)= T C,sin "X 0 C, =0
y(x,0) = Zjl D, sin nrx
2 L nmwx
D, =+ J. y(x, 0) sin —— dx (3.81)
0

3.8.2 Vibrations of membranes

A membrane can be considered as the two-dimensional analogues of strings. Therefore,
the theory of a vibrating string is directly applicable here. Consider a homogeneous
and perfectly flexible membrane bounded by a plane curve c¢ in the xy-plane, as
shown in Figure 3.12.

In order to study the small transverse vibration of the membrane, a few assumptions
are made:

b

\ Y T dxa b
\c/_’\ [
T dy T dy
a A
T dx
0 R Tdxvy
B B
Tdy = » T dy
a A

Figure 3.12 A two dimensional membrane
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(1) The equilibrium position of the membrane is in the xy-plane. Each point P of the
membrane is identified by its xy-coordinates at the equilibrium position.

(2) Each point P(x, y) only moves in the z-direction and its displacement is denoted
by w=w (x, y, f). The value w is very small compared with the dimensions of the
membrane.

(3) The uniform tension per unit length along the edge 7'is sufficiently big so that the
plane, tangent to the membrane at point P, makes very small angles with the x-
and y-axes. It is also not overly big so it can remain a constant during vibration.

The equation of motion

The derivation of the equation of motion of the membrane begins with a small

element of area dxdy. The area is under tension 7. The sum of the projections of the
. . d

two Tdy forces on the z-axis is (notmg that 2~ = 0. ):

ox

ow , 9 (dw ow °w
Tdy| =— + =— | =— —Tdy == =T= 3.82

dy( ox  oOx ( ox )ax) dy ox ox? dxdy G.82)
Similarly, the sum of the projections of the two 7Tdx forces on the z-axis is

(noting that %—;V =0, ):

ow 9 (ow ow _ 9w
a5 5 (5 Jo ) re gy -rTrewow

Let u be the mass per unit area of the membrane, then the equation of motion
becomes:

9*w *w . 9w
dxd =T + dxd 3.84
*w _ ’w , 9*w
or 87 = 02 (ax—z + ay—z) (385)
where ¢ = T/u .
Using the Laplace operator V? as
2 2
V2= a_ + a_
ox?  oy?
equation (3.85) becomes:
2
Iw _ 2y2,, (3.86)

ot?
This is the equation of motion of the membrane.
If the membrane is subjected to an external force p(x, y, ) per unit area acting in
the z-direction, the equation of motion will become:
9w

Hoa — TVwep. 1) =p(x, 1) (3.87)
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Free vibrations of rectangular membranes
To obtain the solution of equation (3.86) for a rectangular membrane with side
lengths @ and b, as shown in Figure 3.13, the variable separation method is used.

» X

Figure 3.13 A rectangular membrane with sides a and b

Assume the solution (x, y, t) can be written as:

w(x, y, 1) = X(x)Y(»)f (1) (3.88)

Equation (3.86) becomes:
cz(?;—f Y+ g;—f)()ﬁ)(ygj—{ (3.89)
or c? ()i( aa:( + % a;—zy)f= % aj_{ (3.90)
or cz(XT” + YT) = f} (3.91)

The right-hand side of equation (3.91) does not expand on x and y and the left-hand
side does not expand on z. Hence, both sides should be equal to the same constant, as
in the case of the string. Assume the constant is —@?, then:

[T e’f=0 (a)

Y” (1)2 B X” (392)
v 2~ x ®

The left-hand side of equation (3.92b) is not a function of y while the right-hand side
is not that of x. Hence, the variable separation method can be applied, yielding:

X' A2X=0  (a) (3.9%)
Y4 2Y =0 (b)
where y? = —22 — A? hence,
c
@ =N+ 1) (3.94)

Thus, the problem of finding the solution of equation (3.86) for a membrane becomes
the problem of finding solutions of equations (3.92a) and (3.93), each being an
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ordinary differential equation. If the membrane is fixed at its boundary, then the
boundary conditions will be:

w(0,y,1)=0

0<y<h 0Lt (3.94)
w(a,y,1) =0
w(x,0,£)=0

0<x<a 0Lt (3.95)
w(x,b,t)=0

Inserting these boundary conditions to equation (3.88) yields:

X0)=X(a)=0
(3.96)
Y(0)=Y(b)=0
From this equation it is clear that solutions of X and Y will take the forms:
X= s.1n Ax (3.97)
Y=smnyy
and also constants A and y must satisfy:
sin Aa =0
) (3.98)
sinyb =0
Therefore, A and jy can be derived from one of the infinite values:
A ="E (@)
a mn=123... (3.99)
Xn=" ()

The natural frequency of the rectangular membrane is given by equation (3.93) as:
2 2o m* n?
Oy =c T —+—| mn=12,3,... (3.100)
a b
The corresponding mode shape of the membrane is:

MTX . nmwy

sin —= (3.101)

U(x,y) = X,, Y, = sin

and the vibration is given by:

W (X, ¥, ) = sin mrx sin % (A, cos ®,,,t + B, sin ®,,t) (3.102)

This equation describes the free vibration of the rectangular membrane with fixed
boundaries. Basically, the membrane performs harmonic motion with circular frequency
@,,,- The points of the membrane which remain at rest during a single mode vibration
form lines called nodal lines. For example, when the membrane vibrates in its first
(fundamental) mode, meaning m = n = 1, the node lines are the fixed edges of the
membrane.
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Like the string, the general solution of equation (3.86) is the linear combination of all
the w,,,, 1.e.,

sin % (Apn €OS @yt + By, Sin @0,,,,1)  (3.103)

- - . mTx
w(x,y,t) = mZ:ll nZ::l sin

The constants 4,,, and B, are to be determined from the initial conditions. Suppose
the initial conditions of the membrane are:

w(x,y,0) = o(x, )

a—vtv(x,y,o)m//(x,y) <x<a,0<y<b (3.104)

then, inserting these conditions into equation (3.103) leads to:

mzl nzl A,y sin MY in % =(x,y)
i 3.105
3 3 0,,B,,si ’”;” sin "2 = y(x,) (109

Using the orthogonality conditions of the trigonometric functions, the two constants
can be determined as:

sm by dx dy

a b
4 7
A= || otrpsin

an:mj J ‘l/(x y)SlIl

X sin 22 gy dy

b

Example 3.4
Derive the free vibration of a square membrane and its mode shape nodal lines.

Solution: For a square membrane with length a, the natural frequencies are:

wfrm=caﬂ (m2+n? mn=1,2,3,...

A few natural frequencies can be shown below:

Hzﬂﬁ wu:wz]:ﬂﬁ w22=ﬂ\/§
a a a
\/ @3 = w32——r

The mode shape correspondmg to the first natural frequency @ is:
. X . T
Uy = sm—x sm—y
a
The free vibration of the square membrane is given by:
. X . T T . T
Wi = s1n—x sm—y (A“ cos o V2t + By s1nc— «/Z)
a a a a
The nodal lines are at the edgesx =0, x =a, y =0, and y = a.

The modes corresponding to the natural frequency % V5 (for @y, and @,,) are:
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2ry

. X .
U, = sin — sin
a

X . T
Sll’l—y

U 21 = sin
and the vibrations are respectively:

. X 2wy
sin — = sm— (Alz cos— «/—t+Blz sm— J—t)

Wi

2wx b3
Wy = sin o sin Ty (A21 cos £ «/7t + By, sin €& ft)

To simplify the examination of the nodal lines, assume Bj, = B,; = 0, then the sum of the two
vibrations (of the same natural frequencies) is given by:

2 2
Ty + A, sin Y sin ﬂ]
a a

. X .
Wiy + Wy = COS % ﬁt[Alz sin —= sin

. X . T T X
=2 cos & \/5¢sin —= sin ry [Alz cos ry + A, cos —:|
a a a a a
Therefore, the nodal lines are determined by equation:
X
Ay, cos +A21 cos — - = =0

Ty Ay X
or COs —— = — == cos —
a A21 a

Thus, for different initial conditions resulting in different 4, and 4,; values, the nodal lines will
be different. However, all these nodal lines should unexceptionally pass through the centre point x
=y =a/2 — a point called ‘pole’.

3.8.3 Longitudinal vibration of a bar

Like the previous continuous systems, in order to measure the vibration of a bar (or
rod), we need to make assumptions which are generally satisfied. The bar is
homogeneous and slender. During the vibration, the cross-sections normal to the axis
of the bar remain plane and normal to the axis. Consider an elastic bar of length L
with varying cross-sectional area A(x), as shown in Figure 3.14.

- @ —— 17 — P < | >P+dP

Figure 3.14 Longitudinal vibration of a bar

Suppose the mass density of the bar is p and the Young’s modulus E. The forces
acting on the cross-sections of a small bar element dx are P and P + dP and the axial
stress is given by:
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P=o0d=Ed g” (3.106)
_ 0P
and dP = e dx (3.107)
Here, 3_ is the axial strain. If the external axial force per unit length is denoted as
flx, 1), then the equation of motion of the small bar element becomes:
(P+dP)+f(x,t)dx — P = pA(x) dx 8 (3.108)
or aa EA(x) 28XD a”(x Dy flx, 1) = p(x)A(x) 3— (3.109)
For a uniform bar, this equation is reduced to:
%u(x,t)  0%u(x,t)
2 ] _ >
= 3.110
< T a1 (3.110)
where ¢ = JE/p. (3.111)

Using the variable separation approach, equation (3.110) has the following solution:
u(x, 1) = U(x)T(t) = (A cos % + B'sin %) (Ccos ot + Dsin ot) (3.112)

Here, constants 4 and B are determined by the boundary conditions while C and D are
determined by the initial conditions.

Example 3.5
Find the natural frequencies, mode shapes and the free vibration solution of a fixed—free bar.
Solution: The boundary conditions are:

w0, ) =0 @(L =0

Insetting these conditions into equation (3.112) leads to:
A=0 cos %L =0

Thus, the natural frequencies are given by:

“’CL =en+DZ n=0,1,2,...
_ (@2n+Drc _
or w, = N n=0,1,2,...
and the mode shapes are:
_ . 2n+1nx _
U,(x)=8B, sin 71 n=1,2,...

The free vibration solution of the bar becomes:
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u(x,t)= Jm u,(x,1)
n=1

“ . @nHrmx 2nH)ret . 2nH)met
= = = T 4 =
or u(x,t) .[11 sin ——+ C, cos 31 D, sin 31
where constants can be determined by:
L
1)7z:x _ 4 . . 2n+ Drx
= J. u(x, 0) sin dx, D, = @nt e .[) u(x, 0) sin 77 dx

3.8.4 Transverse vibration of a beam

When a slender beam vibrates in the direction normal to its longitudinal axis, its main
deformation is due to bending. Such a vibration is called transverse, or lateral, vibration.

The equation of motion
Consider the free body diagram of a small element of a beam, as shown in Figure
3.15.

Figure 3.15 A small element of the beam and free body diagram

In Chapter 2, the equation of motion at the ‘y’ direction has been derived using
Newton’s law as:

aa— (El(x)—) + pA(x) — f(x, 1) (2.147)

If the external force f(x, £) is made zero, the free vibration of a uniform beam can then
be described by:

'y , 9%y 2_ EL
- 2 4+ L =
T oz 0T (2.148)

2

97
d

75
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The free vibration
The free vibration solution of the beam has been given in Chapter 2 as:

d*Y(x) 4 - 4 _ a) _ pw?
ot - B*Y(x)=0 B*=== 7 (2.152)
2
%+ 02T(£) =0 (2.153)
The solution to equation (2.153) is in the form of:
T(t) = A cos wt + B sin ot (3.113)

where 4 and B are constants to be determined by the initial conditions. The solution
of equation (2.152) can be assumed to take the form of:

Y(x) = Ce™ (3.114)
where s and C are constants. Therefore,

st—pB4=0 (3.115)
Thus, Sip=%B s34=%if

Hence, the solution to equation (2.152) is:
Y(x) = Cief + Coe P+ CyelP + CueP (3.116)

where C; to C4 are constants to be determined by the boundary conditions of the
beam.
This solution can also be expressed as:

Y(x) = C, cos Bx + C, sin Bx + C; cosh Bx + C, sinh Bx (3.117)

C, to C, are now different constants.

Boundary conditions
From equation (3.117) it can be seen that there are four constants to be determined
from the boundary conditions. For a beam in general, each end will contain two
boundary conditions, thus enabling the solution of the four constants.

The boundary conditions of some common ends of a beam can be summarized below:

(1) Free end:

2
Bendlng moment = E[(x)a Yy _ =0, and Shear force = a% [E](x)g_éj] =0
X
(2) Simply supported end:
ion =y = - _ 9’y _
Deflection = y = 0 and Bending moment = El(x)a—2 =0
X

(3) Fixed end:

Deflection = y = 0 and Slope = g—i} =0
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Natural frequencies and mode shapes
The natural frequencies of the beam are obtained from equation (2.152),

El

_ 2
=B

(3.118)

The mode shapes of the beam are given by equation (3.117).

The normal modes Y(x) will satisfy equation (2.152). Thus, for mode ‘i’ and mode

1)

J >
d*y.
sz— G)IZY,:() (3119)
d*y;
and 2 y L - 0}Y;=0 (3.120)
X

Multiplying equation (3.119) by Y; and equation (3.120) by Y;, subtracting the two
resultant equations and integrating on the full length of the beam, gives:

L 4y, Ll dy,
I [czﬁY-a)?Yin]dxj |:cz LY, - 01Y,Y, |dx=0 (3.121)

0 dx4 J ! 0 dx4
L o2 L
or YY; dx:——j Y'Y, = YY) dx
R ———
L C2 L
or I )/l)/j dx - ﬁ [)/iyvj///_ Yi/”Y'j + Yvill)/j/ o )/i/ Y}”]lo (3.122)
0 @; — a)j

The right-hand side of this equation is zero for any combination of free, fixed or
simply supported ends of the beam. This is because:

for a free end: Y” =0 (bending moment)  Y" = 0 (shear force)
for a fixed end: Y =0 (deflection) Y’ =0 (slope)
for a simple end: Y” =0 (bending moment) Y =0 (deflection)

Thus, it has been shown that:
L
J Y.Y; dx =0
0

This shows the orthogonality of normal modes of a beam for transverse vibration.

Example 3.6
Find the natural frequencies and mode shapes of a simply supported beam.

AYy

El
T > X

A L Y

Figure 3.16 A simply supported beam

77
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Solution: The boundary conditions are:
Y(0)=0 Y”(0)=0
YXL)=0 Y"(L)=0

Substituting these conditions into equation (3.117) leads to:

C,=0 C;=0

and C, sin L + C, sinh BL =0
— B%C, sin BL + B>Cy sinh BL =0

Therefore, Cy=0, and sin BL=0

Jo/cL=ir wherei=1,2,3,...

The natural frequencies are thus given by:

_i‘wmc
w; = B
and the normal mode is given by:
. Imx
Yi = Sin T
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Modal analysis theory of
an SDoF dynamic system

Unlike classical vibration theory which is primarily engaged with the response of a
dynamic system, modal analysis is concerned with its intrinsic properties. A most
effective way of investigation for modal analysis is using the frequency response
function. This chapter will define the frequency response function of an SDoF system,
and study different methods of presenting the function and its intrinsic properties.
These properties will form the basis for experimental modal analysis methods. The
approach in this chapter will be extended to a system with more than one degree of
freedom.

Modal analysis can also be carried out using the time domain impulse response or
the response due to ambient vibration input. This topic will be dealt with in later
chapters.

4.1 Frequency response functions of an SDoF system

Some mechanical and structural systems can be idealized as SDoF systems. The
theory for an SDoF system forms the basis for the analysis of a system with more
than one DoF. It also provides physical insight into the vibration of a structural
system.

We will use the SDoF system shown in Figure 4.1 that has a mass, a spring and a
damper with either viscous or structural (hysteretic) damping.

I f(t)

X(t) % k | c (or h)

Figure 4.1 An SDoF system with a harmonic excitation
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For a harmonic force f{f) = F(w)e’®’, the response of the system is another harmonic
function x(7) = X(w)e/®’ where X(w) is a complex amplitude. Substituting them into
the equations of motion for different damping models in Chapter 3, we can derive the
ratio of the displace response and the force input as:

X(®) _ 1
F(o) k- o*m+joc

For viscous damping: 4.1)

X(o) _ 1
F(o) k- w*m+jh

This ratio, often denoted as o(w), is defined as the frequency response function
(FRF) of the system. Although defined as the ratio of the force and response, the FRF
is independent of them. When damping is zero, the complex FRF function is relegated
to a real function.

The FRF is the main function on which modal analysis will depend. Although in
theory the FRF is dictated only by the system, in reality the accuracy of measured
FRF data is critical to the success of modal analysis. In the following three chapters,
as we study the modal analysis theory, the accuracy of FRF data is not an issue.

The FRF defined in equations (4.1) and (4.2) can take different forms. For the
viscous damping case, for example,

For structural damping: (4.2)

1/k
a(w) = 5 (4.3)
1-2+2. 0
(O W
1/m
or a(w) = 4.4
(@) 0} — 0’ + 200, 44
For the structural damping case, the expressions are similar:
1/k
a(w) = 3 (4.5)
1= 2+ jn?
@
or a(w) = 1/m 4.6)

oF — o* + join
The defined FRF uses displacement as the response. It is known as receptance FRF.
The vibration response can also be velocity or acceleration. By replacing the
displacement response X(w) with velocity X(w)and acceleration X(®), two different
types of FRFs can be defined as:

Mobility FRF for viscous damping: Y(w) = ;(EZ)); = p 2] @ T 4.7)
—o°'m+joc
Mobility FRF for hysteretic damping: Y(w) = )F(Egg = T sz s (4.8)
—w'm+j
. ,
Accelerance FRF for viscous damping: 4(w) = X(o) _ — o (4.9)

F(o) k- o’m + joc
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Xo) _ o
F(®) k- w?m+jh
It is evident that the three types of FRFs, a(w), Y(w), and A(w), are easily

interchangeable. All three are complex functions of frequency. Their amplitudes
follow:

Accelerance FRF for hysteretic damping: 4(®) = (4.10)

[A(0)] = 0| Y(@)] = & |o(e)| (4.11)
The phase difference among them remains constant at any frequency:
04(0) = Ov(w) T % =0u0) T 7 (4.12)

The reciprocals of the three FRFs of an SDoF system also bear useful physical
significance and are sometimes used in modal analysis. They are respectively:

N D force
Dynamic stiffness = a(@) _ displacement (4.13)

L _ 1 _ force
Mechanical impedance = T(@) _ velocity (4.14)

_ 1 _ force
Apparent mass = A(w) acceleration .15

The FRF of an SDoF system can be presented in different forms to those in previous
equations. For the case of viscous damping, the receptance FRF can be factorized to
become:

R R*
= + 4.1
(@) jo—-A  jo-A* (4-16)
_ 1
where R= Tmwo (4.17)

A= (=1 =82 o (4.18)

Conjugate coefficients R and R* are called residues of the receptance. A and A* are
the complex poles of the SDoF system. If the same receptance FRF is seen as the
transfer function with the real part of the Laplace variable nullified, then it can be
expressed as:

1
(jo)>m + (jo)e +k

The FRF can also be seen as the inverse Fourier transform of the impulse response
of the system, hence:

a(jo) = (4.19)

a(@)= 7 oy = [ hwe dr 420)

4.2 Graphical display of a frequency response function

Graphical display of an FRF plays a vital role in modal analysis. A different graphical
display highlights different information an FRF carries. Since experimental modal
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analysis often relies on curve fitting of FRF data, sound understanding of FRFs in
graphical forms is imperative. In the following, we will show that even for the FRF
of an SDoF system which seems to be analytically simple and trivial, much insight
about the function can be gained by studying it in various forms of graphical display.

We will use first the receptance FRF to begin our exploration of the graphical
display. Since the receptance FRF is a complex function of frequency, it is impossible
to fully display it using merely one two-dimensional plot. A three-dimensional plot
of a receptance FRF of a typical SDoF system is shown in Figure 4.2.

Imag A
Real

(0]

Figure 4.2 A three-dimensional plot of an FRF

Such a three-dimensional plot is complete because it shows the true face of an
FREF. It is, however, difficult to be used especially for modal analysis where characteristics
such as resonance need to be visually available. From Figure 4.2, we can see that the
3-D plot, when projected to the frequency—real plane, becomes the real part of the
FRF. Likewise, its projection to the frequency—imaginary plane gives the imaginary
part of the FRF and that to the real-imaginary plane is the Nyquist plot. These plots
(and their variations) highlight different aspects of the FRF.

The need to investigate an FRF from a 2-D graphical manifestation gives rise to a
number of different graphical presentations of it. Those often used in modal analysis
are discussed below.

4.2.1 Amplitude-phase plot and log-log plot

The amplitude—phase plot consists of two parts: the magnitude of the FRF versus
frequency and the phase versus frequency. The phase plot does not have much variety
since the information of phase cannot be processed numerically in the same way
magnitude data can. Therefore, the main focus will be on the magnitude plot of an
FRF. This plot can be plotted on a linear scale for both frequency and magnitude axes
(linear—linear plot). Figures 4.3, 4.4 and 4.5 show the receptance, mobility and
accelerance FRFs of the same SDoF system.

A distinct feature of these figures is the prominence of the resonance. But because
of that, it is difficult to appreciate the whole FRF curve, since the high resonance
peak dwarfs the rest of the curve. To overcome this, it is customary in modal analysis
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Receptance

Amplitude

o

Frequency

Figure 4.3 Receptance FRF of an SDoF system
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Figure 4.4 Mobility FRF of an SDoF system

Accelerance

Amplitude

o

Frequency

Figure 4.5 Accelerance FRF of an SDoF system

to plot FRF data using logarithmic scales. This can be done in two different ways: (1)
logarithmic scale for modulus axis only (linear—log plot) and (2) logarithmic scales
for both modulus and frequency axes (log—log plot). In both cases, the magnitude of
the FRF is converted into its decibel scale defined as:

linear magnitude
unit FRF (4.21)

For example, the receptance FRF in dB is estimated as:

FRFdB =20 loglo

o(w
a(a))dB =20 10g10 |ng—etr)|e (422)

newton

Figure 4.6 shows the linear—log plot of an FRF in receptance, mobility and accelerance
forms.
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Receptance, mobility and inertance FRF of an SDOF system

dB

Frequency (log scale)

Figure 4.6 Linear-log plot of an FRF in receptance, mobility and accelerance forms

Since the analytical expression of an FRF is determined by the system parameters
(mass, stiffness and damping) as well as the variable @, it is reasonable to expect that
these parameters can be derived from the FRF plot easily. However, the linear—linear
plot of an FRF shown in Figures 4.3 to 4.5 is overwhelmed by the resonance peak. It
is not that obvious how the physical parameters can be derived. From the SDoF
vibration theory we know that at low frequency, the FRF is dominated by the stiffness
characteristic of the system. At high frequency, the mass characteristic prescribes the
FREF. At the vicinity of resonance, the damping characteristic commands the function.
The linear—linear plot does not help. But we can use log—log plot to study the mass
and stiffness characteristics of the system since the plot enhances off-resonance
regions. This is discussed in Section 4.3.

4.2.2 Real and imaginary plots

The real and imaginary plots consist of two parts: the real part of the FRF versus
frequency and the imaginary part of the FRF versus frequency. Using the structural
damping model, the real and imaginary parts of the FRF are:

Re(a(@) = _kw‘z ;’)22’"+ = (4.23)

—h

(o) = Ty +

(4.24)

Figures 4.7 and 4.8 show these two functions. Obviously the natural frequency occurs
when the real part becomes zero. This observation is less useful than it appears to be
since experimental FRF data may not have sufficient frequency resolution to pinpoint
the location of the zero real part.

Likewise, the real and imaginary parts of the FRF with viscous damping are
derived as:
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Real part receptance FRF of an SDOF system

_J

Real
o

Frequency

Figure 4.7 Real part of an SDoF FRF with structural damping

Imaginary part receptance FRF of an SDOF system

Y

Imaginary

Frequency

Figure 4.8 Imaginary part of an SDoF FRF with structural damping

Re(@(@)) = = 52;1 )“z’zf(wc)z (4.25)

—c
(k — w*m)? + (wc)?

these functions are shown in Figures 4.9 and 4.10.

Im(o(@)) = (4.26)

4.2.3 Nyquist plot

A Nyquist plot shows on the complex plane the real part of an FRF against its
imaginary part with frequency as an implicit variable. The benefit of using Nyquist
plot comes from the circularity of an FRF on the complex plane. This will be shown
in Section 4.3. For an SDoF system with structural damping, we can draw a Nyquist
plot for its receptance, mobility and accelerance FRFs in Figure 4.11. These three
plots are not drawn to scale.
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Real part receptance FRF of an SDOF system

Real
o

Frequency

Figure 4.9 Real part of an SDoF FRF with viscous damping

Imaginary part receptance FRF of an SDOF system

Imaginary

Frequency

Figure 4.10 Imaginary part of an SDoF FRF with viscous damping

Although all three plots in Figure 4.11 appear to be circles, only the receptance

FRF is a real one. From equations (4.23) and (4.24) we can see that the receptance

—h
k* +h* k* +h?
FRFs begin from the origin. All three end at the origin. For measured FRF data, only
a finite frequency range is covered and a limited number of data points are available
so that we always have a fraction of the complete Nyquist plot.

For an SDoF system with viscous damping, we can also draw a Nyquist plot for
its receptance, mobility and accelerance FRFs. All three plots begin and end at the
origin. Although all three plots in Figure 4.12 appear to be circles, only the mobility
FRF is a real one. This is explained in section 4.3.

FRF begins from point ( while both mobility and accelerance

4.2.4 Dynamic stiffness plot

Dynamic stiffness is the inverse of receptance FRF. Analytically, it shows a remarkable
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Receptance FRF of an SDOF system Mobility FRF of an SDOF system
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Figure 4.11 Nyquist plot of the three FRFs with structural damping

simplicity compared with the receptance itself. Using the FRF in equation (4.12), the
inverse of the FRF becomes:

L 2 + 7

(@) k— o°m+jh (4.27)
The real part of the dynamic stiffness is a linear function of @’. If plotted against @?,
the straight line intercepts with the frequency axis when the frequency is equal to the
natural frequency. The imaginary part is a constant. When plotted against @, the
height of the horizontal line tells the extent of structural damping, as shown in Figure
4.13.

For the FRF with viscous damping model, the same simplicity exists, except that
the imaginary part of the dynamic stiffness is now a linear function of frequency,
resulting in a tilted straight line. The slope of the line derives the amount of viscous
damping, as shown in Figure 4.14.

L 0m+jac (4.28)



88 Modal Analysis

Receptance FRF of an SDOF system Mobility FRF of an SDOF system
0
Pl > ®
; S
(o] [0}
E E
0 0 Real
Real
Accelerance FRF of an SDOF system
el
@
£
(2]
®©
g j
= ®
0

0
Real

Figure 4.12 Nyquist plot of three FRFs with viscous damping

4.3 Properties of the FRF of an SDoF system

The frequency response function of an SDoF system can be displayed in a number of
different ways, as shown in the preceding section. Each display method is able to
highlight a specific aspect of the FRF. For example, linear modulus versus frequency
highlights the resonance while other parts of the function are disfigured. Through
different ways of FRF display, some interesting properties of the FRF can be revealed.
In this section, we will try to exploit further the display of an FRF and identify its
properties which will form bases on which several modal analysis methods will be

developed.

4.3.1 Asymptoticity of log-log plots

As we have seen, the linear—linear plot of an FRF is dominated by the resonance. It
is unlikely to expose the beginning and the far end of the FRF where stiffness and
mass characteristics of the system are portrayed. The alternative is the log—log plot
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Dynamic stiffness of an SDoF system
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Figure 4.13 Real and imaginary plots of dynamic stiffness with structural damping
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Figure 4.14 Real and imaginary plots of dynamic stiffness with viscous damping
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which is able to compensate this deficiency. Using receptance FRF as an example,
we know that:

1
o(0)|peca, = T (4.29)

or () | gecey = —20log k dB (4.30)

Therefore, the beginning of the log—log plot of the receptance FRF follows a horizontal
asymptote line that shows an intercept at —20 log %, as shown in Figure 4.15. This
asymptote line is also called the stiffness line for the FRF.

Receptance FRF of an SDoF system
—40 T T

—20 log k
-100 -

Amplitude (dB)

-120

—140 ©

_1 60 1 1 1
0 1 2 3 4
Frequency (log)

Figure 4.15 Asymptote lines of a receptance FRF

Likewise, the mass line can be found from the log—log plot of the receptance FRF.
At high frequency, we have:

(O --0p = 1 (431)
mo
or o(®)| >0, = —20logm —40log w dB (4.32)

This shows that towards the end the log—log plot the receptance FRF conforms to an
asymptote line that intercepts the vertical axis at — 20 log m. This asymptote line is
called the mass line for the FRF.

From the mass and stiffness lines and their intercepts, we are able to estimate the
mass and stiffness quantities of the SDoF system. This is an outcome a simple linear
plot of the FRF does not offer. We can also see that the damping amount in the system
should not vary the mass and stiffness lines since damping contributes little away
from resonance.

4.3.2 Circularity of the Nyquist plot

Another useful property of the FRF of an SDoF system is the circularity of its
Nyquist plot. We have seen that the Nyquist plots of all three forms of FRFs appear
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to be circles. Here, we have the analytical explanation. For an SDoF system with
viscous damping, the mobility FRF is given as:

jo
Y() = —F———
(@) k- mw? + joc (4.17)
Its real and imaginary parts can be derived as:
2
Re(Y(0)) = @<
e(Y()) k—ma?): + (00)? (4.33a)
w(k — mw?)
Im(Y(w)) =
and m(Y(w)) &~ ma?) + (00) (4.33b)
Mathematically, it is easy to verify the following equation:
1Y 1Y
—_— — 2 = —
(Re(Y(a))) 20) + (Im(Y(w))) (20) (4.34)

According to analytical geometry, this equation depicts a circle centred at point

3¢ 0| with a radius of L Neither the receptance nor accelerance shares this

c
circularity. Figure 4.16 shows the circle of the mobility FRF data. The FRF commences
from and ends at the origin of the complex plane.

Imaginary
% *

Figure 4.16 Nyquist plot of mobility FRF with viscous damping

For comparison, the same FRF in receptance form is plotted in Figure 4.17. Due
to the significant presence of damping, the receptance Nyquist plot is clearly skewed
from a perfect circle.

For an SDoF system with structural damping, the circularity also exists except that
it lies with receptance FRF. The real and imaginary parts of the receptance FRF are
found to be:

(k — mw?)
(k—mw?)? + h?

Re(a(w)) = (4.23)
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Figure 4.17 Nyquist plot of receptance FRF with viscous damping

—h
(k—mw?)> + >

and Im(a(w)) =

It can be shown that the following equation satisfies:

1) 1\2

This equation represents a circle with its centre at point (0, ﬁ) and radius equal

to L. Neither the mobility nor accelerance share the circularity. The receptance

2h

FRF does not commence from the origin of the complex plane. Figure 4.18 shows the

circle of the receptance FRF.
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Figure 4.18 Nyquist plot of receptance FRF with structural damping

The circularity of the receptance FRF gives rise to a classical modal analysis
method called the circle fit method. This method is numerically simple. It is also
possible to interpolate data points after circle fit to estimate more precisely the
natural frequency, and, therefore, other parameters. The modal analysis methods

related to the circularity property of an FRF will be discussed in Chapter 8.
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4.3.3 Linearity of dynamic stiffness

The remarkable linearity of the dynamic stiffness of an SDoF system has been shown
by the dynamic stiffness plots in Figures 4.13 and 4.14. For an SDoF receptance FRF
with structural damping, the real part of the inverse FRF is a linear function of ” and
the imaginary part is a constant. This simplicity is not repeated on the inverse of
mobility or accelerance FRFs. For the FRF with viscous damping model, the same
simplicity has been observed. The real part of the dynamic stiffness has not changed
but the imaginary part becomes a linear function of frequency .

The dynamic stiffness separates damping property of the system from the mass
and stiffness properties. This is a characteristic no other form of SDoF FRFs share.
The simplicity of the real and imaginary plots of dynamic stiffness suggests that line
fitting can be used to estimate parameters of the system. Relevant methods will be
presented in Chapter 8.
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Modal analysis of an
undamped MDoF system

The analysis of a multi-degree-of-freedom (MDoF) dynamic system is a natural
extension of that of an SDoF system. For many mechanical and structural systems,
more than one coordinate is needed to describe its motion and vibration sufficiently.
The result is an MDoF model. Such a model characterizes a system in terms of mass
and stiffness matrices. As a result, the matrix method becomes an essential part of the
analysis. This chapter is focused on the modal analysis theory of an undamped MDoF
system. Like an SDoF system, the analysis extends from the traditional vibration
analysis for an MDoF system where response was the main concern. Damping will
be introduced in the next chapter.

5.1 Normal modes and orthogonality of an undamped
MDoF system

5.1.1 Normal modes of an undamped MDoF system

From Chapter 3 we know that the equation of motion for free vibration of an MDoF
system leads to the following eigenvalue problem:

([K] - @’ [MD{¥} = {0} (.1

Here, both the mass matrix [M] and the stiffness matrix [K] are symmetric. The mass
matrix is usually positive definite while the stiffness matrix may become semi-positive
definite if the system possesses rigid body vibration modes.

The solution to equation (5.1) is composed of ‘n’ eigenvalues ®? and ‘n’ eigenvectors
{¥},.(r=1,2,...,n). The square roots of these eigenvalues are the natural frequencies
of the system and the eigenvectors its mode shapes. It is evident that mode shapes are
not unique since multiples of {W¥}, also satisfy equation (5.1). Mode shapes {'¥'}, are
referred to as principal modes, or normal modes of the system. They are also called
the undamped modes for the obvious reason.

From linear algebra we know that, if the natural frequencies are non-zero and
distinct, then all the mode shapes are independent. Therefore, ‘n’ mode shapes
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collectively form a basis for ‘n’ vector space. If some natural frequencies are the
same, the independence of the corresponding mode shapes is usually lost.

Example 5.1
Shown in Figure 5.1 is a 4 degree-of-freedom mass—spring system.

Figure 5.1 A 4 degree-of-freedom mass-spring system

The stiffness and mass elements are assigned as: ky = k, = k3 = ky = ks = 1000 N/m and m; = m, =
mz=my =1 kg. Therefore, the mass and stiffness matrices of the system are respectively:

I 0 0 O 2000 - 1000 0 0
0 1 0 o0 —1000 2000 —1000 0
[M] = kg and [K]= N/m
0 0 1 o0 0 -1000 2000 —1000
0 0 0 1 0 0 —1000 2000

The eigenvalue solution of equation (5.1) produces the following eigenvalues and eigenvectors
which show the natural frequencies and mode shapes of the system:

®? = 381.967 (rad/s)>

®? = 2618.03 (rad/s)?

®? =1381.97 (rad/s)?

w? = 3618.03 (rad/s)>

(037363 ~0.36180
0.60455 022361
and = he0ass [ T2 T 02er [ U2

0.37363 0.36180

(—0.44721 ~0.82706

0.27639 133821

T 027630 [ T T 13382

|- 0.44721 0.82706

It is customary in modal analysis to collate all the eigenvalues and eigenvectors
together in matrix forms. This will greatly convenience the analysis. If eigenvalues
are arranged in an ascending order and the mode shapes are accordingly allocated in
columns, then a natural frequency matrix and a mode shape matrix (also called modal
matrix) can be formed as:
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o 0 0
. 0 0
Natural frequency matrix ['@w? ] = (5.2)
0 0 ... o}
Mode shape matrix [P]1=[{Y}, {¥}o, ..., {W}] (5.3)
For instance, for the system in Example 5.1, these matrices are:
[ 381.966 ]
1381.97
[w?]= (rad/s)?
2618.03
| 3618.03 |
037363 -0.36180 —0.44721 —0.82706
0.60455  —0.22361 0.27639 1.33821
and [Y]=
0.60455 0.22361 0.27639  —1.33821
0.37363 0.36180  —0.44721 0.82706
With (5.2) and (5.3), equation (5.1) can now be recast in matrix form as:
[KI[¥] = [M][¥][ @7 ] (5.4)
Similarly,
[P1"[K]=[w? I[¥]"[M] (5.5)

It is easy to verify numerically that for Example 5.1, the following holds:

2000  —1000 0 0
— 1000 2000  —1000 0
0 —-1000 2000  —-1000

0 0 —-1000 2000

0.37363 —-0.36180 —0.44721 —0.82706
0.60455 —0.22361 0.27639 1.33821
X | 0.60455 0.22361 027639  —1.33821
0.37363 0.36180 —0.44721 0.82706
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1 0 0 O 0.37363 —-0.36180 —0.44721 —0.82706
0 1 0 0 0.60455  —0.22361 0.27639 1.33821
B 0 0 1 0 0.60455 0.22361 0.27639  —1.33821
0 0 0 1 0.37363 0.36180  —0.44721 0.82706
[381.966 ]
1381.97
X

2618.03

3618.03 |

5.1.2 Orthogonality properties of an undamped
MDoF system

The orthogonality properties of an undamped MDoF system are manifested in the
relationship between its spatial model and the modal model. Consider the rth and sth
modes of the system, equation (5.1) becomes:

(K] - o [MD{¥}, = {0} (5.6)

and (K] - o [MD{¥}, = {0} (5.7)
Pre-multiplying equation (5.7) by {¥}! yields:

(P} (K] - o [MD{¥}, =0 (5.8)
Meanwhile, transposing equation (5.6) and post-multiplying it by {¥'}, gives

(P} ([K] - o [MD{¥}, =0 (5.9)
Subtracting equations (5.8) and (5.9) yields:

(@F — o){P} [MI{¥}, =0 (5.10)
Since @w? # w?, equation (5.10) suggests that:

{(PI[M{¥}, =0 for r#s (5.11)
Substituting equations (5.11) into (5.9) yields:

{(WIT[K{WP), =0 for r#s (5.12)

These two equations mean that mode shapes are orthogonal to each other with respect
to matrices [M] and [K]. Pre-multiplying equation (5.6) by {¥}! yields:

(P MY = o (9 [MIY}, (r=1,2,....n) (5.13)
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Let (P} [MI{¥}, = m, (5.14)
and (P} [K]{¥}, =k, (5.15)
then w? = :;r r=1,2,...,n) (5.16)

Here m, and k, are called modal mass and modal stiffness, or generalized mass and
generalized stiffness, of the rth mode respectively, but they do not have the same units
as mass and stiffness.

The results of equations (5.6) to (5.15) pronounce that the mode shapes of an
undamped MDoF system with distinct natural frequencies are orthogonal to each
other with respect to system mass and stiffness matrices. This is known as the principle
of orthogonality. In matrix forms, this principle can be expressed in a more succinct

form:
[ my 0 e 0
0 ny S 0
[P [MI[¥]=[m;]= (5.17)
| 0 0 m,
[ & 0 0
0 k, 0
[P KI[P]=[k]= (5.18)
| 0 0 . k,
and [w2]=[k][m]" (5.19)

Matrix ['m; ] is referred to as the modal mass matrix, and [ k;.] the modal stiffness
matrix. In them, diagonal element m; is the modal mass of the ith mode and £; the
modal stiffness of it.

Example 5.2
Verify the orthogonality properties of the 4DoF system given in Example 5.1.

Solution: From the known natural frequency and mode shape matrices of the system, the orthogonality
properties are verified below.

[1.01017 0 0 0

0 036180 0 0

(Y1 LMY = 0 0 0.55279 0
| 0 0 0 094966 |
[ 385.851 7

and (W17 [K][Y] = 99993
1447.22

i 3435.90 |
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It is also easy to see that:

385.851 1.01017
499.995 0.36180
1447.22 0.55279
3435.90 0.94966

381.966
1381.97
= =lor]
2618.03

3618.03

Since ‘n” mode shapes of an MDoF system collectively form a basis for ‘n’ vector
space, it can be said that the free vibration of the system consists of a linear combination
of all modes. The equation of motion of the system has been converted into an
eigenvalue problem as:

([K] - &’ [M]){X} = {0} (3.21)
As we have:
X =YY (5.20)
here {Y} consists of the principal coordinates, this equation becomes:
([K] - @[MD[¥{Y} = {0} (5.21)

Pre-multiplying the equation with matrix [\]” and using the principle of orthogonality,
we can transform this equation into:

(ki = @*['m D{Y} = {0} (5.22)

Therefore, we found that the mode shapes are able to ‘diagonalize’ the matrix equation
of motion and decouple the ‘n’ intertwined equations into ‘z’ independent ones. This
means an MDoF system now effectively becomes a collection of separate SDoF
systems. For example, the 2DoF system shown in Figure 5.2 can be converted into
two SDoF systems.

Lo Lew L., ..,

—\WW—

Figure 5.2 Modal decoupling of a 2DoF system

The decoupling not only provides a convenient numerical analysis for an MDoF
system but also offers a unique physical interpretation of its modal behaviour.
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5.2 Frequency response functions of an
undamped MDoF system

5.2.1 Dynamic stiffness matrix and receptance matrix

In Chapter 3, it has been shown that, using Lagrange’s equation or Newton’s laws of
motion, the matrix form of the equations of motion of an MDoF conservative system

becomes:
[M]{x ()} + [KIx(D)} = {f(0)} (5.23)

Here, {f(f)} is an n X 1 force vector of ‘n’ external forces. If these forces are
harmonic with the same frequency and phase (assume the phase is zero), then:

(R
£
{f(t)} =14 ...} sin ot = {F} sin @t
(5.24)
L Fn J
Here F,. (r=1, 2, ..., n) are the amplitudes of the harmonic forces. They are real

quantities. Figure 5.3 shows a cantilever beam excited by a group of external forces.

f(t) B(t) ALt fi(t)

Figure 5.3 A cantilever excited by a number of external forces

As described in Chapter 2, the system will vibrate harmonically. The displacement
and acceleration vectors can then be expressed respectively as:

(X
X,
{x(t)} =1 ... ;sin 0t = {X} sin wt (5.25)
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X
X,
{(X(t)} = —w?*] ... } sin 0t = —®>*{X} sin ot (5.26)
L Xn J

Substituting equations (5.25) and (5.26) into (5.23) will yield:
— w?[M]{X} sin ot + [K]{X} sin ot = {F} sin ot (5.27)

or ([K] - @’ [M){X} = {F} (5.28)

Matrix ([K] — @’[M]) is known as the dynamic stiffness matrix of an MDoF system
(it has the unit of stiffness) and is denoted as [Z(w)], i.e.:

[Z(@)] = [K] — @’[M] (5.29)
and zj(w) = k; — wzmij. Thus, (5.28) can be written as:
[Z(o){X} = {F} (5.30)

If matrix [Z(w)] is non-singular (which is true unless frequency w is equal to one of
the natural frequencies), then the amplitude responses of the system can be obtained
by:

X} = [Z(@)] {F} (5.30)

The inverse of matrix [Z(w)] is defined as the receptance FRF matrix of the system
and is denoted as [o(w)], i.e.:

[o(w)] = ([K] - 0’ [M])"! (5.31)
o (@) o (@) cee o, ()
_ 0 (W) 0 (@) e 05, (@)
anl (a)) anZ (a)) e ann (w)

Equation (5.30) can now be written as:

X} = [a(o){F} (5.32)

The receptance matrix is symmetrical because the dynamic stiffness matrix is
symmetrical. This symmetry property manifests the reciprocity nature of a linear
MDoF system regarding its vibration responses. Thus, the response at coordinate i’
due to a single force applied at coordinate ¢’ is the same as the response at coordinate
‘7> due to the same force applied at coordinate ‘i’. When the response and excitation
coordinates coincide (i = j), the FRF is referred to as a point FRF. Otherwise it is
called a transfer FRF.

It is important to know that, although derived from forced vibration, the receptance
FRFs reflect the properties of a linear vibrating system, similar to the natural frequencies
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and mode shapes of the system. Therefore, they do not depend upon external forces.
The dependency can only occur if the system’s dynamic behaviour is nonlinear.

Example 5.3
Show the receptance o;(®) of the 4DoF system given in Example 5.1.

Solution: For the system in Example 5.1, its receptance «;;(w) can be calculated using equation
(5.31) and shown in Figure 5.4 in a linear scale.

[eus(@)]
0.1
0.075 4
0.05 -
0.025 4 r
0 J N T L}\ T
0 25 50 75 100

wrad/s

Figure 5.4 Receptance o;(w) of the 4DoF system in Figure 5.1

5.2.2 Physical interpretation of a receptance FRF

The physical meaning of a receptance FRF in the MDoF case is not as apparent as
that in an SDoF case. However, it does exist for each receptance function in matrix
[a(w)]. We begin with the response amplitude at coordinate ‘i’, equation (5.32) can
be reduced into:

Xi= () F) + o(w)pfy + ..+ a(w)f, (5.33)
If only one force is applied to the system, say £}, then (5.33) will reduce to:
Oc(a))ij:% (F,=0,r=1,2,...,nand r #)) (5.34)
J

This suggests that the 7jth element in matrix [ (®)] is the frequency response function
when the system only has one input force applied at coordinate ;° and the response
is measured at coordinate ‘i’. This is the physical interpretation of a receptance FRF
for an MDoF system.

If there is an additional force (say F,. and r # /) applied to the system, then the ratio

% will not yield the receptance FRF o(w);; since this time:
J

X _ F
7= o), + o), ¢ (5.35)

Like the SDoF case, the mobility and accelerance FRFs of an MDoF system can be
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derived from the receptance counterparts. Thus, if the accelerance FRF matrix is
denoted as [4(w)] and mobility as [Y(w)], then we have:

[Y(@)] = - jolo( )] (5.36)
and [A(w)] = - [ w)] (5.37)

5.2.3 Display of an FRF of an undamped MDoF system

Like an SDoF case, an FRF of an MDoF system can be displayed in different ways.
An appropriate selection of display can help to highlight particular properties of the
FRF. This is important given that an MDoF FRF contains more than one resonance
and therefore has special features such as anti-resonances and minima. Magnitude
plot, log—log magnitude plots and the inverse FRF are several customary ways of
displaying an FRF. Other methods such as the Nyquist plot and real-imaginary plot
are not theoretically applicable to the FRFs of an undamped MDoF system. Those
methods, which are also vitally important in modal analysis, will be covered in the
next chapter where a damped MDoF system will be investigated.

A magnitude plot of an FRF can display the magnitude of the FRF against frequency
in linear scale. For instance, Figure 5.3 shows o (®) of the 4DoF system given in
Example 5.1. The magnitude plot clearly exhibits the resonances. However, details of
the FRF curve are swamped because of the prominence of resonance peaks. In
particular, characteristics such as anti-resonances become invisible.

Like for an SDoF case, a very effective remedy to show the details of an FRF curve
is to replace the linear amplitude scale with logarithmic amplitude scale. Thus, details
of the whole FRF curve can be exposed. In practice, it is most convenient to utilize
decibel scale which is referred to a unit quantity of the FRF. The dB scale has been
defined in Chapter 4. Thus, the receptance of the 4DoF system given in Example 5.1,
if plotted in dB scale, becomes the curve shown in Figure 5.5.

The comparison of Figures 5.5 with 5.4 clearly demonstrates the advantages of
using the dB scale, the whole receptance curve — both the resonance and anti-resonances
— is clearly visible. Figure 5.6 shows the log—log plot of the same FRF. This plot

oq1(w) in dB

-50

—100

-150 —

-200 T T T
0 25 50 75 100
wrad/s

Figure 5.5 Receptance a41(@w) of the 4DoF system in Figure 5.1
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oyq(w) in dB
-50

-100

-150

-200 T
1 10 100
w rad/s (log scale)

Figure 5.6 Receptance o4q(w) of the 4DoF system in Figure 5.1

reveals the asymptotic properties of the FRF which will be discussed later in this
chapter.

An FRF can also be presented in its inverse form in linear or dB scale. Figure 5.7
shows the inverse receptance o () of the 4DoF system in Figure 5.1 and Figure 5.8
the same inverse receptance FRF in dB scale.

Apparently, the inverse FRF helps to expose the vicinity of anti-resonances and
minima of the FRF. However, its real significance lies in the modal data extraction to
be discussed in Chapter 8.

[au(@)
25 000
20 000
15 000 —
10 000
5000 —
0 T T T
0 25 50 75 100
wrad/s

Figure 5.7 Inverse of receptance o41(w) of the 4DoF system in Figure 5.1 (linear scale)

5.3 Mass-normalized modes and modal model of an
undamped MDoF system

Mode shapes of a system are not unique since multiples of them are equally valid.
Mass-normalized mode shapes are unique presentations of the mode shapes. They are
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| a4(@)™" | in dB
200

150 -

100

50

T T T
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Figure 5.8 Inverse of receptance oq(w) of the 4DoF system in Figure 5.1 (dB scale)

important in the further development of modal analysis theory, especially when applied
to experimental modal analysis.
A mass-normalized mode shape is a mode shape normalized using the modal

mass. Since {¥}/[M{¥}, =m, (r=1,2,...,n), mode shape {¥}, can be
normalized in the following way:
1

{0}, =—/—={¥}, (r=1L2,....n) (5.38)

T

Here, { ¢}, is called the mass-normalized mode shape of the system. Equation (5.38)
can also be written in matrix form:

[®]=[¥1['m, ] " (5.39)

Therefore, it can be seen that, using mass-normalized mode shapes, equations (5.7
and 5.8) become:

(@] [MI[@] = [1] (5.40)
[@]"[K][@] = [0 ] (5.41)

Mass-normalized mode shape matrix [®] is unique to an MDoF system. The importance
of the mass-normalized mode shapes, however, lies in the fact that the frequency
response functions of an undamped MDoF system can be expressed in terms of mass-
normalized mode shapes and natural frequencies. Such an expression of an FRF
manifests the essence of modal analysis. This will be discussed in the next section in
this chapter.

Matrices ['®? ] and ['®.] of an MDoF system constitute its modal model of the
system. This model can be derived from the spatial model of the system which
comprises matrices [M] and [K]. The response model of the system contains its FRFs.

Example 5.4
The mass and stiffness matrices of the 4DoF system in Example 5.1 are respectively:
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1 0 0 O 2000 —1000 0 0
0 1 0 o0 - 1000 2000 —1000 0
[M]= kg and [K]= N/m
0 0 1 o 0 -1000 2000 - 1000
0 0 0 1 0 0 —1000 2000

and the mode shape matrix is:

037363 —-0.36180 —-0.44721 —0.82706
0.60455  —0.22361 0.27639 1.33821
0.60455 0.22361 0.27639  —1.33821
0.37363 0.36180  —0.44721 0.82706

Therefore, the modal mass matrix can be calculated as:

1.01017 0 0 0

[m, 1= P17 [MI[¥] 0 0.36180 0 0
0 0 0.55279 0

0 0 0 0.94966

According to equation (5.7), the mass-normalized mode shape matrix of the 4DoF system becomes:

[0.37363 —0.36180 —0.44721 —0.82706 |[ 1.01017 0 0 01"
1 0.60455 —0.22361  0.27639  1.33821 0 0.36180 0 0
[®]= 0.60455  0.22361 0.27639 —1.33821 0 0 0.55279 0
| 0.37363  0.36180 —0.44721  0.82706 0 0 0 0.94966

037175 -0.60150 —0.60150 —0.37175
0.60150  —-0.37175 0.37175 0.60150
0.60150 0.37175 0.37175  —-0.60150

| 0.37175 0.60150 —0.60150 0.37175

This mass-normalized mode shape matrix can be used to verify equations (5.40 and 41).

5.4 Frequency response functions and the modal model

5.4.1 Decomposition of an FRF using modal data

Though the receptance FRF matrix is defined in equation (5.31), the actual derivation
of the matrix by that equation can be very time consuming since, for every frequency
given, an n X n dynamic stiffness matrix has to be inverted. However, using the
orthogonality properties of an MDoF system, the receptance matrix can be derived
much more easily from the natural frequency and mode shape matrices. We begin at
equation (5.31) which can lead to:
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[@][[K] - @’ [M]][@] = [®] [e( )] '[@] (5.42)
or [(0f - 0*)] = [@]" [a(w)] ' [@] (5.43)
ie. [a(o)] = [@][ (0} - )] [®]" (5.44)

It can be seen that [a(w)] is symmetric, which is indicative of the principle of
reciprocity.
For a single receptance FRF og(w), equation (5.44) can also be written as:

P10 n 0i20x> N n 0inDin

oy () =
#(®) 0l -0 0 o0° w2 - w? (5.45)
1

0 - »?

1

=011 0202 .- 0Pt w; - o°
(5.46)

D S

| wi-a?

Equation (5.45) is the essence of modal analysis. By expressing an FRF in terms of
modal data, it becomes clear that the FRF comprises the contributions of all individual
modes.

Example 5.5

For the 4DoF system shown in Figure 5.1, the receptance o;(®) can be decomposed into the
contributions of four individual modes. Figure 5.9 shows the o;;(®@) due to each individual mode
in non-solid lines and the complete ¢ ;(®) in solid line.

o1 () in dB
-50

-100 —

-150

—200 7

—250 T T T
0 25 50 75 100

Figure 5.9 Composition of a receptance FRF

Equation (5.45) can also be written in a different form as:

o (@) = {rAjk}{ﬁ} (5.47)

I
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Here, ,4;; = ¢;,¢y, is the product of the jth and kth elements in the rth mode shape
{¢},. It i1s known as the ‘modal constant’. They are related but not equal to residue.
Thus, the pth column of matrix [o( )] can be written as:

a(w)pl
a(w)pZ 1

o(w = =[4,R———— 4

{o(w)}, [ p]{wrz_wz (5.48)
(@)
1Ap1 2Ap1 “e nApl
A A B

Here, [4,]=| """ r (5.49)

lApn 2Apn nApn

Matrix [4,] is called modal constant matrix for the pth column of receptance matrix
[a(w)]. Each column of [ o ()] has its own modal constant matrix. The mass-normalized
mode shapes of a system can be derived from one of its modal constant matrices.

5.4.2 Other forms of an FRF

A receptance FRF can be presented in forms other than that in equations (5.45) and
(5.46). One useful form is a ratio of two polynomials:

Co + C]COZ + 02w4 +...0+ Cnile(nfl)
(0} — 0*) w3 - 0?)... (0} - 0?)

oy (o) = (5.50)

Here, coefficients ¢, (r = 0, 1, 2, . . ., n — 1) are real constants or zero. If the
receptance has ‘m’ frequencies which makes the numerator equal to zero, then oj(®)
can be factorized to become:

CQ? — 02)(Q2 — 0?)...(Q% — 0?)
(0} — 0*) 03 - ©?)... (02 - 0?)

oy (0) = (5.51)
Here, Q. (r =1, 2, . . ., m) are the anti-resonance frequencies. The reciprocal of
constant C will be the effective stiffness between coordinates j and £ when the system
is ‘grounded’, or it will be the effective mass between j and k£ when the system is in
a ‘free—free’ condition.

5.5 Asymptote properties of FRFs of an
undamped MDoF system

The asymptote (also known as skeleton) properties discussed in Chapter 3 for the
FRF of an SDoF system can be extended to the MDoF system. The asymptotes of an
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MDoF system provide insights into the system and are useful in developing an
understanding of the system’s dynamic behaviour. However, explanation of mass and
stiffness lines now becomes inconspicuous.

It is convenient to use a 2DoF system to discuss the asymptote properties of MDoF
systems, since the outcome is generally extendable. Figure 5.10 shows a 2DoF mass—
stiffness system and its o w);; receptance FRF in log—log scale.

Receptance o (@)1

y 0
m X1 o]
Ky %
A m
© K.
my Xo el

]

A 2DoF system

—200

Frequency o (log scale)

Figure 5.10 A 2DoF system and its o4(w) receptance FRF

From the results derived in Chapter 3 for an SDoF system, we know that the
following equivalent mass and stiffness quantities can be identified:

_ _kiks
K= Tt (5.52)
M, = K—;’l (5.53)
o)
K., = —MZ‘ (5.54)
O
M,, = Ke; =m, (5.55)
w;
In addition, the receptance o (w);; of the system can be expressed as:
Q7 - w?
a(®); =C— ( L— ) 5 (5.56)
(o7 — 07 )(0; — ©7)
The static stiffness of the receptance can be derived as:
w32
Kstatic = Kel = # = L= (557)

a(®)],, CQ}

Thus, the four asymptote lines in Figure 5.10 can also be represented by the following
linear functions of log @.
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2
Line I y=20 10g[ 12 ) 0<w< w) (5.58)
2
Line2 y»=20 log( T ) (o < 0 <€) (5.99)
2
. c
Line3 y=201log (F) Qi <ow<w) (5.60)
2

Line4 y=20log (%) (0 < W< o) (5.61)
o

These four asymptote lines are connected, as shown in Figure 5.10. It is also noted
that equations (5.58) to (5.61) are effectively equivalent to equations (5.52) to (5.55).

The conclusion of the asymptotes for a 2DoF system can be extended to an MDoF
system. For example, a shaft—disc propulsion system is modelled by an NDoF system
(Figure 5.11) to study their dynamics.

HAAH = [+00-»0-0

Figure 5.11 A shaft-disc propulsion system and its model

Take the point receptance FRF at the far right end of the model. The function can
be written as:

mymy ...Mmy_1 (QIZ — wz)(Qg — wz) e (Qz_l — a)z)

oy (o) = (5.62)
N mm, ...my(0 — 0*) (03 - 0%) ... (0% - 0?)
(1 _ i 1— i
Q7...Q2 Q) Q.
or oy (0) = —ml Ll — = (5.63)
N @O ...Q0y 1 I0) 1 I0)
It is obvious that the DC component of the FRF is
Q? Q2
1 1 1-- s 2SN
o Nn=—=—
w(0) = knv  myo wof ... 0 (5.64)

oy (0) is the point flexibility of the system. It indicates the local deflection due to a
static unity load. Therefore, the first stiffness line for the FRF is located at:

y= -20 log kNN (565)
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Between the first resonance frequency @, and the first anti-resonance frequency Q,
lies the first mass line. From equation (5.65) we know this mass line is located at:

3 =20 log kL L 2010g B9 50 10g 0 (5.66)
NN O OF
oF

The first equivalent mass is given in the equation as:

m,, = kL;V (5.67)
O
Between the first anti-resonance frequency €, and the second resonance frequency
w,, lies the second stiffness line for the FRF. From equation (5.65) we also know this
stiffness line lies in:

C0tog L Lo~ QF
y =20 log o Q2 20 log(kNN wlz) (5.68)

2
o

It is easy to verify that the first mass line intercepts the second stiffness line at
frequency Q.
The second equivalent mass is given in the equation as:
QZ
ker = by — (5.69)
W

From here we can derive generally the ith equivalent stiffness and mass of the point
FRF as:

Q QY
ko =hay — ... — (5.70)
@ 0;
Q Q
and Me = kyy — — (5.71)
w; O o,

As the FRF passes its last resonance, the mass line lies in:
_ 1 1 _ 2
y =20 logmyf —20 log my — 20 log w (5.72)

The equivalent mass becomes:
Moy = My (5.73)

The asymptote properties of an MDoF system help in understanding the dynamic
behaviour of the system from its FRFs. In Chapter 8, the asymptote properties will be
used in modal analysis.
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5.6 Other forms of orthogonality properties of an
undamped MDoF system

The orthogonality properties of an MDoF system presented in Section 5.3 are of a
most familiar form. There are also other forms of orthogonality properties which are
less well known but nonetheless find certain applications in modal analysis.

5.6.1 Orthogonality between spatial model and
response model

The dynamic stiffness and receptance matrix of an MDoF system are a matrix inverse
pair. This suggests that column vectors of matrix [Z(w)] and matrix [o(w)] are
orthogonal (in fact, orthonormal) to each other. For the first column of both matrices,
for instance, we have:

{Z(o)} {o(w)} = Elzli(w)an(w) =1 (5.74)
This equation reflects the orthogonality property of the system in the frequency

domain. Further expansion will show that it is equivalent to an orthogonality of the
system in the modal domain. Using equation (5.45), (5.74) can be expanded as:

{Z(o)}] {a(o)}
5 —¢lr¢lr 3 ¢2r¢1r - ¢nr¢lr
=z X o — o7 T2 P2 PR P pre (5.75)
n ¢k1¢11 “ ¢k2¢12 n ¢k ¢1n
_gzlk 2 2+§ZI 2 "'+221k%
k=1 601 - k=1 a)2 (0] k=1 a)n -
¢11 L (])12 n ¢ln n
= — 2 0.1 + —— 2 O”+ .+ Z
w12 —w? =1 leq)” w% ~ w? i1 le¢12 CO% —w? s lz¢1n (576)
S ¢1r z
=2 2 =
= (wf e SR (5.77)

Using the first column of the receptance matrix for the whole dynamic stiffness
matrix, we have the following:

[Z(@){ (@)} = [{Z o)}, {Z(@)}s, - . ., {Z(@)},]{o{w)}
= {011, &1, O, - - -, 5n1}T (5.78)

=( il JZ«o) (o) + [f” )Z(a’)]{¢}z
0! - o? 03 -

2

A (wf‘"w ] [Z(@)]{9}, (5.79)

n
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Here, 9; is a Kronecker factor whose value is zero but becomes one if i and j are
equal.

Since [Z(@)110}, = (K1 - [MD1{9}, (580)
= (K]~ 02 [MDIg}, + (0} ~ ") M1}, (581)

- (02~ 0)[M1i0}, (582)

[Z@){e(@)} = X 9 [MIi6), = 5}, (5.83)

Here, {0}, is a Kronecker vector whose elements are zeros except the first element
is equal to one. Denote {M,} as the rth row of matrix [M]. For the whole receptance
matrix, equation (5.83) can be expanded as:

[Z(w)][ o )]
F él O {M1}" {0} él Gr{M} {9}, ... él B IM T {0}, ]
R A T AL R TR L)
| él O AM,}" {0} é] M, {9} kz:l B AM T {0}, |
=17 (5.84)
or: 3 0, (M3 (0}, = 6, (5:85)

Therefore, the frequency domain orthogonality properties between the FRF and dynamic
stiffness matrices are equivalent to a new form of modal domain orthogonality properties
which involve all the mode shapes at the one time. This is unlike the modal domain
orthogonality properties given by equation (5.40) which can be rewritten as:

k§1 ¢rk {Mk }T {¢}s = 6rs (586)

Comparison of equations (5.85) and (5.86) reveals the two different modal domain
orthogonality properties.

5.6.2 Orthogonality between measured modes and
their reciprocal modal vectors

The orthogonality of an MDoF system between the reciprocal modal vector and its
mode shape is used primarily to check the accuracy of measured vibration modes in
the absence of a reliable analytical mass matrix. A reciprocal modal vector is defined
as:
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=g}, r=12,...,n (5.87)

It is apparent from equation (5.40) that orthogonality exists between the reciprocal
modal vector {y} and the measured mode shapes {¢} such that:

p 0 =103, 10 = 6 (5.88)

or: (X1 [@]=[@) [x]1=11] (5.89)

In practice, the reciprocal modal vector {y} cannot be calculated using equation
(5.87) since matrix [M] is not available. Therefore, measured receptance FRF data
are used to derive vector {y}. Since the pth column of the experimental receptance
matrix can be expressed as:

n . n T
(o)}, = {rzl % > %} (5.90)
3 B
-z ol - fwz 9}, (5.91)
it can be seen that
D )y, = (5.92)
(Op -

For a given frequency range, the reciprocal modal vector { ¥} can be determined from
equation (5.92) by taking a number of different frequency points and formulating a
set of linear equations for the elements in vector {y}. For points ®@;, @,, ..., ®,
within a frequency range of interest, equation (5.92) can be expanded as:

¢Pq

2 2
0, — O

led@)} - e@)}, ) iy =1
(5.93)

The thus determined vector {y} can then be used for the orthogonality of measured
modes {¢} from outside the frequency range using equation (5.88).

5.6.3 Orthogonality between submatrices

A submatrix of an MDoF system is a matrix that describes the quantity and connectivity
of a physical component, such as a spring or a mass, in the system matrix. For
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instance, for a simple ‘n’ DoF mass—spring system, submatrix [£], exists for the
spring connecting coordinates ‘i’ and ‘;” with stiffness k,:

(K17 = ki ({83 + {838} + {83 ) = k() [TT” (5.94)
Here, vector {§;} is an n x 1 Kronecker vector. Matrix [[']'/) is the participation

matrix for the rth stiffness component. Most of elements in matrix [F](,U) are Zeros.
The stiffness matrix of the system becomes a straight summation of all the stiffness
submatrices, namely:

[K1=Z[K], = Z k[T, (5.95)

The same can be applied on the system mass matrix by defining the submatrices for
the masses of the system. If two spring components are not physically connected so
that no energy path exists between them, then

K1 K1Y = ke (18} + {83 ({8} + {8} ) k(s) ({63,

+{6},)({0}, + {0},)" (5.96)
=[0] (forizj#p#gq) (5.97)

This is because:
({8} + {6})" ({8}, + {8} = 0 (5.98)

On the other hand, if spring components 7 and s are connected both to coordinate ‘p’,
then

1P [K1PD = k(o ({8} + {8} ,)({8}: + {8} )T kiy(18}, + {8}, ({8}, + (63,7

(5.99)

= k(i)k(\)([()-ll] + [()-lp] + [Gpi] + [O-pp])([cpp] + [qu] + [O-qp] + [O-qq])
(5.100)
= ki[O + i + Gy + Oyl (5.101)

where [0;,] is a matrix which has zero elements everywhere except element ip is one.
Using the submatrix approach, the equation of motion of an MDoF system can be
written as:

(Z0m, )i + (2081 i) = (o) (5.102)

Pre-multiplying both sides by the participation matrix of the rth stiffness component
yields:

[T Z [m], (&} + [T Z k], {x} = {0} (5.103)

Equation (5.103) contains a subset of equations given in the general equation of
motion of the system. This subset of equations is concerned only with coordinates i
and j — the coordinate’s stiffness component %, is connected to. Therefore, only
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masses and spring components connected to coordinates 7 and j will appear in equation
(5.103).

Likewise, stiffness submatrices can be used for the case of frequency domain
orthogonality. In this case, equation (5.74) can be rewritten as:

(Z k1, - > M1)fe@)y = (8 (5.104)

Pre-multiplying both sides by the participation matrix of the rth stiffness component
yields:

[T1 (2 1K), - @ [M]){e(@)}; = {0} (i#)# k) (5.105)

This equation involves only the mass and spring components connected to coordinates
i and j, and also only the ith and jth receptance FRFs in vector {o(®)},. In the event
of using modal and FRF data to update an analytical model or to locate structural
damage, a set of equations can be derived from equation (5.105) to determine the
constants k,, of those submatrices which contribute to the stiffness changes.

5.6.4 Orthogonality with incomplete data

A dynamic stiffness vector {Z(w)} or receptance vector {o(®)} is incomplete if
certain elements of the vector are missing. The orthogonality among incomplete data
of an MDoF system is of interest because the dynamic stiffness matrix is usually
sparse or banded. The orthogonality presented in equation (5.74) appears to involve
all the elements in the receptance and the dynamic stiffness vectors. However, because
of the sparseness of the dynamic stiffness matrix [Z(®)], normally fewer than all the
elements in the receptance vectors are involved. Therefore, equation (5.74) can be
reduced to:

e2
(Z@)T (@)} = X z(@)0,(@)=3, (5.106)

where only elements between and including el and e2 of vector {Z(®)}; are non-zero.
Here, it is assumed for the sake of simplicity that non-zero elements in vector {Z(®)};
are all between elements el and e2 consecutively. As a result, receptance FRFs
falling outside this range become irrelevant to this orthogonality equality.

5.7 Harmonic response of an undamped MDoF
system using FRFs

Having defined and discussed the receptance FRF of an MDoF system, it is convenient
to derive its forced response when the system is subjected to a series of harmonic
excitations. Assume the harmonic excitation forces have the same frequency and zero
phase:

{f(} = {F} sin o1 (5.107)
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then the responses of a system will also be harmonic such that:

{x(®)} = {X} sin ot (5.108)

From the discussion leading to equation (5.28), we know that vector {X} can be
derived using the receptance FRFs or the modal data of the system as:

{X} = [a()|{F} (5.109)
= [P0} - 0] [@]" {F} (5.110)
Therefore, the responses of the system subjected to harmonic excitation forces are:
{(x(t)} =[P @} — ®? ] ' [@]" {F}sin ot (5.111)
Each response can be written as:
xi(t) = (2 % s ¢k,Fk]sin ot (5.112)
=1 w2 — ®?* k=1

Equation (5.112) shows that at any given moment, the response x;(#) enlists the
contribution of all the modes of the system. In fact, the participation factor of the rth
¢ir
w? - w?
effectively ‘weighted’ by a mode shape element. Namely, the contribution of the
force F sin wt for mode ‘7’ is effectively weighted by the element ¢, in the mode.

mode is . The equation also shows that different harmonic forces are

Example 5.6
To determine the displacement responses of the 2DoF system if the driving forces are harmonic and
in phase (Figure 5.12),

k k k
—AA—]
m m
— f — f,

QO QO

Figure 5.12 A 2DoF system excited by external forces

the equation of motion of the system is derived as:
m 0 jC.l 3k —k X1 E .
. 7T = sin @t
0 m X2 —k 3k X9 F2
The dynamic stiffness matrix will be:

3k—w?m —k
[Z(o)] =[ ]

-k 3k—w’m
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3k— w*m —k .
[a(w)] = )
—k 3k— 0w m
_ 1 3k*(l)2m _ P 2 g2
|Z(a,)|[ . 3szm}dzmn Gk—02m)” —k2)
O E R e N S R
. + = sin @t
0 m || X, —k 3k || x, F,
Or: x, () = \Z(l—a))\ {Bk — w*m)F, + kF,}sin ot
_ 1 .
and x5 (1) = TZ@)] {kF, + Bk — w>m)F,}sin ot

5.8 Anti-resonances and minima of an FRF

The anti-resonance of an MDoF FRF receive less attention than the resonance because
they are not associated with severe vibration. It is also because many modal analysis
algorithms identify modal parameters only from the FRF data near resonances. But
anti-resonance and minimum are sometimes as important as the resonance.
Anti-resonance is another manifestation of the dynamic characteristics of a system.
While resonances of a system are ‘global’ parameters (i.e. the same resonances are
expected to appear on any FRF data of the system), anti-resonances are ‘local’
parameters. Different FRFs have different anti-resonances (or no anti-resonances at
all). Therefore, the discussion of anti-resonances has to be based upon a given FRF.

5.8.1 Anti-resonances and spatial data

The anti-resonance of a system can be derived analytically if the spatial model of a
system is available. The receptance FRF between coordinates ‘i’ and ‘j° of the system
is derived from equations (5.31) and (5.34) as:

_ X
a(w); = F ' (5.113)
F=0 (r=12,....n,r#j)
det([K]; — a)z[M],-j)
det([K] -~ w?[M])
where [K];; is obtained from [K] after its ith row and jth column are deleted. Equation
(5.114) is derived from matrix inversion as the FRF matrix is the inverse of the
system dynamic stiffness matrix. [M]; and [K];; are symmetric only if i =j. When an

anti-resonance of o (®);; occurs, a(); = 0. Therefore, the anti-resonance of a(®);;
can be determined by the positive roots of @ in the following equation:

det([K]; — @’ [M];) = 0 (5.115)

or a(w); =(1)" (5.114)
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Equation (5.115) is equivalent to the following eigenvalue problem where the positive
eigenvalues are the squares of the anti-resonances for a(w);:

([K1; — QIIM]Iy){u} = {0} (5.116)

The eigenvector in this equation {u} does not offer apparent physical interpretation.
Since matrices [M];; and [K];; are normally non-symmetrical, eigenvalues of equation
(5.116) may become negative or even complex. However, only those positive eigenvalues
represent anti-resonances.

5.8.2 Anti-resonances and modal data

Although the anti-resonances of a system can be estimated from its spatial data, the
understanding of their formation will be best achieved from the viewpoint of modal
data. For the sake of simplicity, FRF «;;(®) of the 2DoF system shown in Figure 5.13
is used as an example.

kq ko k3 ki =k, = ks =1000 N/m

m; WN— m2 my=m,=1Kkg

Figure 5.13 A 2DoF mass-spring system

The natural frequency and mode shape matrices of the system are respectively:

27— [1000 0 0.707 0.707:|

. 2 =
Lo 0 3000](md/s) Ll [—0.707 0.707

Using equation (5.45), the receptance ¢(®) can then be expressed as a summation
of two ratios as:

P11 912012 0.5 0.5
= + - : + :
)= T Tl w1000 0 3000w’ G117

The trough between the two resonances @; and @, is either an anti-resonance or a
minimum. Since both modal constants, the numerators of two ratios, in equation
(5.117) are positive, it is clear that between @, and ®,, the first ratio is negative while
the second positive. Therefore, there is a frequency in the range at which receptance
04q1(w) becomes zero. When the function is plotted on a dB graph, this zero receptance
will signify the anti-resonance. This is illustrated in Figure 5.14.

The positive and negative signs in Figure 5.14 are only explanatory. They do not
actually apply to the log plot of an FRF. Nevertheless, an anti-resonance is displayed
only on a log plot.
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Receptance o(w)y

dB dB
Anti-resonance
-100 -100 -
—
—200 —200
T T T T
20 40 60 20 40 60
Frequency o Frequency o

Figure 5.14 Anti-resonance of an FRF of a 2DoF mass-spring system

Likewise, receptance o, (@) of the 2DoF system can be studied. The FRF is
expressed as:

0.5 +_ =05
2 2
1000 — @ 3000 — @
Since the numerator of the second ratio is negative, the signs of both ratios before and
after their own resonances can be marked in Figure 5.15. It is evident that there
cannot be a zero between two resonances. Indeed, there exists a minimum rather than
an anti-resonance, as illustrated by Figure 5.15.

0 (@) =

(5.118)

Receptance o)/

dB dB
~1004 ~1004 Minimum
—
—200 T T —-200 T T
20 40 60 20 40 60
Frequency Frequency o

Figure 5.15 Minimum of an FRF of a 2DoF mass-spring system

The study of this 2DoF system reveals that there exists an intrinsic relationship
between the anti-resonances of a structural system and its mode shapes. The formation
of anti-resonances/minima in an FRF is generally dictated by the signs of modal
constants which are determined by the signs of the elements in the mode shape
matrix. This conclusion can be extended to a general MDoF system. Thus, generally
for two consecutive resonances, the same signs of modal constants indicate the
existence of an anti-resonance and different signs a minimum. Care must be taken
when applying this conclusion to any FRFs with close resonances since values of
FRF in between may no longer be dominated by the contribution of these resonances.
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As a derivation of this conclusion, it can be seen that any point FRF (o;;(w)) will
possess an anti-resonance between two consecutive resonances. This is because for
such a function, all the numerators in its expression given in equation (5.45) will be
positive. For a transfer FRF, anti-resonance depends on the mode shapes. When the
mode shape matrix of a system is given, one should be able to sketch any FRF of the
system.

5.8.3 Minima of an FRF

The minima of an FRF are the lowest points between two consecutive resonances but
they are not anti-resonances. They are not as significant as resonances and anti-
resonances. The existence and locations of the minima merit mainly theoretical interests
in the study of modal analysis. Similar to anti-resonances, minima are also ‘non-
global’ properties of a system. Therefore, different FRFs have minima of different
frequencies.

Unlike resonances and anti-resonances, the exact frequency of a minimum cannot
be worked out easily from the spatial data of a system. Its approximate location,
however, can be determined most conveniently by using the modal data. By taking
the derivative of receptance in equation (5.43) with respect to frequency @, the
minimum frequency can be derived.

ooy (W) 010 0,20 (%)
ék—w:%(a,;”_k;,z + co;_k;f +...+ﬁ) (5.119)
_ (_zw)((w;ii¢$2)2 N (w?jz_‘ﬁz)zz)z P _(w?ii(PZZ)Z) (5.120)

When the derivative in equation (5.120) becomes zero, the roots will be those frequencies
corresponding to the minima of the receptance FRF. Obviously, the task of finding
these roots is unrealistic. An alternative is to find the approximate minimum between
two consecutive modes by only taking these two modes into account in the calculation.
Therefore, the minimum between mode 1 and mode 2 can be determined approximately
from:

01011 n Bi2Pi2

@ -0 @ -0) (121
or: O (G101 T G22) — 022010, 03 + 20, 07)
+ (01001035 + 90,07) =0 (5.122)

For such a quadratic equation of @?, the condition of having real roots will be:
(2010005 + 2¢,,00207) — (01061 + 0;202) (9101 @3 + G20, 07) > 0
(5.123)

or: —4¢j1¢k1¢j2¢k2(0’§ - 0f)* >0 (5.124)
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Therefore, if the product ¢;; @9, ¢, is negative, there will be a minimum between
mode 1 and mode 2. If the product is positive, however, it has been shown before that
there will be an anti-resonance between the two modes.

W
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11.

12.
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Modal analysis of a
damped MDoF system

The modal analysis theory for an undamped MDoF system is applicable for dynamic
structures when damping is negligible. The presence of damping does not change
every aspect of the theory presented in Chapter 5. However, more mathematical
treatment is needed in order to extend the modal analysis theory into the case for a
damped MDoF system.

The two main damping models used in MDoF modal analysis are the viscous
damping model and the structural damping model. These are the same models used
for SDoF systems except that they are now applied to an MDoF system. Like mass
and stiffness properties, now the distribution of damping is an important property as
well as its amount.

The coupled equations of motion for an undamped MDoF system can be uncoupled
using the principle of orthogonality. Therefore, analysis of individual modes becomes
convenient. However, once damping is present, it is generally difficult or not possible
to uncouple the equations of motion. Therefore, damped MDoF systems demand
extra theoretical treatment.

In dealing with a damped MDoF dynamic system, it always helps to draw a
comparison between its treatment and that of an SDoF damped system.

6.1 Proportional damping models

A proportional damping model is the first analytical model used to study damping for
an MDoF system. Unlike mass and stiffness properties, damping cannot usually be
modelled. This became a stumbling block to the analysis of a damped MDoF system.
The proposition of proportional damping enabled the analysis to proceed.

Proportional damping has found significant applications in finite element analysis
where damping needs to be incorporated in order to carry out meaningful response
analysis and prediction. In modal analysis theory, the significance of proportional
damping will become evident when we realize that a system with proportional damping
would have the mode shapes identical to that of its undamped counterpart.

We begin with the analysis of free vibration. If the damping distribution of the
system of n DoFs with viscous damping is denoted as a matrix [C], the matrix
equation of motion of the system is given by:
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[M]{x} + [CH{x} + [K]{x} = {0} (6.1)

Here, matrix [C] is positive definite or positive semi-definite. Unlike the undamped
case, there generally does not exist a set of principal coordinates, which uncouple
equation (6.1). In particular, if we use the mode shape matrix [®], then both the mass
matrix [M] and the stiffness matrix [K] can be diagonalized, as discussed in Chapter
5. However, damping matrix [C] cannot be, leaving the equations still coupled. The
exceptional damping distribution which does allow the diagonalization of matrix [C]
as well as [K] and [M] is called proportional damping.

The proportional damping model made a significant contribution at the early
development of modal analysis. Without needing sophisticated mathematical treatment,
a structure assumed with proportional damping can be analysed using the theory for
an undamped MDoF system. The initial proposal of proportional damping came long
before the study of modal analysis. Rayleigh indicated in his work The Theory of
Sound, first published in 1845, that if the viscous damping matrix [C] is proportional
to mass and stiffness matrices (or that if the damping forces are proportional to the
kinetic and potential energies of the system), then it can be written as:

[C]= a[M] + BIK] (6.2)

where o and f3 are real positive constants. Equation (6.1) can then be uncoupled like
the matrix equation for an undamped system. The substitution of equation (6.2) into
(6.1) leads to:

[M]{x} + (el M] + BIKD{x} + [K]{x} = {0} (6.3)

Repeating the uncoupling process for the undamped case using the undamped mode
shape matrix [®@] (obtained by assuming [C] = [0] from equation (6.1)) will lead to
the uncoupled equations:

[m, 145} + (@l m.] + BLAD () + [} = (0} (6.4)
or [m,] () + [ d i) + [h i) = (0} (6.5)

where diagonal matrix [-c,.] is called the modal damping matrix or generalized damping
matrix of the system. Obviously, the undamped mode shape matrix [®@] can diagonalize
the proportional damping matrix as well as the mass and stiffness matrices. Therefore,
[®] (which is a real matrix) is also the mode shape matrix for the system having
proportional viscous damping model. For modal analysis, this is the most important
characteristic from a proportional damping model.

Equation (6.5) consists of n uncoupled equations. Using the theory of an SDoF
system, the damped natural frequencies of the th mode, @,, can be estimated by:

o, = o,\1-{ (6.6)

e 6.7)

Like an SDoF system, . is defined as the damping ratio. The difference is that this
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time the damping ratio is for the »th mode. Equation (6.7) shows that the damping
ratio for a system with proportional viscous damping is different for each mode.

The proportional damping defined in equation (6.2) is not the only damping model
that facilitates decoupling of system equations. A more general expression of a viscous
damping model is given as:

[KIIM]'[C] = [CIIM] ' [K] (6.8)

This can be derived by assuming that [¥]/[C][¥] is a diagonal matrix. Then it
follows that:

[PIICINY] [y ] [ k] = [k J0m, 1 DT [CINY]

Using equations (5.17) and (5.18), this equation can be transformed into equation
(6.8).

The structural damping model is also used in the analysis of an MDoF system. The
equation of motion of a system of ‘n’ DoFs with structural damping is given by:

[M]{x} + [K]{x} + j[H]{x} = {0} (6.9)

Here [H] is the structural damping matrix and ¢/’ the imaginary unit. This representation
is similar to that of an SDoF system. If damping matrix [H] is proportional to mass
and stiffness, then it can be written as:

[H] = u[M] + v[K] (6.10)

Here, both @t and v are real positive constants. It can be found that like the proportional
viscous damping case, the mode shape matrix of the system with proportional structural
damping will be identical to that of the undamped system. The natural frequencies of
the system are given as:

A2 =021+ m,) (6.11)
Also, n, = v+ af‘z (6.12)

Here, 7, is defined as the damping loss factor of the rth vibration mode. Equation
(6.12) shows that the damping loss factor for a system with proportional structural
damping is different for each mode. If the damping matrix is only proportional to the
stiffness matrix (¢ = 0), then the damping loss factor for all the modes will be equal
to the constant v.

6.2 Non-proportional viscous damping model

When the viscous damping of an ‘n’ DoF system is non-proportional, the solution of
equation (6.1) is in the form:

{x(t)} = {X}e" (6.13)

Here, s is the Laplace operator and {X} a complex vector for displacement amplitudes.
Then equation (6.1) becomes:

(s*[M] + s[C] + [K]){X} = {0} (6.14)
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This is a complex and higher order eigenvalue problem. The solution to this problem
relies on the state—space approach introduced in Chapter 1. This approach invents a
new displacement vector defined as:

[y} = {x} (6.15)
X ) auxi

With this new vector, equation (6.1) can be transformed into a new matrix equation
which is twice as big in size:

[([CT: [MI1{y} + [IK] = [01]{y} = {0} (6.16)
Together with the following identity:
[[M] = [O]1{y} + [[0] : [-M]1{y} = {0} (6.17)
equation (6.1) is transformed into:
© M )+ K 0 = {0 6.18
PR R P SR R
or [A1{y} + [Bl{y} = {0} (6.19)

Equation (6.19) is a normal eigenvalue problem and its solution consists of 2N
complex eigenvalues A, (in complex conjugate pairs) and 2x corresponding complex
eigenvectors {6}, (also in complex conjugate pairs). They satisfy:

(A[A] + [BD{6},.={0} (r=1,2,...,2n) (6.20)

The complex eigenvectors {6}, can be grouped in the ascending order of their
eigenvalues to form the eigenvector matrix [6]. The orthogonality properties for this
expanded eigenvalue problem can be expressed as:

[6)[4][6] = [‘a;] (6.21)
[6)[B][6] = [b:] (6.22)
and [b:0a ] =[] (6.23)

These solutions indicate that there exist damped natural modes. However, these
modes are not the same as the undamped natural modes whose elements are either in
phase or 180° out of phase with each other. For the non-proportionally damped
system, there are phase differences between various parts of the system, resulting in
complex mode shapes. This difference is manifested by the fact that, for undamped
modes all points on the structure pass through their equilibrium positions simultaneously,
and for complex modes this is not true. Thus, undamped modes have well-defined
nodal points or lines while complex modes do not have stationary nodal lines.

The design of equation (6.17) has ensured that the combined equation in (6.18) has
two symmetrical matrices [4] and [B]. Any other choices such as:

[[KT = [011{y} + [[0] : [=K]I{y} = {0} (6.24)

will result in a new eigenvalue problem as:
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[1C< A()q{y bt [1(; u{y} = {0} (6.25)

Here, the non-symmetry of the first matrix may cause some unnecessary numerical
difficulties.

6.3 Non-proportional structural damping model

The equation of motion of an MDoF system with non-proportional structural damping
is already given by equation (6.9):
[M]{x} + [K]{x} + j[H]{x}= {0} (6.9)

Like the SDoF case, a structural damping matrix can be seen as the imaginary part of
a complex stiffness matrix defined as:

[K]. = [K] + j[H] (6.26)
The solution to equation (6.9) can be assumed mathematically as:
(x(t)} = {X}e/M (6.27)

Here, A is the complex frequency accommodating both oscillation and free decay of
the vibration; {X} is a complex vector for displacement amplitudes. This form of
solution, once substituted into equation (6.9), leads to a complex eigenvalue problem:

([K]. - P[MD{X} = {0} (6.28)

The solution to equation (6.28) will yield a diagonal eigenvalue matrix ['A?.] and an
eigenvector matrix [¥]. The eigenvalue A2 is related to the natural frequency ®, and
damping loss factor 7, of the system such that:

AP =wl(l+jm) (r=12,...,N) (6.29)

Here, A, is also known as the complex natural frequency of the system. Matrix ['A2.]
is the natural frequency matrix of the system. The corresponding eigenvector {'¥'}, is
a complex vector. When all the eigenvectors are grouped together in the ascending
order of ®,, the resultant complex matrix is the mode shape matrix {¥'} of the system.
The complex mode shape {¥'}, is not unique as any multiples of it still satisfy
equation (6.28).

The orthogonality properties of the system reveal:

(P17 MIP] = [m,.] (6.30)
[¥1" [M1L¥] = [4..] (6.31)
hdlm, ] = [A7.] (6.32)

Both the modal mass m, and modal stiffness &, are complex quantities.

It is evident from the analysis in both Sections 6.2 and 6.3 that an MDoF system
with a structural damping model requires much simpler analytical treatment than that
with a viscous damping model. When there is no evidence that using different damping
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models will cause significant variance in the output, it is much more convenient to
assume the structural damping model in modal analysis.

6.4 Mass-normalized modes of a damped MDoF system

The same reasons for wanting to have mass-normalized mode shapes for an undamped
MDoF system exist for a damped system. For a system with structural damping, the
procedure of deriving the mode shapes is identical to that for the undamped system
except that we are now dealing with complex quantities. Equation (6.30) determines
the complex modal mass matrix. The mass-normalized mode shape matrix [®] can be
found from:

[®] = [-m,.]’%[\y] (6.33)

It can be shown that the complex matrix [®@] will be unique to the system regardless
of different multiples of the mode shape matrix ['\'] used. Using the mass-normalized
mode shapes, the orthogonality of an MDoF system can be written as:

(@) [MI[@] = [1] (6.34)
[OIKI®] = ['A2.] (6.35)

In equation (6.34), the mass matrix is seen as a complex matrix with a zero imaginary
part.

With the mass-normalized mode shapes, we can diagonalize the FRF matrix of the
MDoF system with structural damping:

[®]([K] + jH] - X[IMD[®] = [(2} - 0?)] (6.36)

This result will be useful in deriving the modal composition of a complex FRF.

6.5 Frequency response functions of a damped
MDoF system

6.5.1 Dynamic stiffness matrix and receptance matrix

The dynamic stiffness matrix [Z(®)] and receptance FRF matrix [o(w)] of a damped
MDoF system can be defined in exactly the same way as that for an undamped
system:

[Z(®)] = [K], — &’[M] = [K] - &*[M] + j[H] (6.37)
[o(w)] = ([K], — &’[M])"! (6.38)

The physical meaning of the individual receptance FRF o(w); has been given in
Chapter 5. In brief, (w);; represents the ratio of the displacement response at DoF
‘i” and the only force input of the system acting at DoF ‘j°. This is inherited by a
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damped MDoF system. Owing to the existence of damping, the FRF is now a complex
function of frequency @ with a non-zero imaginary part. It does not become infinity
at a natural frequency of the system.

6.5.2 Composition of a receptance FRF using vibration modes

The derivation of receptance FRF matrix from the inverse of the dynamic stiffness
matrix is not a practical numerical treatment. More than that, the approach does not
lend any insight into the modal composition of an FRF. Like the undamped case
discussed in Chapter 5, the receptance matrix of an MDoF system with structural
damping can be determined from the modal data of the system as:

[a(0)] = [@I[(A} - 0*).]7 [@]" (6.39)

It can be seen that matrix [o ()] is complex, symmetric and always of full rank. The
same discussion can also reveal that for a single receptance FRF, for instance o (o),
equation (6.39) can be written as:

f}l(bklz + (Z]Z‘kaz + .+ Z)]nq)knz
M- A5 - o Ay — o
This equation appears to be the same as the derivation for the undamped MDoF
system. However, the numerators on the right-hand side, which are elements of the
mode shape matrix, are complex quantities. So are the natural frequencies in the
denominators.
Compared with equation (5.45), it becomes obvious that by using the structural
damping model, the theory of modal analysis can almost be the same between damped
and undamped cases. Using the modal constant, we can rewrite equation (6.40) as:

o (@) = (6.40)

n r A 14
a ()= X yER. _’wz (6.41)
1
2 - w?
_
2 2
= {14 24 adut (A2 O (6.42)
1
A2 — w?
= {4’ {ﬁ} (6.43)
Thus, the pth column of matrix [¢(w)] can be written as:
'a(w)pl ]
a(a))p2 1
la(w)}, = =[4,] oot (6.44)
| (@) p |
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¢p1¢11 ¢p2¢12 s ¢pn¢ln lApl 2Ap1 s nApl
Here,[Ap] _ ¢p1¢21 ¢p2¢22 s ¢pn¢2n _ lAp2 ZApZ s nApZ
¢p1¢n1 ¢p2¢n2 cee ¢pn¢nn lApn 2Apn cee nApn

(6.45)

Matrix [4,] is called the modal constant matrix for the pth column of receptance
matrix [o(w)]. Each column of [o(®)] has its own modal constant matrix. The mass-
normalized mode shapes of a system can be derived from one of its modal constant
matrices.

6.5.3 Display and properties of an FRF of a
damped MDoF system

Like an SDoF system, the FRF of an MDoF system merits a variety of different ways
of graphical displays in order to disclose its full characteristics. The FRF of an
undamped MDoF system has been deprived from a number of useful displays such
as Nyquist plot because of its zero imaginary part. The FRF for a damped MDoF
system does not have such a deficiency and should therefore be able to have a larger
variety of display methods.

In this part, we will use a 4DoF system with non-proportional structural damping.
The system matrices are given below.

1 00 0 2000 —1000 0 0
0100 ~1000 2000 —1000 0

[M] = kg [K] = N/m
0010 0 -1000 2000 —1000
000 1 0 0 —1000 2000
20 0 00
050 0

[H] = N/m
000 0
000 0

(1) Amplitude-phase plot and log-log plot
The amplitude—phase plot of the FRF for a damped MDoF system consists of the plot
of its magnitude versus frequency and that of its phase versus frequency. Figure 6.1
shows the amplitude and phase of the mobility Y;;(®) of the 4DoF system in linear
scale. As expected, the amplitude plot is dominated by resonance. The phase plot
reflects the existence of a vibration mode from its visible phase change.

Like the undamped case, a better use of the amplitude information of an FRF is to
plot it in decibel scale. The receptance ¢(w) of the 4DoF system can be plotted in
dB scale in Figure 6.2. From there, not only the four resonances are obvious, but also
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Figure 6.1 Mobility FRF Y;;(w) of the 4DoF system in linear scale
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Figure 6.2 Receptance FRF o44(w) of the 4DoF system in dB scale

the anti-resonances can be immediately identified. Figure 6.3 plots the four receptance
FRFs in dB scale which are related to DoF 1. The resonances, anti-resonances and
minima of these FRFs are readily visible. This is an outcome the FRF plot in linear
scale does not offer.

To study the asymptote properties, an MDoF FRF needs to be displayed in a log—
log plot. The asymptote properties of the MDoF FRF described in Chapter 5 are still
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Figure 6.3 Four FRFs of the 4DoF system in dB scale

applicable here. This is because damping mainly changes the amplitudes of FRF data
near resonances, anti-resonances and minima. The resonance and anti-resonance
frequencies do not alter significantly. In theory, this does not affect the asymptote
properties. When damping causes significant complexity to the FRF, it becomes
unreliable to derive the asymptote properties. Figure 6.4 shows the log—log plot of
the first point FRF of the 4DoF system in receptance, mobility and accelerance
forms.

100

Frequency (log)

Figure 6.4 Log-log plot of the first point FRF of the 4DoF system in receptance,
mobility and accelerance forms

2. Real and imaginary plots

The real and imaginary plots consist of two parts: the real part of the FRF versus
frequency and its imaginary part versus frequency. Real and imaginary plots are
retracted to be its first part without damping. For an MDoF system with structural
damping, the real and imaginary parts can be derived analytically as:
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Re(ct (@) = Real ( ) M)

=122 - ?

Im(o j (@)) = Imag ( E‘. —¢/r¢kr ]

=122~ @?

(6.46)

(6.47)

Figures (6.5) and (6.6) show the real and imaginary plots of an FRF for the 4DoF

system.

Imaginary part

0.03 . : : .
0.02 | 4
0.01 - y
0 -
~0.01 j ( .
-0.02 : ' : '
0 20 40 60 80 100

Frequency (Hz)

Figure 6.5 Real part of a receptance FRF of the 4DoF system
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Figure 6.6 Imaginary part of a receptance FRF of the 4DoF system

3. Nyquist plot
The main benefit of using the Nyquist plot for an SDoF FRF comes from its circularity
property in the complex plane. This is still valid for a damped MDoF system. The
circularity property does not exactly apply here since any vibration mode will be
influenced by other modes of the system, thus compromising the simplicity form
of an SDoF FRF. However, at the vicinity of a prominent vibration mode, we
can assume that the FRF is dominated only by that mode. Thus, the Nyquist plot
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is still one of the most useful plots for a damped MDoF FRF. Figure 6.7 shows the
Nyquist plot of an FRF of the 4DoF system. The data points do not connect full
circles because of frequency resolution.

Real
o
T
!

0
Imaginary

Figure 6.7 Nyquist plot of an FRF of the 4DoF system

The local dominance of an individual mode and the near circularity of the Nyquist
plot of an MDoF FRF means that the SDoF theory can be used in the analysis. This
opens an avenue for expanding the SDoF modal analysis method into the MDoF
domain. This will be discussed more in Chapter 9.

4. Dynamic stiffness plot

For an SDoF FREF, this plot has shown a remarkable simplicity and easiness to relate
the modal parameters with the spatial parameters of the system. For an MDoF FREF,
these advantages are heavily discounted. As we can see, the following inequality
indicates that the dynamic stiffness plot of an MDoF FRF will not resemble that of
an SDoF one.

n 2 52
b2 3 A — @ (6.48)

o (@) Lo
The difficulty of obtaining the same simplicity for the MDoF FRF is compounded by
the complexity of the numerators (modal constants). This complexity skews the real
and imaginary plots of the FRF so that the plots at a locally dominated mode cannot
achieve separate real and imaginary parts.

Different methods of displaying the same MDoF FRF aim to highlight particular
aspects of the function. Although for the same FRF, the amount of information
should be identical, it is a matter of making some information more visible and,
therefore, useful to modal analysis. Later, we will see that different modal analysis
methods rely on these FRF plots.
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Figure 6.8 The real part of the dynamic stiffness 1/a;1(w) for the 4DoF system

6.6 Time response of a damped MDoF system

Like the FRF of the SDoF system in Chapter 4, an FRF of a damped MDoF system
can be written in the form of residues and complex roots:

A; Ay
o (W = - r ik + r ik m (649)
lk( ) r (]a)ﬁ‘r j(l)*ﬁ‘r
The complex roots A, and A, are a conjugate pair. So are the complex residues ,4;;
and , 4;;. A more general expression is to use the Laplace operator as the variable so

that the transfer function between the same coordinates i and k becomes:

A. A
ay(s) =X (—" + —"J (6.50)

*
§=8  s5-35,

where s,,8 =—Cw, 1 -(to,j (6.51)

The inverse Laplace transform of this transfer function is the impulse response of the
MDoF system between coordinates i and k:

n n N 2n
hik(t) = rzzl rAikesrt + rgtl rA;]‘(es,t = rz::1 rAikesrt (652)
% *
Here5 r Aik |r>n = r—nAik and z'r |r>n = A’r—n

In general, the free vibration response of an MDoF system at coordinate i is a
combination of the time response contributed by each vibration mode. This is akin to
the modal contribution of vibration modes in the composition of an FRF. The response
can be written as:

2n
xi()=2X piet (6.53)
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Here, elements ¢;. (r =1, 2, . .., 2n) are the ith elements on the rth column of the
2n x2n mode shape matrix.

The forced response of a damped MDoF system can be derived using Laplace
transform and its inverse. The equation of motion of the system under arbitrary
external loads is given as:

[M]{x} + [Cl{x} + [KI{x(0} = {/(D)} (6.54)
The Laplace transform with zero initial conditions produces:
(s’[M] + s[C] + [K){X(s)} = {F(s)} (6.55)
Therefore, the force response in the s-domain is given as:
{X(s)} = (s°[M] + 5[C] + [K]) ™! {F(s)} (6.56)

The inverse Laplace transform generates the response in the time domain as:

(x(0)} = LH{X(s)} = L7 ((s*[M] + s[C] + [K]) ' {F(5)}) (6.57)

This transform requires the information of the initial conditions of the system.

6.7 Forced normal modes of a damped MDoF system

The mode shape of a damped system is in general complex, and therefore is different
from the undamped mode shape of the same system if damping is removed. The only
exception is when damping is proportional.

For an undamped system, the equations of motion can be uncoupled under the
principal coordinates. As a result, one mode is usually independent of other modes.
These modes have been known as the normal mode. For normal mode vibration,
every point of the system undergoes harmonic motion and passes through the equilibrium
position simultaneously.

The existence of non-proportional damping invalidates this property since the
uncoupling of equations becomes impossible. However, by using a number of harmonic
forces to counterbalance the damping forces, it is possible to excite the normal mode
vibration for a damped MDoF system. Consider a viscously damped ‘n’ DoF system
excited by harmonic forces of frequency @. The matrix equation of motion of the

system is:
[M]{x} + [Cl{x} + [K]{x} = {F}sin o1 (6.58)
Assume the solution to equation (6.58) is in the form of:
{x} = {X} sin (ot - 6) (6.59)

For any given excitation frequency @, there exist ‘n’ solutions of the type given by
equation (6.59), where each of the modes {y}; is associated with a definite phase 6,
and a corresponding distribution of forces {F} which is required for its excitation.
The response under these conditions is called the forced normal modes. Forced
normal modes are also referred to as the characteristic phase lag modes.

Now equation (6.58) can be divided into its real and imaginary parts:
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[([K] - [M]®?) sin® — [C]w cos 6]{X} = {0} (6.60)

[([K] - [M]e’) cos6 + [Cl sin O]{X} = {F} (6.61)
Equation (6.60) is the same as:

[[7] tan 6 — ([K] — [M]&*) " [Clw]{X} = {0} (6.62)

This is an eigenvalue problem. For each given frequency , there exists n eigenvalues
tan 6; and eigenvectors {¥}; such that:

[([K] — [M]@’) tan6, — [Cla] {'¥'}; = {0} (6.63)

Compared with the eigenvalue solution and the orthogonality of an undamped MDoF
system, we find that:

_ oY [CHY
(P [[K] - o[ M]{P},

; (6.64)
Equation (6.64) shows that each eigenvalue tan 6; is a continuous function of frequency
®. When o is small, so is tan 6;. As ® approaches one of the undamped natural
frequencies of the system w; tan 6; approaches infinity and therefore 6; becomes n/
2. The eigenvector defined by equation (6.63) becomes the mode shape of the damped
system.

Equations (6.63) and (6.64) also suggest that at any frequency ®, the mode shapes
depend only on the shape or distribution of matrix [C] and not on its intensity. If
every element in [C] is multiplied by a constant factor, then equation (6.64) shows
that the eigenvalue tan 6; will all be increased by the same ratio. Thus, equation
(6.63), which determines the mode shapes, will be multiplied throughout by the same
factor and the mode shape will be unchanged.

Equation (6.63) can be rewritten as:

[Clo

|@x1- 1) - L2 Jowy, = 10y (6.65)

Substituting 8; = % into equation (6.65) reveals:

(K] - [Mlo}){¥}; = {0} (6.66)

This equation lends the theory to the modal testing procedures using multi-excitation
forces in order to excite out the undamped modes from a damped structure. It is of
interest to note that the damping types are irrelevant when the undamped modes are
thus excited.

We can see that when the frequency @ is equal to one of the undamped natural
frequencies w,, the mode shape for one of the eigenvalues tan 6; (which is now equal
to infinity, or the angle 6; is 7/2) is identical to the undamped mode shape. In this
case, the forces required can be obtained from equation (6.61) to be:

o[CH{ Y} = {F}; (6.67)
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6.8 Remarks on complex modes

For modal analysis, perhaps the most significant outcome of having non-proportional
damping are complex vibration modes. The concept of mode shapes was well interpreted
in the case of no damping with clearly defined physical meanings. When mode
shapes become complex, points on a structure no longer move in a clear pattern of
either in or out of phase.

Mathematically, we are able to interpret the origins of complex modes. If a dynamic
structure is modelled as an MDoF system with mass, stiffness and damping matrices,
then it is easy to see that the eigenvectors of the system, which are the mode shapes,
only become complex if (a) one or more of the matrices are not symmetric, or (b) the
damping matrix is not diagonalizable using the undamped mode shapes. In the first
case, the mass and stiffness matrices are symmetric. The damping matrix can be
skew-symmetric if the gyroscopic forces of a rotating machine are present. In this
case, even if no damping terms exist in the matrix, the eigenvalue problem will lead
to complex mode shapes. In the second case, if damping is not proportional, the
eigenvectors will be complex. If the state—space formulation is used, it will result in
a set of eigenvectors which diagonalize two system matrices, but not the damping
matrix (and many stiffness matrices) of the system.

Complex modes share some characteristics with real modes. When using structural
damping model, complex modes are orthogonal to each other with respect to the
system mass matrix and complex stiffness matrix. When using a viscous damping
model, complex modes are orthogonal to each other with respect to matrices [4] and
[B] in equation (6.20). Because of these orthogonality properties, complex modes can
uncouple the equations of motion (for structural damping) or the reconstructed equations
of motion (for viscous damping).

Unlike real modes, elements in a complex mode have different phase angles valued
between 0 and 180 degrees. This means that points on a vibrating structure do not
pass through the equilibrium position at the same time, although they still share the
same oscillation frequency. The nodal point of the structure is not fixed. It moves
with a certain period dictated by the complexity of the mode.

The real difficulty for the complex mode in modal analysis is not the ability to
simulate and study it, but to identify them using the concept and theory in the
derivation of modal data. In this case, usually there are no correct answers to compare
with. As a result, different interpretations and outcomes may occur from the same
measured FRF data. The main question is to ascertain the authenticity of the derived
complex modes. There are several factors in modal analysis which may result in
computational complex modes. For example, if two close real modes are not analysed
correctly or accurately, then both may become ‘complex’ modes. The deviation of the
phase for modal constants also results in untrue complexity of modes. The presence
of nonlinearity may lead to the identification of false complex modes.

The amount of complexity of an authentic complex mode is difficult to quantify,
but there is a need to derive a parameter for that purpose so that complex modes can
be analysed. The most obvious feature for complexity of a mode shape is the phase
angles of its elements. The more each angle deviates from 0 or 180 degrees, the more
it contributes to the complexity. The maximum angle deviation is 90 degrees. However,
we can also see that it is not just the accumulated phase deviation that matters. If we
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have a mode where all phase angles are 90 degrees, then that mode is not complex at
all. Therefore, we can start to define a parameter as a measure of modal complexity
and call it the modal complexity factor. This factor quantifies a normalized phase
deviation of a complex mode shape by calculating the mean value of the inter-
element phase differences. The percentage ratio between this value and the maximum
deviation of 90 degrees indicates the degree of modal complexity.

10.

11.

12.
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Frequency response
function measurement

7.1 Introduction

The measurement for experimental modal analysis is to acquire frequency response
function data from a test structure. For some time-domain analysis it is to obtain
either the free decaying impulse response or the response due to ambient excitations.
While there are a variety of methods available to carry out measurement, only a
simple method is explained in this chapter. This method is to excite a structure with
a known input force and measure both the force and responses on the structure. As a
result, we obtain the data for a group of FRFs that can be used later for modal
analysis to derive the modal model of the structure.

Experimental modal analysis is a system identification endeavour. The structure is
a ‘black box’ that needs to be deciphered. The traditional approach is to provide the
‘black box’ with a known input, measure the output and proceed with the identification.
For our measurement, we use force input so that the FRF can be derived directly from
the force and response information. The excitation force can be random, sinusoidal,
periodic or impact ones. Theoretically, the type of force does not matter as the FRF
is defined as the ratio between the response and force. In practice, whenever practical
we want to use a force that has sufficient energy and frequency components to excite
all vibration modes of interest and to allow minimum errors in signal processing,
leading to the formation of accurate FRF data. We are also limited by the capacities
of the hardware available for measurement.

The assumption that the test structure behaves linearly is essential to attaining
accurate FRF measurement. This is not difficult to verify in an experiment. If the
excitation force level is controllable, then we should be able to double or multiple the
force input level and observe the repeatability of the FRF data. For a structure which
does not follow linearity assumption exactly, we know that normal modal analysis
from the measured FRF data may only represent a linearized mathematical model for
the structure. The other essential assumption is the reciprocity property of the structure.
Again this assumption is generally not difficult to verify. Sometimes we have to take
care that these assumptions also involve the instrument part of the measurement set-
up, too. So, ideally, we should like to see the whole measurement set-up (including
the structure) follow linearity and reciprocity. In addition, FRF measurement cannot
succeed if the dynamic properties of a structure vary during the measurement. For



Frequency response function measurement

this reason, we require the structure to be time-invariant. This condition is usually
met in FRF measurement.

Rapid improvement in measurement hardware and computing power in the last
couple of decades has enabled us to make FRF measurement with multiple force
inputs and multiple response outputs simultaneously. With multiple force inputs, it
becomes possible to make the structure vibrate with reasonably uniform amplitudes
rather than having great disparity of amplitudes across it under a single input. This
type of measurement, if used properly, can result in more accurate FRF data and
subsequently modal data. Time saving is accomplished. The demand on greater resources
to conduct multiple input tests confines it to laboratories of sizable institutions.

FRF data are not the only type of data acquired for modal analysis. As we have
known, for a special category of modal analysis that utilizes the responses in time
history, either free vibration response or impulse response function data are needed.
There are also practical cases where laboratory set-up for force excitations is not
feasible. Instead, vibration response due to ambient excitations can be readily measured.

7.2 A general measurement set-up

A typical measurement set-up in a laboratory environment should have three constituent
parts. Take a simple single input and single output case as an example. The first part
is responsible for generating the excitation force and applying it to the test structure;
the second part is to measure and acquire the response data; and the third part
provides signal processing capacity to derive FRF data from the measured force and
response data.

Signal
generator

Power
amplifier [:]

[ ]

Analyser
Shaker /\/\j\

OO Signal

conditioners

e]e)

Force
transducer

Signal
flow

Accelerometer

Figure 7.1 A measurement set-up with shaker excitation

7.2.1 Excitation mechanism

The first part of the measurement set-up is an excitation mechanism that applies a
force of sufficient amplitude and frequency contents to the structure. There are different
types of excitation equipment that are able to excitate a structure. The two most
common ones are shaker and hammer.
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-
zw

Figure 7.2 A measurement set-up with hammer excitation

A hammer is a device that produces an excitation force pulse to the test structure.
It consists of hammer tip, force transducer, balancing mass and handle. The hammer
tip can be changed to alter the hardness. Typical materials for the tip are rubber,
plastic and steel. The hardness of the tip, together with that of the structure surface
to be tested, is directly related to the frequency range of the input pulse force. For a
hard tip striking on a hard surface, we can expect the force pulse to distribute energy
to a wide range of spectrum. This is the only mechanism to control the frequency
components of excitation in a hammer test.

An electromagnetic shaker, also known as an electrodynamic shaker, is the most
common type of shaker used in modal testing. It consists of a magnet, a moving block
and a coil in the magnet. When an electric current from a signal generator passes
through the coil inside the shaker, a force proportional to the current and the magnetic
flux density is generated which drives the moving block. An electromagnetic shaker
has a wide frequency, amplitude and dynamic range. For low frequency and large
amplitude excitation, an electrohydraulic exciter can be used.

7.2.2 Accelerometer

An accelerometer is the most common sensor for modal testing. It measures acceleration
of a test structure and outputs the signal in the form of voltage. This signal will be
transformed by a signal conditioner before it is processed by an analyser, other
hardware or software. The accelerometer does not assume the properties of the measured
structure such as linearity. An accurate accelerometer only records faithfully the
acceleration at the measurement location.

There are two aspects in the acceleration measurement that a sensor needs to be
capable of dealing with. One is the frequency and the other is the amplitude. Both are
reflected in the input—output relationship of an accelerometer. An ideal accelerometer
should have a linear input and output relationship in order to ensure that the amplitude
content of the acceleration signal at different frequencies is truthfully recorded. The
FRF of the accelerometer should be uniformly flat so that the amplitude of no frequency
is distorted. The accelerometer should also impose zero phase shift to the signal
measured.
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Most accelerometers come with amplitude-frequency and phase-frequency charts
to show their characteristics. Figure 7.3 shows a typical frequency response curve of
an accelerometer.
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Figure 7.3 A typical chart for an accelerometer

The characteristics of an accelerometer are its potential. They can be fully realized
if the sensor is connected rigidly on the structure. In reality, this is not to be the case.
An accelerometer has to be mounted non-rigidly on a structure for measurement. If
considered as a rigid mass block, the accelerometer and its mount can be modelled
as an SDoF system as shown in Figure 7.4.

Transducer Accelerometer

% HJgMouming

1 | |Structure

Structure

Figure 7.4 An SDoF model of an accelerometer and its mounting

The accuracy of the acceleration measurement depends largely on the mounting
which is modelled by a spring and a damper. The accelerometer is of course more
than just a mass block. As Figure 7.3 shows, it has its own natural frequency. This
frequency is usually much higher than the frequency of the SDoF system in Figure
7.4. The best accuracy would arise if the mounting were rigid. The flexibility of the
mounting means that the characteristics of the accelerometer are compromised
somewhat. Because of it, acceleration from the structure may be different from that
experienced by the accelerometer. However, if the natural frequency of this SDoF
system is five times or more of the frequency of the acceleration signal from the
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measured structure, then there is effectively no magnitude and phase distortion. The
acceleration measured is seen as identical to that from the structure.

A most common type of accelerometer is the piezoelectric one as illustrated in
Figure 7.5. Piezoelectricity means the phenomenon of strain inducing a change in the
shape of a crystal thus leading to the change of electric charge. At the low frequency
end, piezoelectric accelerometers do not respond to DC signal. At the high frequency
end, the accuracy of measurement is degraded by the natural frequency of the sensor.
When selecting an accelerometer for modal testing, a number of factors need to be
thought through. The main parameters affecting the performance of a piezoelectric
accelerometer are: the frequency response property; the sensitivity and its stability
under temperature change; cross-axial sensitivity and base strain.

Pre-compressed
/ spring

Seismic mass
—
T Crystals

)

\\?k 7

Figure 7.5 Diagram of a piezoelectric accelerometer

Body

The frequency response property determines the linearity of the sensor. The sensitivity
of an accelerometer dictates the signal to noise ratio. Large and stable sensitivity
means accurate measurement. Cross-axial sensitivity causes inaccuracy in measurement.
Base strain is caused by the flexure of the accelerometer base interacting non-rigid
structure surface. Usually, a more sensitive accelerometer is more bulky. The
accelerometer mass has the potential to change the characteristics of the test structure.
This is particularly so if the accelerometer is located at or close to an anti-nodal point
of a vibration mode where a minute mass change can cause significant natural frequency
shift. Thus, when selecting a better sensitivity, we need to be mass conscious.

7.2.3 Force transducer

A force transducer is another type of sensor used in modal testing. Like an accelerometer,
a piezoelectric force transducer generates an output charge or voltage that is proportional
to the force applied to the transducer (Figure 7.6). Unlike an accelerometer though,
a force transducer does not have an inertial mass attached to the transducing element.
It has to be physically compressed or stretched so that the transducing part can
generate output. For a shaker test, a force transducer has to be connected between the
structure surface and the shaker. For a hammer test, the transducer is located at the
hammer tip and is compressed when impact is applied to.

The ways the characteristics of a force transducer affect measurement accuracy
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Figure 7.6 A diagram of a piezoelectric force transducer

are similar to that for an accelerometer. They include frequency response characteristics,
sensitivity and cross-axial sensitivity. The mass of the force transducer can also
potentially affect the measurement outcome. For both force and acceleration sensors,
this problem is most acute when the structure resonates.

The main consideration in selecting a force transducer is to understand how it
interacts with the excitation device to which it connects. For example, when a force
transducer is used on an impact hammer, variation of the hammer tip and the mass of
the hammer handle can cause a different force transducer calibration. When the force
transducer is used with an excitation shaker, the presence of its mass may cause
significant distortion to the force signal measured at structural resonance. The extent
of distortion is dependent on the mass difference between the transducer and the
structure. The mass of the transducer may also be responsible for the sensitivity the
transducer has to bending moments.

7.3 Preparation of the test structure

A real structure is often connected to its surroundings. Therefore, its dynamic
characteristics in situ are determined by the boundary conditions as well as by itself.
When the FRF measurement is to be carried out, the question to be answered is:
‘Under what conditions do we want to test the structure, stand alone or in situ?’ The
answer to this question hinges on two considerations when preparing the structure for
test: (1) do we need the modal model of the structure in its working condition or in
the laboratory environment; and (2) is it realistic to test the structure in sifu or in
laboratory?

For consideration (1), the answer is that it depends on what we need the derived
modal model for. For some structures, we need to know its dynamic behaviour
exactly in its working conditions or with its surroundings. For example, to study the
dynamic behaviour of the tool carriage of a lathe and its relation to the cutting
accuracy, it is necessary that the tool carriage be actually on the lathe. At other times,
the modal model derived from the test structure may be used as a constituent part for
further prediction analysis such as structural coupling analysis. Then, the model
should be derived when the structure is isolated in a laboratory environment.

For consideration (2), we need to assess the feasibility for a structure to be tested
under the desired conditions. Some structures cannot be tested in situ because of
deficiency in current measurement technology or inaccessibility. We need to use the
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modal data obtained from a laboratory measurement to analyse and simulate the
dynamic behaviour in situ. Other structures cannot fit into a laboratory environment
for FRF measurement. They have to be tested in situ. In both cases, it is vital to
ensure that the test conditions are stable and repeatable so that the measured FRF
data are reliable and representative.

If an FRF measurement in the laboratory is desired and feasible, a structure is
often prepared to simulate free or grounded boundary conditions. The subsequent use
of the modal model to be derived from the measurement determines which boundary
conditions to use. It is impossible to imitate perfect free or grounded conditions.
These conditions can only be approximated in the laboratory with reasonable accuracy.

The free boundary condition is simulated by supporting the structure with soft
materials such as springs or elastic bands. Such an arrangement creates one or more
rigid body modes from the stiffness of these supporting materials and the total mass
of the structure. If the natural frequencies of these rigid body modes are far from the
first natural frequency of the structure, the measured FRF data should not be affected
by this boundary condition. Figure 7.7 shows a simple plate supported by four soft
springs. For the same principle, a heavy structure can be put on top of an inflated car
tyre tube or a few layers of thick porous packaging material.

The grounded boundary condition is more difficult to simulate in the laboratory.
Theoretically, a grounded condition means that all the six degrees of freedom at the
boundary are rigidly fixed. This can almost never be achieved in reality. In modal
testing, the arrangement is often to ‘fix’ the structure to a much more rigid and
heavier object such as a concrete floor.

Figure 7.7 A simple plate supported by four soft springs

It is only for some special cases that a true grounded condition can be simulated.
For example, accurate measurement of the cantilever in Figure 7.8 needs a rigid
boundary condition at the built-in end which may be difficult to realize. The alternative
is to measure the beam on the right which is freely supported with a doubled length.
Any odd number of modes from this beam will be the equivalent modes for the
cantilever. This is due to the fact that for these modes, the middle cross-section of the
free—free beam is truly ‘fixed’.

For the simulation of the free boundary condition, we often know the limitation
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Figure 7.8 A cantilever and a free—free beam with a doubled length

from the natural frequencies of the rigid body modes. For the simulation of the
grounded condition, however, we often do not know how rigid (or non-rigid) the
boundary condition is and therefore the limitation. It is only when we are convinced
that the boundary condition is rigid enough not to affect the frequency range of
interest, can we be confident with the FRF data measured from this structural support.

7.4 Selection of excitation forces

The excitation method is important to conducting accurate modal testing. Although
theoretically the FRF data should not depend on the excitations (and responses), in
practice the accuracy and quality of FRF data do depend, among many factors, on the
choice of excitation. The decision on excitation is based first on the optimum method
for accurate measurement data that suit test objectives and the structure. It is therefore
imperative for modal analysts to appreciate all available excitation methods so as to
be able to select the most suitable one for testing. It is unrealistic and unnecessary to
expect to have a perfect measurement set-up.

Time constraint is often a determining factor paralleled to hardware. Different test
objectives require different amounts of time to conduct. In the following, only brief
comments on some of the most common excitation methods are given. For a detailed
description of these excitation methods, refer to the published books and papers on
vibration and modal testing and signal processing listed at the end of this chapter.

7.4.1 Sinusoidal excitation

Sinusoidal excitation way the most traditional method for modal testing. Today, it is
still a most popular one. The force contains one single frequency at a time and the
excitation sweeps from one frequency to another with a given step, allowing the
structure to engage in one harmonic vibration at a time. This excitation is effective
for exciting a structure with high vibration level, for characterizing nonlinearity of a
structure, and for exciting normal vibration modes of a damped structure.

Single input sinusoidal excitation could be very time-consuming, despite its superior
effectiveness. The advent of multi-input multi-output (MIMO) testing partially rectified
this problem. With the ability to perform real-time FRF estimation on many channels,
sinusoidal excitation becomes a fast as well as reliable excitation method for modal
testing.

The dynamics of structures are physically decomposed by frequency and position.
When tuned to near a natural frequency, the structural response is dominated by that

147



148 Modal Analysis

vibration mode. This natural segregation provides an avenue for direct parameter
identification with usually satisfactory signal to noise ratio. This is a possibility other
excitation methods do not offer to modal analysts.

7.4.2 Random excitation

The force signal for random excitation is an ergodic, stationary random signal with
Gaussian distribution. It contains all frequencies within the frequency range. For a
structure that behaves nonlinearly, random excitation has the tendency to linearize
the behaviour from the measurement data. The frequency response function derived
from random excitation measurement will then be the linearized FRF. This FREF,
though failing to provide more information on the nonlinearity, is actually a very
useful function as it is perceived as the ‘best’ FRF estimate for the structure. It
correctly models the amount of energy dissipation of the structure during vibration.
However, this linear model is best only for a particular force spectral density. Therefore,
we may have a series of linearized FRFs for varying excitation force levels.

The fact that for random excitation neither the force signal nor the response are
periodic with infinite time history gives rise to an error called leakage. Some signal
processing measures have been available for minimizing this error.

7.4.3 Pseudo random excitation

The force signal in this excitation is an ergodic, stationary random signal that consists
of discrete frequencies formed by integer multiples of the frequency resolution used
by the Fourier transform. It is a periodic signal with random amplitude and phase
distribution. This excitation has eliminated the leakage problem a random excitation
commonly encounters. It usually results in more accurate FRF data for modal analysis.
Nevertheless, pseudo random excitation requires a special device to generate such a
unique force signal and it requires more time than random excitation to implement.

An improved version of pseudo random excitation is called burst random excitation.
A burst random signal is created by gating on and off a true random source such that
the measurement begins with the source and continues after the source is switched
off. The spectrum of a burst random has random amplitude and phase and contains
energy throughout the frequency range. By choosing the time for truncation of the
random source, the measurement resembles pseudo random excitation but without
the need to wait for the decay of the transient portion of the response.

7.4.4 Impact excitation

The time domain force signal for impact excitation is a pulse with uncontrollable
frequency contents. In terms of hardware involved, impact excitation is a relatively
simple excitation technique compared with shaker excitation. It is convenient to use
and very portable for field and laboratory tests. Because of no physical connection
between the excitation and the structure, impact test avoids the problem of interaction
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between them. This means it is possible to measure accurate damping quantities if the
signal processing does not add windows or if the additional damping from windowing
can be removed.

The main disadvantages of impact excitation are as notable as its advantages. It is
difficult to control either the force level or the frequency range of the impact. This
could affect the signal to noise ratio in the measurement, thus resulting in poor
quality data. The impact cannot usually be repeated unless a special device such as
a swing for the impact hammer is used. In addition, some structures are too delicate
to be hammered upon.

7.5 Different estimates of an FRF and effects of noise

For any measurement, noise exists at both the input and the output. For frequencies
close to resonance, the vibration response is significant so noise at the output can be
ignored. For frequencies close to anti-resonance, the excitation signal is significant
so noise at the input can be ignored. For other frequencies, we can expect noise from
both ends to affect the FRF estimation. This prompted the effort to find different FRF
estimators to derive most accurate FRF data with the presence of noise. However, for
an FRF with prominent resonances and anti-resonances, it is impossible to find a
single FRF estimator which produces most accurate FRF data through the frequency
range.

For the idealized measurement situation shown in Figure 7.9 where no noise and
measurement errors are present, the FRF can be defined simply as the ratio of two

F(w) System X(w)
H(w)

Figure 7.9 A system with single input and output

Fourier transforms. The first is that of the response x(¢) and denoted as X(w). The
second is that of the input force f(#) and denoted as F(w):

X(w)

From dual channel spectral analysis an FRF is defined as the cross-spectrum of
excitation and response divided by the auto-spectrum of the excitation. This leads to
the following noise-free FRF estimator:

Spx (@)
Spr(@)

Here, Spy(w) is the cross-spectrum of excitation and response and Spx(®) is the auto-
spectrum of the excitation. It has been found in spectral analysis that the same FRF
can be estimated from the ratio of the auto-spectrum of the excitation Syy(®) and the
cross-spectrum of excitation and response Sgy(®):

Hi(0)= (7.2)
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Sxx ()
Sxyr ()
When the test structure satisfies all assumptions and when noise and measurement

errors do not exist, these two different FRF estimators should be equal to the correct
FRF:

Hy(0) = (7.3)

H(0) = Hy(0) = H(w) (7.4)

In reality, FRF measurement cannot be noise free. Figure 7.10 shows that the measured
force F (w) is a combined signal of the genuine force F(w) and the noise from the
input M(w). These two are normally inseparable in the time domain but they are not
correlated to each other. Therefore, we have S),-(w) = 0. This property is useful in
deriving different FRF estimators to combat noise. The same happens at the output
end. The measured response X (w) encompasses both the true response X(w) and the
noise from the output N(w). They are not correlated so that Syy(w) = 0.

Flw) R System X(w)
> H(o) -

N(w)

X()

Figure 7.10 FRF estimation with input and output noise

The FRF using )A((a)) and I:"(a)) can be estimated as:

3 _ §XF(w) _ Sum (@) .
H, (o) —AFF - H(w) (1 + —SFF(w)) (7.5)
3 _ §XX(w) _ Sy (@)

or H,(w) —AXF 0 H(w) (1 + —SXX(CU)) (7.6)

Neither estimator accounts for the accurate FRF. In terms of amplitude, H () is an
underestimator and H, (®) is an overestimator. More insights can be made if we

examine 1:11 (w) and ﬁz (w) at vicinities of resonances and anti-resonances where
most dramatic changes of signal to noise ratio occur either at the input or the output
end.

At a resonance, the interaction between the excitation shaker and the structure
usually results in a notch in the force signal. This allows measurement noise to
dominate the input end while high level of response ensures a large signal to noise
ratio at the output end, resulting in a significant Sy;,(®) compared with Spr(®).
Consequently, the FRF estimator H | (0) underestimates the true FRF H(w) (as shown

in Figure 7.11) and the estimator H ,» () is accurate. As many modal analysis methods
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utilize the measured FRF data at the vicinity of resonances, estimator Hz (w) should
be the choice over H;(w).

-1

(@ s = H(@) 1+ 32200 < (@) .7

[:[2 (w)|resonance = H((D) (1 + gﬁzgg;) = H((D) (78)
Real

Imaginary

H(w)

0

Figure 7.11 The H(w) and /:/1(0)) plot of an SDoF receptance FRF

At an anti-resonance, the response from the structure usually is insignificant compared
with the force input. This allows measurement noise to dominate the output while a
high level of force produces a large signal to noise ratio at the input end. This results
in a significant Syy (®) compared with Syy(w) and a small S;,,(®). Consequently, we
have the following estimates for the true FRF H(w):

; _ Suu (@) _

Hl (a))|anti-resonance - H(CO) (1 + SA;Z[((D) ) - H(CO) (79)
: _ Sy (@)

H2 (w)|anti—resonance - H((D) (1 + SZZ(G))) > H(CO) (710)

The two FRF estimators 1:11 (w) and ﬁz (w) are related through the coherence
function (). For the input f(£) and output x(¢), coherence is defined as:

_ S (@)
Y%X(w)  Ser (Fg)SXX(w)

Physically, coherence reflects the causal and linear relationship between the output
x(#) and input f(f). Therefore, y*(w) is equal to 0 when the output is not due to the
input equal to 1 when the output is caused solely by the input. Poor coherence is

(7.11)
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indicative of poor signal to noise ratio, measurement errors, nonlinear or time-variant
behaviour of the structure, or a combination of them.
From the definitions of two FRF estimators and coherence, we can find that:

2 _ 1:11((0) 712
Yix (@) 1:12 (@) (7.12)

Therefore, if a measurement set-up only provides H 1 (w) data, we can convert it into
H, (w) using coherence data for modal analysis.

Another source of errors existing in measured FRF data is caused not by noise, as
we have discussed, but by leakage in the Fourier transform. Leakage occurs when the
free vibration of a resonance has to be truncated prematurely. As a result, both the
output spectrum Syy(®) and cross-spectrum Syr (@) will contain errors. Only the
input spectrum Sy (®) can be unaffected. When using the H 1 () estimator, the ratio
of inaccurate Syr(w) and accurate Sgr (@) will inherit leakage errors in the FRF data.

When using the H, (@) estimator, however, the ratio of inaccurate Syz(®) and inaccurate
Syy (@) cancel out the errors, leaving more accurate FRF data.

7.6 Two incompletenesses of measured data

Theoretically, a real structure has an infinite number of DoFs and, therefore, vibration
modes. No measurement is able to cover all. From this sense, the measured FRF data
from a structure are always incomplete. When we deal with a structure which has
been discretized by an analytical model such as a finite element model, the number
of DoFs employed is usually much greater than the number of locations measurement
can realistically afford to take. In this case, the measured FRF data are again incomplete.

First, the measured data can only cover a limited frequency range encompassing
only a part of the vibration modes. Therefore, from the measured data we can derive
an incomplete number of vibration modes. The frequency range covered in measurement
is determined by the interest, by the measurement hardware limitation such as the
accelerometer mounting, or by the range within which the structure’s dynamic behaviour
is modal. This can be called the frequency incompleteness.

Second, the number of coordinates used in FRF measurement is usually far less
than the number of DoFs used in an analytical model. This means that the spatial
description of vibration modes is not complete. This is the spatial incompleteness.
The number of coordinates used in measurement is determined by the cost and time
involved in conducting measurement, the accessibility of coordinates on the structure
or the ability to measure at all desired coordinates. For vibration modes at low
frequencies, a modest number of coordinates are sufficient to describe the mode
shapes. High frequency modes have to be outlined using more coordinates. An
insufficient number of coordinates may fail to describe the vibration mode shapes
adequately or cause spatial aliasing where a high frequency mode is mistaken as a
low frequency one.

The number of coordinates used in modal testing and the number of vibration
modes covered in the measurement are rarely the same. If the former is greater than
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the latter, we can assume sufficient spatial resolution exists to distinguish between
the measured vibration modes. If the reverse is true, then more coordinates are
needed in order to better describe the measured vibration modes.

Assume N coordinates are needed to describe the vibration modes of a structure
adequately. Then the FRF matrix of the ideal mathematical model will be dimensioned
N x N. By moving all measured coordinates to the upper rows in the matrix, we can
illustrate the two incompletenesses in the matrix as shown in Figure 7.12.

Measured
\ Frequency
I~ L incompleteness
| P
Spatial
incompleteness\\\
Nx N

Figure 7.12 Two incompletenesses in measured FRF data shown in the FRF matrix

7.7 Initial assessment of measured FRF data

The quality of modal analysis relies critically on the quality of the measured FRF
data or impact response data. Although modal analysis methods can try to minimize
the effect of inaccuracy carried in the measured data, no method is able to rectify
fundamental errors or measurement mistakes through the analysis. The modal properties
derived from erroneous FRF data are susceptible to unacceptable errors. To compound
the situation, often we have few effective means of identifying the errors in the
derived modal model. This means that assessment on the quality of measured FRF
data becomes fundamentally essential for experimental modal analysis.

The assessment of measured FRF data is basically to ascertain two things: (1) the
structure satisfies the assumptions modal analysis requires; and (2) human and system
errors are minimized or eliminated. Basically, the structure needs to comply with
reciprocity, time invariance and linearity so that consistent modal properties exist in
the measured FRF data which can be revealed by the subsequent analysis. If, however,
these assumptions are not verified, then confidence in the derived modal properties
will be eroded. The assessment is also to ensure that human errors such as incorrect
bookkeeping are not made and errors caused by signal processing are minimized.

Although there are methods to assist in identifying potential errors in measured
FRF data, some of them cannot be identified. For example, if the measurement
system is not properly calibrated, then it would be impossible to find it just from the
measured FRF data.
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7.7.1 Repeatability check of the measured FRF data

The simplest, but not the least useful, assessment of FRF measurement is to ascertain
the repeatability of the measurement. This is mainly to ensure that the structure’s
dynamic behaviour and the whole measurement set-up system are time-invariant. For
selected force input and response locations, a linear structure should yield identical
FRF curves for every measurement. By selection of a pair of input and output locations
and testing conditions, a number of measurements can be carried out with time
intervals. Typically, selected FRF measurements can be repeated before and after the
whole structure is tested. This seemingly trivial process can be quite helpful to ensure
that not only the structure’s behaviour is constant, but also that the testing conditions
are kept unaltered throughout the measurement.

7.7.2 Reciprocity check of the measured FRF data

A linear and time-invariant structure honours reciprocity property. For a single input,
this means that the FRF data from a measurement should be identical if we exchange
the locations of force and response. Theoretically, this property can be traced back to
the symmetry of mass, stiffness and damping matrices. Because of the symmetry, the
FRF matrix, which is mathematically the inverse of the dynamic stiffness matrix, will
also be symmetric. The reciprocity property of the FRF can be used to assess the
reliability and accuracy of the measured FRF data.

In measurement, this reciprocity may not be applicable to some part of a structure.
For example, if we conduct a shaker test, certain coordinates may be inaccessible to
the shaker because of physical constraints. This precludes the reciprocity check of
some FRFs. To duplicate exact test conditions may also be an issue in the reciprocity
check, such as the force condition and precision of two locations. It is not unusual to
find that the anti-resonances of two FRFs from the same pair of coordinates do not
agree well.

7.7.3 Linearity check of the measured FRF data

Perhaps the most important assumption of modal analysis is that the structure measured
for FRF data behaves linearly. Without this assumption, modal analysis results will
not be meaningful.

The ultimate check of linearity is to ensure that the FRF data are independent of
excitation amplitudes. This can be achieved either qualitatively or quantitatively. For
the former, FRF data from the same locations can be measured repeatedly with
different but uncontrolled changes of excitation amplitudes. The measured FRF data
can be overlaid to verify the uniformity of the curves. For the latter, controlled
measurement is used to understand the nonlinearity existing in the structure. For
example, an FRF measurement with constant response amplitude has the capacity to
linearize nonlinearity.
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7.7.4 Special characteristics of an FRF

From the theory of modal analysis, we can derive some characteristics of an FRF and
use them to assess the FRF data measured in modal testing. This assessment has the
potential to detect measurement errors or mistakes made during the testing.

The first characteristic is that for a point FRF measurement we expect to see an
anti-resonance between two adjacent resonances. The rationale of this characteristic
has been explained in Chapter 5. Therefore, if this characteristic is not fully observed
on a point measurement, it is likely that the force and response transducers are not
actually at the same coordinate, as they should be. Any minor offset of the two could
degenerate some of the anti-resonances.

For a grounded structure, at very low frequency range, the predominant characteristic
of the structure is its static stiffness. Therefore, at the beginning of the FRF, we
should see a stiffness line before the first resonance appears. On the other hand, for
a freely supported structure, the prevailing characteristic at very low frequency is the
mass and inertia. This means we should see a mass line at the beginning of the FRF.
Figures 7.13 and 7.14 illustrate these two cases.

Receptance (dB)

0 Frequency (log)

Figure 7.13 A point FRF of a grounded structure with the dotted stiffness line
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Figure 7.14 A point FRF of a free structure with the dotted mass line
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Modal analysis methods -
frequency domain

8.1 Introduction

Modal analysis is a process of extracting modal parameters (natural frequencies,
damping loss factors and modal constants) from measured vibration data. Since the
measured data can be in the form of either frequency response functions or of impulse
responses, there are frequency domain modal analysis and time domain modal analysis.

The fundamental of modal analysis using measured frequency response function
data is about curving fitting the data using a predefined mathematical model of the
measured structure. This model assumes the number of DoFs of the structure, its
damping type and possibly the number of vibration modes within the measured
frequency range. These assumptions should dictate the mathematical expression of
each FRF curve from measurement. As a result, the subsequent work will be a curve-
fitting process trying to derive all modal parameters in a mathematical formula of an
FRF using measurement data.

The accuracy of modal analysis is not a simple question of how a measured FRF
curve is best fitted in a pure mathematical sense. Obviously, the more accurate the
measured FRF data are, the better chance we have to get more accurate curve fitting.
In mathematics, the accuracy or successfulness of a curve-fitting endeavour can
usually be appraised by defining an error function and aiming to minimize it. This
approach is only valid if the correct mathematical formula is used in the curve fitting.
If, however, an incorrect mathematical model is used, the curve-fitting outcome is
doomed to be a bad one if not a failure, even if the error function is actually minimized
numerically.

For frequency domain modal analysis, the mathematical model is the analytical
expression of a frequency response function that is truly representative of the FRF
data from measurement. This raises a few questions. First, a structure has an infinite
number of DoFs. As a result, the measured FRF data contain the modal information
of the modes beyond the frequency range of measurement as well as those within.
Assume a structure can be discretized as an ‘N’ DoF structural system. An analytical
expression of an FRF of the system is:

N LAy
WO = 2 T ot

(8.1)
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If only the first ‘m’ modes fall within the frequency range of a baseband measurement
(frequency commences from zero), then the expression of
m A

. Ay
O T ot o &2

precludes the impact of modes beyond the measurement range. Since those modes
are not measured, there are no data with which they can be analysed. One solution is
to elect that those invisible modes be represented by a high frequency residual term
R;j(w) so that:

m

_y r4j R
oy(0) = 2 oo+ ol 5(@) (8.3)

This residual term is usually made to be a linear function so that modal analysis
can be carried out without much additional problems caused by invisible modes.
However, this highlights the fact that the mathematical model derived by modal
analysis from measured FRF data does have inherent inadequacy.

Like any curve fitting in numerical analysis, the error function is usually defined
as the difference between the FRF estimate from the identified vibration modes and
the measured FRF data:

e;(w) =0 (w) — a;(w) (8.4)

where &; () is the measured FRF data. Many modal analysis methods are based on
the minimization of this error function. As discussed above, the validity and accuracy
of the outcome depends not only on the accuracy of the measured data, but also on
the validity of the analytical expression of the FRF o;(w).

8.2 Detection of vibration modes from
measured FRF data

No matter what modal analysis methods we will be using, a very essential question
in the analysis is how many vibration modes within a selected frequency range are we
dealing with, and, if a particular peak of the FRF represents a genuine vibration
mode. There is an intrinsic dilemma here. The exact number of modes may become
clear if proper analysis has been completed but a proper analysis is often impossible
without first knowing the exact number of modes at present. Another relevant question
is weather we really need to know the exact number within the selected frequency
range to obtain meaningful and useful analysis results.

With the theory from previous chapters (especially from Chapters 5 and 6), we
know that an FRF can be presented in a number of different forms. Some of them are
more useful for identifying a vibration mode. It is equally helpful to understand what
forms of FRF are not conducive for identifying vibration modes so as to avoid using
them in analysis.

The modulus vs frequency plot of an FRF is sometimes perceived to be the crucial
plot for identifying vibration modes as it manifests resonance peaks. This fallacy
does not accord with two scenarios: (1) not every mode will appear on every measured



Modal analysis methods - frequency domain

FRF; and (2) not every peak of an FRF is an authentic mode. For example, the
measured FRF shown in Figure 8.1 is from a structure consisting of beams. It contains
a few peaks which are due to noise, and it also has some modes invisible in the
frequency range.

40

24+

Accelerance (dB)

_24 1

—40

0 400 800 1200 1600
Frequency (Hz)

Figure 8.1 Modulus of a point FRF measured from a beam structure

The identification of vibration modes prior to analysis needs to be based on several
FRF curves. A convenient solution is to add all the FRF curves in dB scales together.
This will ensure that vibration modes become more prominent in the total FRF plot.
This summation bears little physical meaning. It is a pure numerical treatment. It
does not question if all the prominent peaks are modes although unauthentic peaks do
not prevail in the simulation.

The phase plot of an FRF may provide additional help. Theoretically, we accept
that a vibration mode would cause a 180 degree phase change. With the presence of
damping, the change of phase is less than clear cut. For a real measurement, the phase
plot is very sensitive to noise. This means sometimes there will be many phase
changes due to reasons other than a resonance. In this case, the phase plot is not a
useful source of information for identifying vibration modes.

There are other methods such as the SVD-based. All possible methods could fail
in case of close modes. If two modes are really close, then it will be very difficult to
tell them from one mode. This situation happens more often than usually thought
because many real structures show some form of geographical symmetry. The presence
of this symmetry will theoretically lead to pairs of identical modes. However, due to
structural imperfection or measurement errors, these pairs of identical modes become
pairs of close modes. In a measured FRF curve, each pair appears to be a single
mode.

The Nyquist plot can lend a big hand in identifying modes. A genuine mode should
show the symptom of a circle in the Nyquist plot. A false resonance peak will simply
trace out a straight line on the Nyquist plane.
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Figure 8.2 Phase of the point FRF in Figure 8.1

8.3 Derivation of modal data from FRF
data — SDoF methods

All SDoF modal analysis methods are based on the SDoF assumption: at the vicinity
of a resonance, the FRF is dominated by the contribution of that vibration mode and
the contributions of other vibration modes are negligible. If this assumption holds,
then the FRF from an MDoF system or a real structure can be treated as the FRF from
an SDoF system momentarily. The simplicity of the mathematical model for an SDoF
system can then be used in the curve fitting to derive the modal parameters mode by

mode.

SDoF

Frequency

Figure 8.3 SDoF assumption on an MDoF FRF

This SDoF assumption can actually be extended. Instead of assuming the negligence
of the contributions made by all other modes at the vicinity, these contributions can
be taken as a complex constant. This is reasonably true if modes are well separated.
If this extended SDoF assumption holds, then some modal analysis methods can be
successfully applied. In Figure 8.5, we will see how this SDoF assumption works for

the circle fit method.
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8.3.1 Peak-picking method

The ‘peak-picking method’ is perhaps the simplest SDoF method for modal analysis.
It is also called the ‘half-power method’. It relies on the strict compliance of the
SDoF assumption. The method treats the FRF data at the vicinity of a resonance as
the data from an SDoF system. The procedure of using the peak-picking method is:

(a) Estimating the natural frequency
The natural frequency of the »th mode selected for analysis is identified from the
peak value of the FRF ¢, (®)|imax a5 @) = @peyi-
(b) Estimating damping
For estimating damping, the half power points at @, and ), are located first from
amax
V2
or the damping ratio can then be estimated from the width of the resonance peak
as:

each side of the identified peak with amplitude . The damping loss factor

2 2
_W, —w; w0 -0,

UB w0l o (8.5)

2 2
_W, —W @ — 0,

4? - 2a)r

I

or g, (8.6)

(c¢) Estimating the modal constant

A,
From the SDoF model, the FRF at the peak is known to be ®max = 7~ The
modal constant 4, can be estimated from A4, = o, 1, ®? . For viscous. darmping

model, this becomes 4, = 20, &, 2.

Due to its remarkable simplicity, the peak-picking method (Figure 8.4) can derive
quick analysis results. However, it is not capable of producing accurate modal data.
This method relies on the peak FRF value, which is very difficult to measure accurately,
to estimate the natural frequency and modal constant. Damping is estimated from
half power points only. No other FRF data points are used. The half power points
have to be interpolated, as it is unlikely that they are two of the measured data points.

Receptance (dB) | (o) |

| o(e,)
2
—

Frequency oy O 0y

Figure 8.4 Peak-picking method
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It is also evident that there is no mechanism for this method to deal with noise in the
measured FRF data.

The peak-picking method is suitable only for lightly damped FRF data with well-
separated modes and good frequency resolution. It can perform a survey study leading
to a more sophisticated analysis.

8.3.2 Circle fit method

The circle fit method is the most used SDoF modal analysis method. It is based on the
circularity of the Nyquist plot of an SDoF FRF discussed in Chapter 4. With structural
damping, the receptance FRF o (w) traces a perfect circle on the Nyquist plane.

1) 1)
(Re(@))? + (Im(a) + E) = (ﬁ) (4.27)

Such a unique property gives rise to a mathematically convenient and accurate curve-
fitting model for modal analysis.

When this circularity property of a SDoF system is used to analyse an FRF from
an MDoF system, the SDoF assumption should apply first. Of course we can assume
that at the vicinity of a mode, the contributions of all other modes are negligible. This
assumption is difficult to meet in reality. However, the circle fit method can rely on
a more relaxed assumption. The receptance FRF of an ‘N’ DoF system in modal form
is given in Chapter 6 as:

N 4.
- r ek
ajk(w) - rgl /lr2 — w2

If the rth mode is to be analysed, we can single it out from the summation so that:

(8.7)

A, N A,
_ r “1jk s41jk
ajk(w)_ /12 7(02 +S:1 lz 7(02 (88)
r s#r S
If the summation term in this equation can be approximated by a complex constant
such that:

rAjk

o (W)=
HO) = T

+ By (8.9)

then the circularity of the Nyquist plot shall not change except that the circle is
shifted a distance away from the origin of the complex plane by the complex constant
B, as shown in Figure 8.5.

If the modal data are to be derived on the circle, then the relative position of the
circle on the complex plane becomes irrelevant to the analysis. The SDoF assumption
is now extended. It means that when we discuss the analysis method, we can simply
use the mathematical model of the SDoF FRF without needing to consider the complex
constant Bj;.

The derivation of the modal data from circle fitting follows the same sequential
procedure as the peak-picking method, i.e. from natural frequency to damping loss
factor and to modal constant. However, the accuracy of the derived modal data is
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o

Figure 8.5 The shift of a Nyquist circle by a complex constant

Re

Figure 8.6 Derivation of natural frequency

improved significantly. In order to estimate the natural frequency, the first step is to
fit a circle from the selected FRF data points. These points are selected at the vicinity
of the resonance peak.

Mathematically, it can be found that the natural frequency o, is at the location
where maximum arc change occurs on the Nyquist circle. From Figure 8.6 we have:

Re(a) _ 0; — °

9 j— (e} _ —
tan > tan (90° — v) m(a) o, (8.10)
2 _ 2 6
or 0 = o; (1 -1, tan 7) (8.11)
It can be found that:
do* o/, nfo; +(o; - o)’ '
For the maximum derivative of dci?Z , it can be derived that the frequency:
1+ 41 +3(1 +n?
w? = d+n) w? (8.13)

3 r
When the modal damping loss factor 7, is small, the following approximation is
sufficient:
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W, =0 %Zmax (8.14)
This means that the rate at which the locus sweeps around the circular arc takes the
maximum value at resonance ®,. Since the frequency resolution of the FRF data
points may not be sufficiently fine, interpolation can be used to enhance frequency
resolution so that the natural frequency can be located accurately.
Once the natural frequency @, is accurately located on the Nyquist circle, the
damping loss factor can be estimated from any FRF data point using:

2 2
W, — W, 1

n =~ (8.15)
oF g O

2
Theoretically, we should get an identical damping loss factor using any FRF data
point. However, due to measurement noise, nonlinearity or errors, the damping loss
factor estimated from different FRF points varies. Thus, the estimates of 77, become
a useful indicator for the accuracy of the analysis. For example, as Figure 8.7 shows,
if the natural frequency w, is not located accurately, then the estimate of 7, will
exhibit a systematic change from the FRF data points before or after w,.

Ao b,

y &

Figure 8.7 Damping plot with inaccurate and accurate o, estimate

It is also possible to use one FRF point before the estimated natural frequency and
one after that to estimate the damping loss factor.

If the data points correspond to frequencies @, and @,, as shown in Figure 8.8,
then from equation (8.10) we have:

2 2
tan 97“ = O % (8.16)
wr nr
and
w? - w?
tan 00 = @7 — @i (8.17)

2 7N,

Combining these formulae leads to an estimate of the damping loss factor:
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Figure 8.8 Damping estimation from the Nyquist circle
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r 2 0 0 .
@r tan 7" + tan 71’

By selecting different pairs of FRF data points, one from before and one from after
the natural frequency, we have an array of damping estimates. These values, when
plotted against the number of data points, form a three-dimensional damping plot.
For an ideal case, this 3-D plot is a horizontal flat plate. However, the plot is sensitive
to errors in the natural frequency estimation, noise and nonlinearity in the FRF data.
It is a useful indicator for assessing the quality of the derived modal data. Figure 8.9
shows the three-dimensional damping plot with inaccurate and accurate w, estimate.

> o) >

(0% (27

Figure 8.9 A 3-D damping plot with inaccurate and accurate w, estimate

The last to be estimated is the modal constant. This is done from the diameter of
the Nyquist circle. The diameter, if denoted as ,Dj for the rth mode of the FRF
0 (), is conveniently quantified at the location of natural frequency where ® = ,.
Therefore, the

|rAjk|
D'k:
N o,

(8.19)
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After the circle fit, the diameter is known. Therefore, the modal constant can be
estimated as:

|rAjk| = rDjkwlgn (820)

The phase angle of the modal constant ,4; is given by the location of the natural
frequency.

To summarize, the procedure of the SDoF circle fit method follows the succeeding
steps:

(1) select a vibration mode from the resonance peak of the receptance FRF;

(2) select data points of the receptance FRF on the Nyquist plane;

(3) fit a circle using selected points;

(4) locate the natural frequency of the mode from the maximum arc rate change and
estimate the phase angle for the modal constant;

(5) estimate the damping loss factor;

(6) determine the modulus of the modal constant from the diameter of the circle and
its phase from the location of the natural frequency.

8.3.3 Inverse FRF method

An alternative to the SDoF circle fit method is a method to make use of the linearity
property of the inverse FRF data. It was discussed in Chapter 4 that the inverse
receptance FRF of an SDoF system shows a remarkable simplicity. Its real and
imaginary parts can be linear functions of either @ or @?. This property gives rise to
curve-fitting a straight line rather than a circle. However, when dealing with the FRF
of an MDoF system, that simplicity does not hold any more, as mode complexity and
contributions of other modes compromise it. It is only when these factors become
insignificant that the simplicity of straight lines can be relied upon for modal analysis.

If we can assume that at the vicinity of the rth mode, contributions of other modes
are negligible, then the receptance FRF oy(®) can be approximated as:

rAjk
2

- a)Z +jnr

O (w) =
wr

(8.21)
Furthermore, if this vibration mode is nearly real, then the modal constant .4, is a
real constant. The inverse FRF becomes very simple mathematical function:

1 1 nr

2 2 -
— = w? — 0*) + ——
ap(w) Ay ( ) r Aji /

(8.22)

Both the real and imaginary parts can be plotted as straight lines shown in Figure
8.10.

These two plots are both straight lines. The intercept of the real plot indicates the
natural frequency of the 7th mode and its slope gives the inverse of the modal constant.
The intercept of the imaginary plot indicates the amount of structural damping.

If the vibration mode is a well isolated but complex mode, then the inverse FRF
method needs to be reformulated. Since the modal constant is complex, we can
express it in a polar form as:
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Figure 8.10 Plots of the real and imaginary parts of the inverse FRF
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Figure 8.11 Real and imaginary parts of the inverse FRF

cAp =, A |’ (8.23)
The inverse receptance can be formulated as:
22y ' ‘
ol (@) = W e = (Re(a ™) +jIm(a'))el®  (8.24)
r“1jk
It can be shown that
o (@) = (Re(ar') cos O —Im(ar') sin 6) + (Re(er ' )sin 6 — Im(or”! 0)j
=X+Y (8.25)
dX 1
nd = cos 0 8.26
e da)2 |r A]k | ( )
dy -1 .
= 0 8.27
dw2 |r Ajk | - ( )
dYy _
- tan 0 (8.28)

Therefore, the inverse FRF method can be used to derive the modal data of the rth

mode from the FRF data using the following procedure:

(1) Plot the real and imaginary parts of the inverse FRF separately against frequency

square.
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(2) Curve fit both plots with straight lines.

(3) From the intercept of the real plot determine the natural frequency.

(4) From the ratio of two slopes (tan 6) estimate the phase of the modal constant.
(5) From either slope estimate the modulus of the modal constant.

(6) From either the real or imaginary part estimate the damping loss factor.

8.3.4 Least-squares method

This method aims to find the best estimates of modal data of a selected mode that
minimizes a defined error function. This function converts the curve fitting of a
nonlinear mathematical model into a weighted linear model. Such a conversion makes
the curve fitting simpler and the solution easier to derive.

We commence from the modal expression of a mobility FRF:

N rAjk
ij(w) = El lrz - (02

To simplify the notation during this derivation, we omit the subscript jk so that the
FRF is written as:

jo (8.29)

~ 4
Y(w)= r§1 ool

To differ, assume the mobility FRF data measured is denoted as H(w). If the rth
mode is to be analysed, then for an FRF data point at ®;, an error function can be
defined as:

jo (8.30)

4, 4, _ 4,
Ei = —a_)z]a)l + 2 _—(T)ijl — H(a), = m]wl + R(a),) (831)

This is a nonlinear error function for the complex modal data 4, and A,. The
expansion of the function into a Taylor series would bring about poor numerical
outcomes for the estimation. However, the function can be transformed as:

E = ﬁ (j@,4, + (A} - ©}) R(@))) (832)

If the complex natural frequency A, is known approximately, then the term /’LZ;

2
in equation (8.32) can be treated as a weighting for the linear function of parrametelrs

A, and A2. It is hereafter denoted as w;. The modulus squared error is given as:
E*=EE" =|wi[(j@; 4, + (A} = @7 )R@)(jo; 47 + (A — &7 )R*(@)))
(8.33)

Here, the bar on the top indicates the complex conjugate. When using a number of the
FRF data points in the least-squares estimate, the summation of the errors is given by:

E? =X |w,(jo 4, + (A7 - @ )R(@)(—j0A} + (A} — @) R¥(®,))  (8.34)
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This error function can be minimized in order to derive the best estimates for the
complex parameters 4, and A?. By taking the derivatives of equation (8.34) with
respect to the unknown parameters 4, and A2, we can obtain the following two

complex linear simultaneous equations:

{AS T w2 @7 —jA T |w, 2@ R(@;) +j Z |w,;|? j@}R(w;) = 0 (8.35)

JA; ) |Wi|25iR(6i) + ;Lf )Y |Wi|2 |R(6i)|2 - X |Wi|26i2|R(5i)|2 =0

The complex natural frequency A, is linked to the natural frequency and damping
loss factor (12 = w? (1 + 1, j)). From these equations, the modal constant 4,, natural
frequency @, and damping loss factor 1, of the 7th mode are obtained. This estimation
can be repeated for all the measured modes of an FRF.

This method relies on initial approximation of natural frequencies in order to
incorporate the weighting function used in equation (8.33). These approximations
can be determined from the simple peak-picking analysis. Accurate modal data shall
be determined from equation (8.35).

8.3.5 Dobson’s method

The inverse FRF method can be developed into a more sophisticated method. This
development is based on the extended SDoF assumption used by the circle fit method,
i.e. the collective contribution of other modes is a complex constant. Like the inverse
FRF method, it is based on curve-fitting straight lines. If we analyse the rth mode of
an FRF, then the function can be written as:

4,
A} - o?
Here, R is a complex constant. If an FRF data point at the vicinity of the »th mode is

a(w), then the difference between this data point and others nearby is defined as:

4, 4,

M= - o (8.37)

oy (w) = +R (8.36)

This difference does not assist much in estimating the modal data. However, if we
A, A,

define a new function from A(Q) = T o o as:
2\ — w? - Q?
O(w?) @) — a(Q) (8.38)
we find from equation (8.37) that
2 2
O =—2 = __ L 2 42)A2-q?) (8.39)

a(w) — a(Q) A,

What follows is a clear algebra to convert this seemingly complicated complex
function into two linear equations of variable @?. Since modal constant 4, can be
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written in its real and imaginary parts as 4, = P + Qj and the complex natural
frequency square as A? = w?2(1 + 1,j), equation (8.39) can be detached into its real
and imaginary parts:

Re(O) = ¢p + t,07 (8.40)
Im(®) = ¢; + 1,0 (8.41)

Here the slope of these two linear functions of variable @’ are given as:

2 4 2
_ Pwr Qnrwr + P QZ

fr = 8.42
R J2 Qz J2 Qz ( )
2 2
= Do —Q0r O e (8.43)
P2 +Q P2 +Q
The intercepts are given by:

20m2 — 02) — n2m4) + 2 2 02

CR — P(wr (wr Q ) rlrzwr) 3 Qnra)r (zwr Q ) (844)
P -+ Q0

Pno2Qw? — Q%) - O(w? (w?- Q%) - n*w}

L ( ) — O(w; ( ) — N 0;) (8.45)

P2+ Q?

By selecting frequency Q around the natural frequency @,, we can obtain a series
of straight lines for both the real and imaginary parts of function ©(«?). Equations
(8.42) to (8.45) are not easy to use to derive modal parameters. However, we note that
both slopes in equations (8.42) and (8.43) are linear functions of Q2. Therefore, by
selecting a different frequency €2, we can derive a series of slopes in these equations.
These slopes can be graphically presented as two slope plots against Q2. Fitting
straight lines from these two plots, the modal parameters can be identified from the
slopes and intercepts of the two straight lines given by equations (8.42 and 8.43).

Figure 8.12 shows a receptance FRF of an MDoF system. To analyse its first
mode, we select the data points shown in the Nyquist plot on the right and use
equations (8.40) and (8.41) to calculate a family of straight lines shown in Figure

8.13.
Im Re
AAC‘A %AA
. A A
) A A
= A A
[0}
2
] A A
o
[0}
[
& A A
A A
Frequency A

Figure 8.12 An FRF and the first mode of an MDoF system
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Figure 8.13 Real and imaginary parts of function ©(w?) with different frequency Q

The slopes of the lines in Figure 8.13 (both real and imaginary parts) can be
estimated and plotted against Q>. From equations (8.42) and (8.43) we know that
these plots are again straight lines, as shown in Figure 8.14.

a ADLAAAAALAADLAALAAADLALALAALL

Figure 8.14 Slopes of the lines in Figure 8.13 plotted against Q2

The two straight lines in Figure 8.14 can be curve fitted. Using equations (8.42)
and (8.43) we can derive the modal parameters from the slopes of the lines in Figure
8.14. The FRF can then be constructed using the derived modal parameter. Figure
8.15 shows the Nyquist plot of the FRF data (the thin line) and the regenerated FRF
data points.

Figure 8.15 Overlay Nyquist plots of the original and regenerated FRF data
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8.4 Derivation of modal data from FRF data — MDoF
methods

8.4.1 Rational fraction polynomials

Rational fraction polynomial method is an MDoF modal analysis method using measured
FRF data. The idea of the rational fraction polynomial method is to express an FRF
in terms of rational fraction polynomials, and through numerical manipulations, the
coefficients of these polynomials can be identified. The links between these coefficients
and the modal parameters of the FRF can be established. This leads to the identification
of these parameters.

The description of the rational fraction polynomial method commences with the
transfer function of an MDoF system. Such a transfer function can be expressed as a
function of the Laplace variable ‘s’ so that:

o, (s) = N(s) _ag tais+ays® +...+a,s"”
Y D(S) b() +b13+b2S2+...+Sn

(8.46)

Here, the order of the denominator ‘n’ is higher than that of the numerator ‘m’ by 2.
For the sake of simplicity, the subscript of the transfer function is omitted and the
following notations are adopted:

pO(S) = la pl(s) =5, pZ(S) = S2> RN pm(s) =s"
(’IO(S) = la QL(S) =9, (’IZ(S) = S2> RN Qn(s) =s"

Then, we have:

a(s)=——— where b,=1 (8.47)

a(jo) = ——— where b, =1 (8.48)

For the subsequent analysis, assume there are ‘p’ measurement data points corresponding

to frequencies at @), @,, . . . , @, It is also assumed that there are ‘p’ negative
frequency points @,, @, , . . . , @_;. The FRF at the negative frequencies can be
shown as:

a(jo) = a(-jo) = oa*(ja) i=1,2,...,p (8.49)

The purpose of using these negative frequencies will become clear in the subsequent
analysis. To commence the analysis of the rational fraction polynomial method, we
begin with the total error defined in equation (8.50):
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ej(w) = a;(w) - o;(w) (8.50)
Omitting the subscript and substituting equation (8.48) into this equation yields:
‘ k§0 apr(jo) .
e(jo) = — a(jo) (8.51)
k§0 brqy (jo)

This error is not a linear function of coefficients a; and b;. For the ease of analysis
and more accurate results, a new error function can be defined as:

n m n-1
e(jo) = e(jo) X biqi(jo) = X, aipi(jo) - d(jw)(kzo beai(jo) + qnuw))

(8.52)
The total error with respect to the whole column of FRF becomes:
{E} = {é(@,), . .., éiay), é(wy), .. ., é,-j(a)p)}T (8.53)
or, {E} = [Ul4} - [VI{B} — {W} (8.54)
where
—pO(ja)fp) pl(jwfp) T pm(jwfp)q
(U] = po(jo_;) pi(jo_y) o pe(JOo)
Po(jor) pjoy) - pu(jor) (8.55)
_pO(ja)p) pl(]wp) T pm(jwp) |
[ G(jo_,) g0 (jo_,) G(jo_)q(jo_,) ... G(jO_,))g,1(jo_,) |
[V]= 55~(ja),1)q0 (Joy) &ij—l)ch(jw—l) e &fjw—l)qn—l(jw—l) (8.56)
o(jo)go(jo) a(jo)g (jo) ... o(jo))g,1(jor)
L d(]wp)qO(]wp) &(pr)ql(]wp) cee &(jwp)qnfl(jwp) ]
{4y = {ay, ay, . .., a,}" (8.57)
and {BY = {by, by, ... ,a,,}" (8.58)

[W] = {d(]w—p)qn (ja)—p) e &(jwfl)cht (jw—p)&(jwl)Qn (jw—p) s
a(jo,)g,(jo )}’ (8.59)
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The total deviation of the error is defined as:
J={EYI{E} (8.60)

To determine the coefficient vectors {4} and {B} that will minimize the total
deviation, the following partial derivatives should be equated to zeros:

a9 _ o _
34 B (801

This will lead to the following equation for estimation of coefficient vectors
3 ((PYILPY+ [PIT[PT) —Re(IP)7[Q)) {{ A}}
CRe(PI[OD) 3 (Q17I01+ [T 101 | P

_ {Re([P]H{W})} 8.62)

Re([0]" {I7})
Coefficients {4} and {B} are related to the modal data of the FRF.

8.4.2 Lightly damped structures

When a structure is very lightly damped, it becomes difficult to obtain accurate FRF
data near resonances. The Nyquist plot of an FRF is not very useful since all FRF
data points are amassed along the real axis. Modal analysis methods that rely on the
FRF data around resonances are not effective any more. The alternative is a method
to use the FRF data away from resonances. The mathematical derivation of the
method is straightforward. Using the structural damping model, we know the FRF
can be written as:

N
rAjk

A w; - ©° +jn,0;

o (w) = (8.63)
Because of the insignificant presence of damping, this expression can be approximated
into:

N

rAjk
o (0) = 2 l—w pe (8.64)

This approximation leads to a convenient way to estimate modal constants of the
FRF. At a measured frequency €, the FRF can be written as:

14k
1 1 1 24
o (Q) =
]k( l) {wlz — le wg _ le (0,2,— le } (865)
A
N4jk

By using the FRF data at different frequencies, we can form the following matrix
equation:



or

Modal analysis methods - frequency domain

1 1
o () o - Q7 w; — Qf A
1
() = 55— R R (8.66)
. o} N Q3 .j
simply:
{o(Q)} = [RED){ A} (8.67)

From here, the modal constants can be estimated as:

(A} = [REO)] o)} (8.68)

It can be seen that to select ‘N’ points from all the measured data points needs very
careful consideration in order to obtain an accurate modal constant array {4} .

(1)
2)
3)
“4)
)

10.

The procedure for this method is as follows:

measure FRF over the frequency range of interest;

locate resonances graphically;

select ‘N’ points to analyse ‘N’ modes (for ‘N’ modal constants);
compute ‘N’ modal constants;

regenerate FRF to check the accuracy of estimated modal data.
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time domain

Time domain methods belong to another category of modal analysis methods. Frequency
domain modal analysis relies on measured frequency response function (FRF) data.
Time domain modal analysis uses time response data. The methods were developed
on the advances of modern control theory and computer technology.

FRF data are not the ‘raw’ measurement data. They are the outcomes of a
transformation from measured response time history to data in frequency domain.
The data directly measured by response transducers are the real time acceleration and
force signals. We know from spectral analysis theory that the FRF and the impulse
response function (IRF) of a structure are a Fourier transform pair. Therefore, if we
can deduce the impulse response information from measured time responses or the
FRF data, then it is possible to extract the modal parameters from there.

Time domain modal analysis methods use response data either from known excitation
sources or from ambient excitation. With known excitation, the measurement conditions
are similar to the frequency domain approach. The data of known inputs enable
correlation analysis and usually assure better accuracy of the analysis. The data from
ambient excitation, however, grant a special appeal to the time domain approach.
This is because it is impractical to excite some structures in a controlled laboratory
environment. The ambient excitation, which is often unmeasurable, becomes the
only excitation source in measurement. This scenario often disqualifies many frequency
domain methods. For example, the vibration of a bridge can be measured using the
ambient traffic as the excitation. Sea wave impact can be the excitation of a ship.
Wind excitation can be the input source for a tall building. These excitations cannot
be quantified. The independence of some time domain methods on the excitation data
enables them to be used for special applications.

Time domain modal analysis has several advantages over its frequency domain
counterpart. It has been mentioned that it does not depend on excitation and equipment
needed to obtain designed excitation forces. Generally, it needs fewer response data.
It is possible to use this technique for modal analysis based on line damage detection
and machine health diagnosis. Because the analysis is not based on the FRF data
(although some methods can utilize the IRF data from the inverse Fourier transform
of the FRF data), it can be an alternative for analysing close vibration modes. However,
time domain modal analysis requires a very high signal and noise ratio from measured
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data. Unlike FRF data where vibration modes are almost visible, the time response
does not manifest vibration modes. This demands more stringent analysis skills. The
data inaccuracy and presence of noise may lead to computational modes in the
calculation. They are not genuine system vibration modes but nevertheless are
‘identified’.

In the following, we discuss several time domain methods which have been used
by practising engineers for modal analysis. Practical application cases can be found
from the literature.

9.1 Least-squares time domain method

This method is based on the model of free decay vibration response for an MDoF
system. The measured vibration response data are used for a curve-fitting effort
against a defined mathematical model in order to derive the modal parameters. For an
MDoF dynamic system, its free vibration response is known to be in the form:

N
x(t) = gl e "'(a; sin @yt + b; cos @ ;t) 9.1)

Here, a; and b; are the components of the vibration amplitude. @,; is the damped
natural frequency and »; is related to damping ratio. All are the parameters to be
identified. If we sample the response with a time series #;(j = 1, 2, . . ., P) and the

time resolution A¢, then the measured data points can be denoted as X(¢ ;)or X ; for
short. The corresponding data from the mathematical model given in equation (9.1)
can be denoted as X(#) or X;.

The response model in equation (9.1) is a nonlinear and transcendental function
for the parameters we need to identify. To simplify the problem, let us give the initial

(0) ()

values for parameters @, and n; as @, and n; ', and try to estimate parameters a;

and b; arranged vertically in a vector {0} = {Z} . Since the data X(¢) are linear
2 Nx1

functions of parameters a; and b;, we can form a set of linear simultaneous equations
to solve for vector {8}:

{X]} = [Slpxan {6} 2nx1 9.2)
where
e " sin @ 41t, €M cos W ity, ..., e "NVIsinw 4y t, e "V cosw vt
[S]=
e "'P sin @, tp, e "PCOS W itp, ..., e "NPSIN® ytp, € NP COSO yt p
(9.3)
and (X} =1{X, X, ..., Xp}T (9.4)

Usually, we have more data points than twice the number of modes (i.e. P > 2N) so
the least squares solution for vector {6} can be derived as:

{6y = (117 [S) " [S174X ) (9.5)
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Equation (9.2) does not have to use all P data points. Nor does it have to contain all
N modes at once. Once vector {8} is estimated, we can use them to estimate parameters
wy; and n;. From Taylor series expansion and ignoring the higher order terms we

have:
N dX; oX;
X(t), ;) = X(t;, 09, n) + X L Awy + —L| An, (9.6)
= dwg | ong; 0

Using this equation with data at different time sampling points, we can establish a set
of linear simultaneous equations for parameters Aw,; and An;. The solution, when
combined with the initial value @' and n”
wy and n;.

The whole process described above can be iterated for more accurate modal parameter

, will yield the estimates of parameters

estimation. This method relies heavily on the initial values ®!? and 7" and the
number of modes ‘N’ used.

9.2 Ibrahim time domain (ITD) method

The Ibrahim time domain method, known as the ITD method, uses IRF data to
identify modal parameters. It constructs an eigenvalue problem from the IRF data
and solves the problem to derive the natural frequencies, damping loss factors and
modal constants. The method, when originally proposed, constructs the eigenvalue
problem using displacement, velocity and acceleration IRF data. As a result, numerical
integration is needed to obtain displacement and velocity time histories from acceleration
measurement at each response point. This approach was later improved by using
displacement, velocity or acceleration free response data only. The deficiency of the
amount of data needed is remedied by sampling the displacement data with a selected
time delay. The free response of a structure means either the free decays measured
from random execution of the structure or the impulse response obtained from the
inverse of an FRF.
We begin the discussion from the equation of motion of an ‘N’ DoF system:

[M]{x} + [CT{x} + [K]{x} = {0} 9.7)

As in Chapter 6, we can define a new variable vector to transform the equation
into a standard eigenvalue problem. The new vector is:

X
r=9. (9.8)
X 2 Nx1
Equation (9.7) can be transformed into a new eigenvalue problem:
= {41{y} (9.92)

o o (1]
where CIMTUK] —[MTC] (9.9b)
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Matrix [A] is not known but it is possible to derive it from time domain response data.
Assume we have the free vibration response data in the form of displacement x(¢),
velocity x(¢) and acceleration X(¢). Otherwise, the displacement and velocity can
be derived from integrating the acceleration data. Sampling these data, we can form
two matrices:

[v] = |:x(t1) x(f) ... x(tzzv)] 9.10)
x(t)  x(t) ... x(ty) .

and (7] = x(t)  x(ty) ... x(fy) ©.11)
() X)) ... X(fw) '

It is evident that every column of [}] and its corresponding column in [Y ] follows
equation (9.9). Therefore, we arrive at the following equation:

[¥] = [4][1] (9.12)
If the free vibration response x(#) contains information for ‘N’ vibration modes, then
[Y] is non-singular. As a result, we can derive the matrix [4] from the response data
as:

[4] = [Y][7T! (9.13)
Once matrix [4] is determined, we can use equation (9.9) to solve the eigenvalue
problem and derive the modal parameters of the system. This approach relies on
sampling the measurement data in displacement, velocity and acceleration forms.
A different approach of the ITD method uses a delayed sampling to obtain sufficient
amounts of data. These sampled data are then used to construct an eigenvalue problem
to derive modal data. To introduce this approach, let us refresh the modal analysis
theory for an MDoF system governed by equation (9.7). It has 2N complex conjugate
eigenvalues and corresponding complex eigenvectors. The eigenvalues, denoted as

lr =—n +ja)dr> (914)

are the rth complex natural frequency, and the eigenvectors, denoted as { ¢},, are the
rth complex mode shapes.

If the test structure behaves modally, then it is reasonable to assume that there is
a theoretical model of ‘N’ degrees of freedom that describes the dynamic characteristics
of the structure and the MDoF modal analysis theory applies. The response from any
given measurement point on the structure should then have a combined contribution
of all vibration modes. For the sake of simplicity, assume first that the number of
measurement points match with the number of DoFs. For the ith measurement point,
the time response can be sampled to obtain ‘2N’ data points: {x(¢)), x(¢,), . . . ,
x(toy)} 7. If the same sampling is carried out on data from all ‘N’ measurement points,
then a matrix of sampled free vibration response can be formed as:

xi() xi(t) ... xi(fw)

[X] _ Xz(t]) x2(t2) st xZ(tzN) (915)

xy(t)  xn(ty) .. xy(taw) Nx2N
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Each data point should follow the theory as:
2N
x; (1) = El Qi et (9.16)

Each column of [X] can be written in a matrix form:

el]tj
elztj
X = Heh @52, - d@han] ¢ (9.17)
e/lz;vtj
Equation (9.15) can now be recast into:
xi(t) ... xi(tan) ehn L el
=} .. Aoband| .. ... (9.18)
xN(tl) e xN(tZN) e/lth] e QAZNZZN
or simply:
[X] = [Y][A] (9.19)

This equation establishes direct links between the complex natural frequencies, mode
shapes and the time response of the system. It alone, however, is insufficient to solve
for modal data. The approach is to sample the same response data but with a duration
7 shift. For the ith measurement, this means:

2N
x(t+7)= X% @, el (9.20)
For all the response points, a vector form of equation (9.20) can be written as:

e/lltj

/lztj

(Y} ={X(t; + 1)} = [{p} ™", {p}re™", ..., {@}rye™V] e' N (9.21)
e/’LZth

Again, taking the same sampling time (¢, t», . . . , ) but with shift 7, equation (9.17)
will take its matrix form:

xl(t1+7,') Xl(t2N+T)q
XN(t1+T) xN(t2N+T)_
[ 7n .. eMnN
= Mt A2NT
[{(p}l € LI {(p}2Ne ] (922)
elthl L elthZN
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or [Y] = [P][A] (9.23)
If the system has unique natural frequencies, then vectors {@;;, @, . . ., @y}’ and
{0i1eM7, @,e™7, .. @iye’ VT are linearly independent of each other. This means

that by shifting the time interval 7 and sampling a set of ‘2N’ values, we have
effectively ‘created” more measurement data points.

Likewise, we can increase the time shift to 27 and sample the response data again.
For all the response points, a vector can be written as:

eﬂ.ltj
/12[1'
(Z)}) = (X(1; +20)) = [{phe?™", (phre®™, . {ohave® 71 { € 1 (9.24)
elthj
Again, taking the same sampling time (¢, 5, . . . , t,y) but with shift 27, equation
(9.24) will take its matrix form:
xl(tl +2T) xl(tZN +27)
xN(l‘1+2‘L') xN(tZN +2T)
e . eMiN
= [{(p}leﬂvlf L {(P}ZNQZMNT] - S .. (9.25)
ettt L gl
or [Z] = [QI[A] (9.26)

From this analysis, we have constructed three sampled data matrices [X], [Y], [Z] and
three modal vector matrices [@], [P], [Q]. The next task is to assemble an eigenvalue
problem from these matrices that shall derive the complex natural frequencies and
mode shapes. To do that, we need to regroup these matrices and define the following:

[V]= [[X]] (9.27)
[Y]

[(W]= HZ” (9.28)

[u]= [E’;ﬂ (9.29)

[v]= “gﬂ (9.30)

Also, we know that the following equalities exist:

[P] = [ol[ A, (9.31)
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[0] = [PI['A], (9.32)
[Vl = [l A] (9.33)
e 0

eﬂ,zr

where [A]= o (9.34)
0 et

and (V] = [u][A] (9.35)
(W] = [VI[A] (9.36)

From equations (8.31) to (8.36) we can derive:
[PI0VT ' [p] = [W[A] (9.37)

This equation constitutes a complex eigenvalue problem if matrix [ /] is non-singular.
From the beginning, we assumed that the system we are studying has no repeated
eigenvalues. This means that columns in matrix [u], which consist of the complex
eigenvectors, are independent of each other and therefore are non-singular. Matrix
[A] is also non-singular because of no repeated eigenvalues. As a result, matrix [V]
is indeed non-singular.

The upper half of [u] is matrix [¢@], i.e. the complex mode shape matrix. Matrix
['A.] contains the complex eigenvalues. These eigenvalues can be converted to the
natural frequencies and damping ratio. Assume the rth eigenvalue is in the form:

A, =et=a, +jB, (9.38)
Combining this equation with equation (9.14) will lead to the solutions:

1
n, = —5tn(a} + B) (9.39)
1 -1 Br
[OF ? tan ! g—r (940)

From these solutions, we can derive the undamped natural frequency and damping

ratio:
o, = 03, +n} (9.41)

{ =2t (9.42)

The solution approach of the ITD method can be summarized as:

(1) record or generate free vibration responses in the form of displacement, velocity
or acceleration;

(2) sample the response data;

(3) use the sampled free response data to construct matrices [V ] and [W];

(4) use these matrices to form a complex eigenvalue problem; and

(5) solve the eigenvalue problem to identify modal data.



Modal analysis methods — time domain

The ITD method involves intensive numerical analysis. Many methods have been
proposed in the literature in order to reduce the effects of measurement noise and
improve the accuracy of the identified modal data. One of the methods is to make
better use of the existing measured data by introducing more sampling points. If we
sample the measured data by ‘m’ points (m > 2N), then more system information will
be used. In this case, both matrices [V] and [W] will be non-square. The inverse
[717" in equation (9.37) can be replaced by the pseudo inverse. An alternative is to
obtain the inverse using singular value decomposition.

One of the uncertainties in modal analysis of both frequency and time domain is
the number of vibration modes involved. For frequency domain modal analysis, we
may select a frequency range of interest at a time and decide the number of modes to
analyse. There are a number of methods to help identify mode numbers. For time
domain analysis, usually less confidence exists on assuming the number of modes. In
fact, the free vibration response of a structure should theoretically contain information
of an infinite number of vibration modes. In order to identify sufficient number of
modes, pseudo measurement data can be created from the measured free response
data. By selecting a time delay 7”different to the shift 7, we can obtain the following
set of data:

e/’thj

, , , Aot
(X7} ={X(t; + 1)} = [{@heh™, {phe®™, ..., {p}ye?V] e (9.43)

eﬂ,thj

This set of data is a pseudo measurement. It can be augmented to the real measurement
to form a new set of ‘measurement’ data:

(X} = {{X’}} (9.44)
7 '

Using data {)~( j to replace {X;} in the analysis described from equations (9.15) to

(9.42) will lead to the identification of many numerical vibration modes as well as
genuine modes. To distinguish the latter from the former, a modal confidence factor
(MCF) can be defined. For a selected measurement point, if the modal constant of the

ith mode identified is ¢, and for the same point it is identified as ¢; with a time delay
At, theoretically we have:

0 = @i (9.45)

When the identified mode is not a genuine one, this relationship does not hold.
Therefore, the modal confidence factor can be defined as:

:
(pieliAt

MCF = ‘ (9.46)

If the mode is a genuine one, MCF will be close to unity. Otherwise, it is likely the
mode is a numerical one.
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9.3 Random decrement method

The random decrement technique (Figure 9.1) was initially developed to extract free-
decay response data from the response of a dynamic system subjected to random or
ambient excitation. The random decrement method for modal analysis relies on the
free-decay response data extracted to continue with modal data identification. This
marks a main difference between this method and other time domain methods.

Random Sampling | Response Average Free
response segments response

Figure 9.1 A flow chart of data process for the random decrement technique

Dynamic response of a linear structure subjected to random or ambient excitation
contains free and forced responses. At time ¢ + £, the response should consist of three
parts: (1) the step response from the initial displacements at time #y; (2) the IRF from
the initial velocity at time #j; and (3) the random response from the excitation applied
to the structure in the period between f, and ¢ + ¢,. These three parts of the responses
can be denoted in the following equation:

x(t+t9) = x(t+ t0)| i) T X+ 1) 510y T X+ 10)] 101 (9.47)

If we pick a constant time segment from the response history every time the response
amplitude reaches a selected value X, (these segments are allowed to overlap), we
obtain a number of response history segments of equal lengths and they all begin with
the response amplitude X,. Figure 9.2 shows some of the segments taken from a
response history. The first segment begins at time #; and ends at (#; + 7). The whole
segment can be denoted as Xy(#; + 7).

x(1)

d it
Sy

Figure 9.2 Segments taken from a response history

When these segments are averaged, an interesting outcome emerges. The average
of N segments is denoted as Oy(7) and is given as:



Modal analysis methods - time domain 189

N
Sy(1) = % X (1, +7) (9.48)

As the number N increases, the part of the responses in each segment that corresponds
to the initial velocity (impulse response) will be averaged out since the sign of the
initial velocity appears alternatively. The random parts of each segment are also
averaged out because of the random nature of the response, as shown in Figure 9.3.
This is to assume that the average of the random response is zero—an assumption
often being valid.

N N
§1X0 (t, + 1) -0 ngo(t, +7) -0
*(t0) J(t)

What is left after the average is the response due to the initial displacement step
input. This output can be denoted &(7). It is known as the randomdec signature. The
physical meaning of the randomdec signature can be explained. If we apply to a
structure a constant load at coordinate ‘j°, there will be a static local displacement.
When the load is suddenly withdrawn, the response at the coordinate is that due to the
initial displacement step input.

If we select the value X; to be zero, then a sufficient average of (1) will yield the
impulse response. This is the essential data for time domain modal analysis. This
technique of deriving the impulse response from the response measured under ambient
vibration excitation is the random decrement technique (Figure 9.3).

M=z

1
N/

Il
-
<

A7) *
NN ’
U \/\ ‘l\/\\/\ I FW

Figure 9.3 Average of segments taken from a response history

The above discussion is based on a single random response of a structure. To
extract the free response of all measured coordinates, the random decrement technique
needs to be applied to all the random responses. Take two random responses x;(¢) and
X,(¢) as an example. Both are due to ambient random excitations to the measured
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structure and measurements were synchronized. If the randomdec signatures of these
responses are &(7) and 8%(7), then for a sufficiently large N,

N
s0(z) = % TX(1, + 1) (9.49)

N
and 5O (1) = % X0+ 1) (9.50)

Assume we select the initial value of the response 1 to be Xj in order to derive
response segments from random response x;(f). Then the randomdec signature of
response x;(t) is the free response at coordinate 1 due to the initial displacement input
X;. Since measurements x;(f) and x,(¢) are synchronized, for each segment of random
response x;(f), there is a corresponding response segment (in the same time period)
of random response x,(f). The average of these segments is the free response at
coordinate 2 due to the initial displacement input X; at coordinate 1. This process can
be repeated on all measured coordinates. For a structure with m measurement
coordinates, we can select an initial displacement X; at coordinate j, and sample the
response history to derive the randomdec signature for the coordinate. At the same
time, corresponding segments can be obtained from the response histories of all other
coordinates. At the end, 8")(7) (r=1, 2, . . ., m) are the free decay responses of the
structure at all coordinates due to the displacement input X; at coordinate ;.

Now we will show analytically that the randomdec signatures of an MDoF system
can be derived. For an N DoF system with random excitations, the equation of motion
is given as:

[M]{x} + [Cl{x} + [K]{x} = {/} (9.51)

If we define an operator p; as:

- dx ; dx;
py(x) = my — 5+ ¢y~ + kyx; (9.52)
then the matrix equation of motion can be recast as:
P P ..o Dv X1 fi
p p . D X
Pu P Dan 2 fz 9.5%)
Pni P2 oo Pw ] [Xw S

If we select an initial displacement of response x;, we can take L segments of the
response as x;(7) (r =1, 2, ..., L). We also have corresponding response segments
from all other responses and all the inputs. For each segment, equation (9.53) holds.
Therefore, we can average all L segments to form:

P D2 .o Din x1,(T) Ji(7)

]ZV: P21 D2 .o Dan X5,(T) S2r(T)

1 1
A : = ©.54)

Pnvi Pn2 --- Dw | X (T) Srr(T)
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Since the excitations of the system are random signals with zero means, the right-
hand side of the equation approaches zero with a sufficient number of averages. For
the left-hand side, the operations of summation and differentiation can swap so that:

(% z ﬁ,-,-(x,-r(r») =By (% z x,-rm) 9.55)
Therefore, equation (9.54) becomes:
P P .o DN 6,(7) 0
P2 Pn ... D 52@) _ 0 (9.56)
Pvi Pnv2 .- D] [On(T) 0

This equation is identical to the equation of motion of the system for free vibration.
Thus, variables 6(7) (r=1, 2, ..., N) are the free vibration responses due to a single
initial displacement applied at coordinate j.

Once the free decay or impulse responses of the structure are extracted from the
random response measurements using the random decrement technique, time domain
modal analysis methods can be used to derive the modal data.

9.4 ARMA time series method

The ARMA time series method is a system identification method. It can be used for
modal analysis of a structure from measured random responses. The basic idea of
time series analysis is to identify a system and predict its present and future response
from the information of its past inputs and outputs. The ARMA model introduced in
Chapter 2 suggests that a stationary random signal with zero means can be sampled
attime (z=1, 2, . . .) for samples (x;, x5, . . .). Here the subscripts of x and a denote
the time of the sample. And these samples can be related by a finite difference
equation as:

Xy — rgl ¢rxt—r =a; — sgl exat—s n>=m (957)

Here, a,_ (s=1,2,...,m)is the random input series. n is the order of auto-regressive
model and m is the order of the moving average model. ¢, are auto-regressive coefficients
and 6, are moving average coefficients. Understanding the physical meaning of the
ARMA model is necessary in order to appreciate its application in modal analysis.
The term ¢, x,_, in equation (9.57) signifies the weighted contribution of the historical
sample x,_, to the present response x,. The term 6,a,_, represents the weighted contribution
of the historical input a,_, to the present response x,. Therefore, the ARMA model in
equation (9.57) describes the input—output relationship of a measured structure. This
is an alternative to other forms of input—output relationship functions such as the
FRF and IRF.

The ARMA model in equation (9.57) can be derived from the FRF of a structure.
From Chapter 6 we know that the transfer function of an N DoF dynamic system can
be in the following form:
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Xi(S) _ bo + bIS + ...+ b2N72S2N_2

a;(s) = 9.58
5(5) a;(s) ag +ais+ ... +ayys?V ©-58)
Applying the z-transform to the transfer function will reveal the z-function:
_ x(Z) _ 90 + 912_1 +...F 02N,IZ_2N+1
aij (Z) CZ(Z) 1+ ¢1Z71 .+ ¢2N272N (959)

or (1 + ¢1271 +..t ¢2N272N)X(Z) = (00 + 91271 +...+ 62N71272N+1)G(Z)
(9.60)

Upon using the inverse z-transform, equation (9.60) can be converted to the time
domain:

Xt oot ot vy =a,t O+t Oya oy (9.61)

Taking the first n +1 terms from the left-hand side and m + 1 terms from the right-
hand side, and embedding negative signs into coefficients ¢, (r =1, 2, . .., n) and
6.(r=1,2,...,m), equation (9.61) becomes identical to equation (9.57) for the
ARMA model. However, for an N DoF system, the ARMA model in equation (9.57)
should be written as:

Xp= Qg — o= QX = @, — O1a — . — O oy (9.62)
Modal analysis using the ARMA model involves the following steps: (1) identifying
the auto-regressive coefficients ¢,; (2) identifying complex roots of a characteristic
equation; (3) identifying modal parameters from the roots. For an N DoF system
subjected to random inputs of zero means (so a; = 0), we know from the ARMA
model that the response at time ¢ is given as:

[ ¢
P2N

Xy =A4=Xpy . XN Qi - Ao N (9.63)

0,

[0 n-1 |

Obviously, we do not have samples x,(# < 0). If we sample the response x(7) and input
a(t) from t = 2N + 1 sequentially to ¢ = 2N + L for a sufficiently large number L, then
equation (9.63) can be used to construct a set of linear equations from where auto-
regressive coefficients and moving average coefficients can be estimated. Knowing
the moving average coefficients, the residues of the transfer function in equation
(9.58) can be identified.

The characteristic equation of the system is given as:

l+¢z'+. ..+ oz?V=0 (9.64)

With the estimated auto-regressive coefficients, equation (9.64) can be used to identify
roots z which come in complex conjugate pairs. These roots are related to the natural
frequencies and damping ratios of the system. From the relationship between the
Laplace transform and the z-transform we know that:
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z, = b (9.65)

Here A is sampling time resolution. Also the complex roots s, follow:

Sy = 7§rwr +j \/1 - Crz @, (966)
S: = _Crwr _j I - C’% a, (967)

Therefore, the natural frequency and damping ratio of the »th mode can be estimated
from:

o, = % Jinz, Inz: (9.68)
—In(z,z})
2w, A

Selecting the optimal order for the ARMA model is crucial to the success of using the
ARMA model for modal analysis.

and g, = (9.69)

9.5 Least-squares complex exponential (LSCE) method

Least-squares complex exponential method is another time domain modal analysis
method. It explores the relationship between the IRF of an MDoF system and its
complex poles and residues through a complex exponential. By establishing the
analytical links between the two, we can construct an AR model. The solution of this
model leads to the establishment of a polynomial whose roots are the complex roots
of the system. Having estimated the roots (thus the natural frequencies and damping
ratios), the residues can be derived from the AR model for mode shapes. The IRF can
be derived from the inverse Fourier transform of an FRF or from random decrement
process.

The LSCE method begins with the transfer function of an MDoF system given in
Chapter 6:

N .
oy(s)= X [% + %J (9.70)
N g
or a(s)=Z ﬁ forr>N:,d4; = ,Aj;s, =5, (9.71)
The inverse Laplace transform of this transfer function is the IRF given as:
2N
hy(t) = 2 Aze™! (9.72)

For simplicity, the subscript of the transfer function ij is omitted from the following
analysis. If this IRF is sampled at a series of equally spaced time intervals kA (k= 0,
1,...,2N), then we will have a series of sampled IRF data:

2N

HkA) = 2, Aze’™ (k=0,1,...,2N) (9.73)
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2N
or b= T AyzE (k=0,1,...,2N) zf =e"k (9.74)

All these samples are real-valued data, although the residues ,4;; and the roots s, are
complex quantities. It is easy to show that all imaginary parts will cancel each other
because of the complex conjugates for both .4;; and s,. The next step is to estimate
the roots and residues from the sampled data. This solution is aided by the conjugacy
of'the roots s,, therefore z,. Mathematically, this means that z,. are roots of a polynomial
with only real coefficients:

Bo + Biz, + Bozi + ...+ Boyaz N+ BoyzV =0 (9.75)

This equation is known as the Prony equation. The coefficients can be estimated from
the samples of the IRF data. Since there are 2N + 1 equalities in equation (9.74), we
can multiply each equality with a corresponding coefficient § and add all equalities
together to form the following equation:

2N 2N 2N
/Eo Bihi = /Eo B Z’l rAijZf (9.76)
2N 2N 2N

or Z Bihi = X, 4; X Bizf (9.77)

From equation (9.75) we know that the right-hand side of equation (9.77) becomes
zero when Z,. is a root of polynomial in equation (9.75). This will lead us to a simple
relationship between the coefficients  and the IRF samples, namely:

2N
k§0 ﬁkhk =0 (978)

This equation offers a numerical way of estimating the 8 coefficients. In equation
(9.75) we can assign S,y to be one. Taking a set of 2N samples of IRF, one linear
equation for B is formed in equation (9.78). Taking 2N sets of 2N samples of IRF, we
have 2N linear equations. The coefficients can be estimated from the linear simultaneous

equations:
ho hy hy cee hyyy Bo hyn
h:1 h:z h:3 . . hZ:N é1 _ h21:v+1 (9.79)
hayoy hay hana oo hayoy || Bana hyn-1

The selection of IRF data samples can vary provided that the 4 elements in each row
are evenly spaced in sampling and sequentially arranged. No two rows have identical
h elements. The number of rows in equation (9.79) can exceed the number of
coefficients for the least-square solutions.

With known f coefficients, equation (9.75) can be solved to yield the z, roots.
These roots are related to the system complex natural frequencies s,, as given in
equation (9.74). Since the complex natural frequencies s, are determined by the
undamped natural frequencies @, and damping ratios {,., as shown below:
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Sy = _grwr +]V1 - C}? @, (980)
S: = _Crwr _j 1 - Crzwr9 (981)

we can derive the natural frequency and damping ratio of the »th mode as:

o, = % Jinz, Inz: (9.82)

-In(z, z,)

and T

(9.83)

To determine the mode shapes of the system from the IRF data, we can simply
rewrite equation (9.74) in a new form as:

1 1 o 1 | Aj ho
Z zZy . ZyN 2 Az] _ ]’l] (9 84)
a7 A Ay vy e

The solution to this set of linear equations will yield the residues. Alternatively, we
can first denote the complex natural frequency (already known by now) and the
residues (unknown) by their real and imaginary parts:

s, =a, +if, s =a, —iB, (9.85, 86)

Ay = U, +iV, AL =U, —iV, (9.87, 88)

ij

The sampled IRF data can now be expressed as:

N N
h, = (2);1 e“""Acos(ﬂrkA)]Ur - (221 e“*"Asin(ﬂrkA)]Vr (9.89)

This is a linear equation for parameters U, and V... By taking N sets of N samples of
IRF, we can form N linear equations from where these parameters are determined and
so are the mode shapes. The procedure of the LSCE method can be illustrated in
Figure 9.4.

The above analysis describes the main thrust of the LSCE method and its execution.
The method can be improved by using more IRF data samples in equations (9.79),
(9.84) and (9.89) with more sophisticated numerical techniques for solving linear
simultaneous equations.

9.6 Summary of time domain modal analysis

The development of time domain modal analysis methods relies upon the progress of
modern control theory. Theoretical and mathematical aspects of these methods are
similar to that in system identification developed for modern control engineering.
When applying modern control engineering to structural dynamics and modal analysis,
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.RD analysis, Impulse L|r_1ear
inverse FT or responses > equations for
other methods coefficients
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residues equation
Mode Natural frequencies
shapes damping ratios

Figure 9.4 Procedure of the LSCE method

additional requirements are placed on vibration testing, data acquisition and signal
processing, especially when dealing with large structures.

Traditional frequency domain modal analysis is based on frequency analysis theory.
The physical interpretation of this modal analysis is usually evident. For example, an
FRF exhibits resonances and anti-resonances of a test structure and the amount of
damping for each vibration mode is evidenced by the sharpness of resonance peaks.
There are developed techniques to combat measurement noise and other errors. For
example, the average of records and application of windows are effective means of
reducing random and systematic errors in FRF estimation. To obtain the response
measurement for the estimation of FRF data, a structure normally needs to undergo
excitations which are accurately measured. This type of measurement may require
costly measurement equipment and a laboratory environment. It is not suitable for
online measurement and analysis.

Time domain modal analysis is able to make use of vibration responses due to
ambient excitations. This is a clear advantage over frequency domain modal analysis.
The time responses obviously do not exhibit clear modal information such as resonances
as FRF data do. Noise experienced in measurement is more a problem in time domain
than in frequency domain because we do not have the luxury to utilize FRF data
around resonances for better signal to noise ratio. Modes with less vibration energy
at a measurement location can be inundated by noise and therefore disappear from
analysis radar screen. This poses great demands on modal analysis methods to improve
their algorithms in order to deliver accurate modal analysis results.

Ideally, time domain modal analysis requires data measured from all measurement
points on a structure simultaneously. This avoids unnecessary phase difference among
responses and ensures that all responses come from the same initial forcing conditions.
In reality, it may not be practical to measure many channels of responses at the same
time due to hardware limitations. One solution is to divide measurement points into
groups. Each group can be analysed separately using the time domain modal analysis
methods. By having one or more overlapping points between groups, it is possible
later to scale all the mode shape data consistently.
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Multi-input multi-output
modal analysis methods

10.1 Introduction

In the last two chapters, we have studied several frequency domain and time domain
modal analysis methods using test data acquired with single input and multi-output
configuration. These methods are more applicable for small to medium structures.
However, for many large structures such as aeroplanes, ships, missiles, offshore
platforms, mining machines and space vehicles, single excitation input often fails to
provide sufficient vibration energy in order to produce meaningful data. The response
collected far from the excitation location vanishes. In general measured data have a
less than satisfactory signal to noise ratio. Simple enlargement of the excitation
strength could relegate vibration to a nonlinear range. When excitation is situated at
a nodal point, a vibration mode becomes invisible. In addition, the FRF data used in
modal analysis are just one column of the FRF matrix. This also limits the accuracy
of modal analysis and hampers the ability to identify closely positioned vibration
modes. Against this background, the multi-input multi-output (also known as MIMO)
approach for modal analysis was developed.

MIMO modal analysis can be conducted both in frequency domain and in time
domain. Frequency domain methods use measured FRF data for modal parameter
identification while time domain methods use impulse response function data or
vibration response data to establish the time domain model before identification
proceeds.

In the frequency domain MIMO category, the poly-reference frequency domain
method is one example. In the time domain MIMO category, there have been several
methods available. Typically, there are the poly-reference complex exponential method,
the direct parameter identification method and the eigensystem realization method.
All MIMO methods are based on simultaneous and global identification. This makes
it possible to obtain more consistent modal parameters and reduce human decision
making during the analysis. Whether this automatically leads to more accurate modal
data is application dependent.

For frequency domain MIMO methods, obtaining accurate FRF data is of paramount
importance, as the accuracy of FRF data dictates the quality of the modal analysis
outcome. The following section introduces several methods for estimating FRFs.
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10.2 Estimation of FRFs for MIMO testing

For an MDoF structural system with P input forces and L output responses, the input

and output spectra can be denoted respectively as Fj(w), Fy(®), . . . , Fp(w) and
Xi(w), Xo(w), . . ., X;(0). These spectra contain noise components. The noise spectra
from the input sides are denoted as M;(w), Mr(®), . . . , Mp(®w) and that from the
output sides as Ny(w), N»(®), . . . , N; (). The noise free input and output spectra can
be denoted as Uj(w), U5(@), . . ., Up(w) and Vi(w), Vr(w), . . ., V;(w) respectively.
These quantities can be grouped together using vector notations:
{F} = {Fy(@), F®), . . ., Fp(0)}" (10.1)
X} = {(Xy(0), Xy(a), . . ., X ()} (10.2)
(M} = {M(0), My(®), . .., Mp(0)}" (10.3)
{N} = {Ny(0), Nx(®), . . ., My (w)}" (10.4)
{U} = {U(), Uy(w), . . ., Up(w)}" (10.5)
V= {(w), Vy(), ..., Vi(o)}" (10.6)

A MIMO system with all these quantities can be shown by Figure 10.1.

X(o) X(0)
MO LY () e i
Vi@ Vi@
System

Fi(w) l l Fp(ﬂ))l

Figure 10.1 A diagram for a MIMO system

When no noise exists, the output of the system at the ith coordinate is:

X,(0) = V() = % H, (@)F, (0) (10.72)
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When the system has noise, however, the same response becomes:

P
Xi(w) =Vi(w) + Ni(0) = %Hij(w)(Fj(w) - My(@)) + Ni(0)

= %H,»j(a))Fj(a)) + E(w) (10.7b)

Here E(w) is the total measurement error at the ith point of the system which can
comprise the input and output measurement errors caused by noise and test disturbance,
signal processing errors such as truncation and leakage errors and nonlinearity induced
errors. When using equation (10.7) to estimate the FRF, the accuracy is dictated by
the assumption of error types and by how errors are quantified. If all possible errors
are taken into account and the methods are found to minimize estimation errors, then
a most accurate FRF estimate is possible. In reality, all errors are not included. In
addition, accuracy and cost oppose each other. As a result, it is necessary to find the
optimal FRF estimate to suit different scenarios.

10.2.1 No input noise - [I:I1(w)] model

This estimation of FRF assumes that there is no input noise (so {M} = {0}) and the
output noise does not correlate with the system input. The response will then consist
of the genuine response due to force inputs and the noise as:

X(0)} 31 = [H@O)]xp {F(@)}pxi + {N@)} 51 (10.8)
U
—_—p H v
X
N » >

/

Figure 10.2 A case of output noise only

Post-multiplying both sides of the equation by {F(w)}”, the Hermitian transpose of
the force vector, the expected values of the responses are in the form of power
spectra:

[GxA @) xp = [H(®)]xp [Grr(@)]pxp + [Gyr(®)]1xp (10.9)

Here, the power spectra are respectively:

[Gxr(@)];xp cross power spectrum of the input F and output .X;
[Grr(w)]pxp auto power spectrum of the input F;
[Gnr(w)]ixp cross power spectrum of the input F and noise N.

Where no correlation exists between the input /' and the noise N, the cross power
spectrum [Gyr(®)] becomes zero. This leads to an estimate of the FRF matrix:
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[H(0)]ixp =[G (@)]ixp [Grr(@)]prp (10.10)

This estimate is known as [1:11 (w)] for the FRF matrix. [1:11 (w)] is the traditional
estimate and mathematically it is an underestimate. This can be shown below using
a single-input single-output (SISO) case for convenience. As we know that the input
and output noise do not correlate with each other and nor do the noise with the
genuine signals, we have the following spectra:

Grr(@) = Guy(@) + Gy (o)

Gxx(®) = Gyy(®) + Gyy(®) (10.11)

Gxr(@) = Gyy(®)
If the true FRF without any noise is denoted as H(w), then:

Gyy(®)

H(w) = Gou(®) (10.12)
while:
2 _ Gyr(@) _ 1
H, (o) Gor(@) - GMM(w)H(a)) (10.13)
Guy(®)

Obviously the estimate is less than the true FRF. Because of only including the output
noise, [I;f 1 ()] is prone to error when the noise does exist. Near a vibration resonance
where input forces decline dramatically because of impedance mismatch between the
structure and the input sources, the signal to noise ratio drops considerably. As a
result, the accuracy of the [1:11 (w)] estimate is poor around resonances.

From equation (10.10) it is evident that the auto-power spectrum matrix of the
input forces [Grr(®)] needs to be inverted in order to estimate the FRF. However,
this matrix is not always invertible. There are several reasons why the matrix can
become singular:

(1) When one of the input forces Fj(®) is zero, the jth row and column of matrix
[Grr(w)] are full of zeros. The matrix is singular.

(2) When two or more input forces are completely dependent on each other, the rank
of matrix [Gpp(w)] is deficient.

(3) Numerical analysis may be hindered because of the ill-conditioning of matrix

[Grr(@)].

Therefore, the success of the FRF matrix estimate [I:I 1 (@)] depends primarily on the
invertibility of the force spectrum matrix. In particular, it is essential to assure that
input forces are not interdependent. For a MIMO system, a few types of coherence
functions can be of great assistance to gaining confidence on the FRF estimates.

1. Ordinary coherence function
Ordinary coherence function is defined as the measure of the causal relationship
between two signals with the presence of other signals. For a MIMO system, the
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coherence function is identical to that for a SISO system. For the ith output and the
jth input, the ordinary coherence function is formulated as:

y2 = Gxr (i, )P
Vo Grr(J,7) Oy (0, 0)
When the coherence function is equal to one, two signals are completely related. If

the coherence function between two input signals is one, the two inputs are completely
related. This would hinder the estimation of the FRF matrix.

(10.14)

2. Partial coherence function

Because of the reaction of the test structure or coupling among excitation sources, an
input signal of a MIMO system is affected by other input sources. The partial coherence
function is defined as the coherence function between an input and an output, or
between two inputs, or between two outputs after the cross-influence among input
signals is removed (these ‘refined’ input signals are referred to as the ‘conditioned’
signals). Assume the spectra of the inputs are F|(®), F»(w), . . . , Fp(®). Eliminate
from spectrum F,(w) the influence of F(w):

F (0) = K (0) - H F (o) (10.15)

Grp () . 1
————— is the nominal FRF between two forces. F, (@) represents
Grr(@)

the force spectrum F,(w) after the influence of F|(w) is removed. Likewise, we can
derive F) (), F}(w) till F}(w). As the ordinary coherence function between
F(w) and F,(w) is defined as:

Here, HZI(w) =

|GFIF2 |2

b
GrrGrp

Yir = (10.16)

the auto-power spectrum of F, (@) can be derived from equation (10.15) as:

Grs? 2
Cury = Onn =G, — = Onn (- 12) (10.17)

If the coherence function }/122 is close to zero, then the forces Fj(w) and F,(w) are
almost uncorrelated. Having refined F,(®) from the influence of F;(w), spectrum
F) (@) can be used to refine forces Fy (@) and the subsequent forces.

F (o) = F(0) - Hy F) (o) (10.18)

Gripi (@)
Here, H;,(®) = <>-—— is the nominal FRF between forces 3 and 2. The partial

GF21F2' (@)

coherence between them is defined as:
G|’
() = 22— (10.19)
Crir Orr,
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The auto-power spectrum of F{ (@) can be derived from:

|GF21F31|2

HE T TG
313 1l
FZFZ

Grr=G = Gy (1= (73)") (10.20)

252
PR

To continue this process, the general formula for the partial coherence function can
be derived as:

2
> K R fes] _
(Y Geriyin)” = G k=1,2,...,(p-2) (10.21)

k k k k
Fors ey Frr e+

If (Y (jiyre2) " is equal to one, then the input forces K., (@) and Fj., (@) are
correlated.

A different method of detecting the correlation between input forces is to use
the eigenvalue decomposition of the input spectrum matrix [Grp(®)]. Assume
F(w), F}(w), ..., Fp(w) denote the auto-spectra of ‘P’ independent input forces.
The force spectra from measurement can be expressed as a linear combination of
them such that:

[Fi(w) Fy(w) . .. Fp(w)] = [H(0) F (). .. Fp(0)][0] (10.22)

where matrix [Q] is a complex matrix with dimension P X P. The eigenvalue
decomposition of matrix [Grx(w)] becomes:

[Grp(0)] = [01 [Grr(@)][Q] (10.23)

Here, [Grp ()] is a diagonal matrix. Its diagonal elements are called principal
power spectra of the input forces and they follow the orthogonality:

FxF i=j

Grry (@) = {0 (10.24)

i#j
Matrix [Grp (@)] is the eigenvalue matrix for [Gpp(w)] while matrix [Q] is its
eigenvector matrix. Since [Grp(®)] is a Hermitian matrix, its eigenvectors are
independent. As a result, matrix [Q] is non-singular. When some eigenvalues of
[Grr(w)] are zeros, [Q] becomes singular. This means when the principal power
spectra of the input forces are minute, some input forces are correlated. Therefore,
the estimates of the principal power spectra of the input forces are indicative of the
correlation among forces.

3. Multiple coherence function

The multiple coherence function describes the linear and causal links between one
output signal and all known input signals. It can be used to evaluate the influence of
unknown inputs to an output. These unknown inputs may be measurement noise,
energy leakage or nonlinearity. Every output has a multiple coherence. If it is equal
to one, the output is correlated with all inputs. If it is equal to zero, the output is due
to unknown inputs such as noise.
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Multiple coherence is defined as the ratio between two power spectra. They are the
cross power spectra between the output and the known inputs and the auto-power
spectrum of the output. Physically, this ratio means the proportion of the output
signal due to the known inputs.

P
El HlfiGXiFj - (GN,Ni)min

2
Yxr G Grr, (10.25)
Equation (10.25) is a least square outcome based on the model of no input noise.
With the presence of input and output noises, the equation will assume a different
form.

In order to be able to calculate the multiple coherence using input cross power
spectra and output auto-power spectra, we can define an augmented matrix of cross

power spectra for the ith output as:

[Gxxi | Oxin Gxp oo Gxirp |
Grx, ' Grn  Grrn -~ Unp
[Gy,rr]l = | O, : Gpr Gpp, - G (10.26a)
o ) :
|
_GFPXi | GFPF1 GFPFZ GFPFP_

The lower right part of the matrix is the force cross-spectrum matrix for input forces
which can be denoted as:

GFIFI G]71F2 . e GFIFP
GF2F1 GF2F2 . e GFQFp

[Grel =] . : : : (10.26b)
GFPFI GF'PF'Z . e GFPFP

From equation (10.25) we derive:

Gyx, = é} HyGyr,+ Gy, (10.27)
Substituting this into equation (10.26a) and calculating its determinant leads to:
|[GX,-FF]| = GNI-N,- |[GFF]| (10.28)
The multiple coherence function can now be derived from:
[Gx.rr]

T (e | (1029)
10.2.2 No output noise - [I:IZ(w)] model

When using this model to estimate the FRF matrix, it is assumed that no output noise
exists, as shown in Figure 10.3. The input noise is not correlated with the output. The
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Figure 10.3 A case of input noise only

input and output spectra follows:
[X(w)] = [H()([F(@)] — [M(w)]) (10.30)
Post-multiplying the equation by [X(®)]”, the expected response estimate becomes:
[Gxx(@)] = [H()][Grx ()] (10.31)

This yields the new estimate of the FRF matrix as:

[H(0)] = [Gxr(@][Grx(@)] ! (10.32)

This solution is correct only when the matrix inverse in the equation exists. When the
number of excitation ‘P’ is less than that of the response points ‘L’, inverse [Gpy(®)] !
does not exist. A pseudo inverse has to be used to derive the FRF matrix.

It can also be shown using the SISO case that [f[z(w)] is an overestimate of the
FRF. For a single input f and single output x, the FRF is estimated as:

; _ Gx(®) _ Gy(o) + Gyy(w)
@) =G @~ Gul@)

_ Gy(w) Gw(®)Y _ Gan(®)

- Gy(o) (1 " GVV(a))) H(w)(l + —GW(w)) (10.33)

This shows that ﬁlz (o) is an overestimate of the correct FRF H(w). The same
observation applies to the MIMO case.

Estimate [ﬁz(w)] is sensitive to the output noise. It is particularly inaccurate
when anti-resonances occur with minimum responses. However, it gives an accurate
estimate around resonance frequencies. This is important for modal analysis since
many methods rely on the FRF data at the vicinity of resonances.

When both the input and the output noise exist, both [I;ll(a))] and [I;lz(a))] are
biased estimates. Their accuracy depends on signal to noise ratios of the inputs and
outputs. Generally, [ H,(w®)] provides accurate estimates around resonances while

[H(®)] are more accurate around anti-resonances and minima. It can be shown
that:

|H,(0)| 2 |H(w)| 2 |Hy(o)| (10.34)
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10.2.3 Both input and output noise -
[H; ()], [Hi()], [H, (w)], [H,(w)] models
When both the input and output noise are considered, it is logical to attempt to find

the estimate of the FRF [H(w)] from an average of the two models [ﬁl(w)] and

[ﬁz(w)]. Depending on the type of the average, there will be different estimates.
Using the SISO notations again we have the following.

1. Arithmetical average

Hy(0) = 3 (H\(0) + Hy(o)) = L, (1 N GNN) (1035)

1
2 Gum Gyy
1+
GUU

2. Geometrical average

Ay0) = {A(0) By(0) = H(o) |—" (10.36)
It is easy to show that:
()] 2 |Hy()] 2 |Hy(0)| 2 |H (o) (10.37)

3. H,(w) estimate for a MIMO system

The FRF matrix of a MIMO system can also be estimated using the least square
principle to minimize an error matrix. Like before, assume there are ‘P’ input forces
and ‘L’ output responses. Then,

[X]1x1 = [Nisa = [H]ixp ([Flpxa — [M]px1) (10.38)
Saving the subscripts, the equation can be recast as:
[X] - [H][F] = [N] - [H][M] (10.39)

Post-multiplying both sides with their Hermitian transpose leads to:

([X] - [HIIFI)(IX] - [HIFD = (IN] - [HIIMD([N] - [H][M]D"  (10.40)
Using power spectra, the equation can be expressed as:
[Cxx] [Gwrl | | -]
—[I[H
UL [[GFX] [GFF]} [[H]H}
= [Gw] + [HI[Gun J[H]" — [NI[HI[M]" — [H][Gun] (10.41)

Since the input noise is unrelated to the output noise, the last two terms of the
equation will become zero. This leads to:



Multi-input multi-output modal analysis methods 207

(Gl (Gl | [~ 1]
—-[I1[H
S [[GFX] [GFFJ [[H]H

Assume the input and output noises are of comparable power (i.e. Gy, = Gyy), then
their auto-spectra can be seen as equal to each other. This leads to a recast of equation
(10.42) into:

[GX)(] [GXF] _[1]
— [ H X( L+,
U ey [[GFX] [GFF]:|(L+p)x(L+P) [ [H]H](“P)XL

] = [Gw] + [HIGu[H]?  (10.42)

—{1]
=[Gwli [- [[][H]]LX(L+P)|: [H]H:|(L+P)><L (10.43)
Namely, we have the following formula for the noise spectrum matrix:
[Gw] = [A]7 [GI[AI(TATTA]) (10.44)
where [G] = [[GXX] [GXF]} and [A]= [ _[13,] (10.45, 46)
[Grx] [Grr] (L+P)X(L+P) [H] (L+P)XL

Mathematically, the optimal estimate of the FRF matrix should coincide with the
minimum trace of the noise spectrum matrix. The trace is the sum of the smallest
eigenvalues and matrix [A] consists of the eigenvectors of these smallest eigenvalues.
Therefore,

P+L

min(7r[G]) = X A, (10.47)

From the eigenvalue decomposition of matrix [G], we can obtain (P + L) eigenvalues
A, and eigenvector A, (r=1,2, ..., P+ L). Taking the smallest L eigenvalues and
their corresponding eigenvectors to form matrix [A] which has dimension of (P + L)
x L. Its upper part is an L x L identity matrix and the lower part an P x L [H]" matrix.
The complex conjugate of matrix [H]" yields an estimate of the FRF matrix known
as f]v (w). This estimate takes into account both the input and output noise and is
derived from an overall least square sense. It is expected to be more accurate than the
ﬁll(w) and 1:12(60) estimates.

For a case study, assume the input and output noise vary within 0% and 20%,
equations (10.13), (10.33) and (10.47) can be used to estimate the errors in estimating
the FRF. Tables 10.1, 10.2 and 10.3 show the outputs of numerical studies using
different FRF estimates with prescribed errors.

These tables show that the output noise has no effect on the H](a)) estimate. The

input noise has no effect on the 1:12(60) estimate. With the same noise level, ﬁv(w)
offers the most accurate estimate.

4. I:IS (w) estimate
The I:]S(a)) is another model for estimating the FRF of a system. Like the I;Iv(a))

model, the [:IS((U) estimate also considers both the input and the output noise. Using
a SISO case, the signals are as shown in Figure 10.4.
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Table 10.1 H 1(w) estimate with different noise levels

Input noise

H (@) estimate

0.0% 10.0% 20.0%
0.0% 0.0 -9.0 -16.7
Output noise 10.0% 0.0 -9.0 -16.7
20.0% 0.0 -9.0 -16.7

Table 10.2 I:Iz(a)) estimate with different noise levels

Input noise

Hi(®) estimate

0.0% 10.0% 20.0%
0.0% 0.0 0.0 0.0
Output noise 10.0% 10.0 10.0 10.0
20.0% 20.0 20.0 20.0

Table 10.3 H v(®) estimate with different noise levels

Input noise

H (@) estimate

0.0% 10.0% 20.0%
0.0% 0.0 -4.6 - 8.7
Output noise 10.0% 4.9 0.0 —-43
20.0% 9.5 4.4 0.0
N
U X
> H —»

Figure 10.4 Signals for a SISO system

X(w) — N(w) = Ho)(F(w) - M(w)) (10.48)
This equation can also be simplified into:
HM - N=HF - X (10.49)

Post-multiplying each side with its Hermitian transpose and assuming the input and
output noise are not correlated will lead to the following error equation:
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NN + HH? YMM" = Y (HF — X)(HF — X) (10.50)

Usually, YNN # ¥ MM". Equation (10.50) cannot be used for a least square
minimization. However, a scaling factor S between these two error terms can be
defined that to facilitate the minimization process.

T NNH
52 = 2NNV 10.51
T MMt (10.51)
or
X~ N=SH(F — M) (10.52)

Equation (10.50) can then be written as:
S? SMM™ + HHUS? MM = 3 (HSF — X)(HSF — X) (10.53)
This leads to the estimation of the error term:

S(HSF — X)(HSF — X)!

MM =
(1 + HH")S? (10.53)
Minimizing this error term for the elimination of the FRF H will lead to:
S SXTFH? + (S LFFY — YXX")H + SYFX =0 (10.54)

From here we can arrive at the new estimate for FRF:

b - —(S’XFF1 X xx') +\/(S22FFH—2XXH)2 +4S2 Y XHFYFHY
! 2SXXHF

(10.55)

10.3 Frequency domain poly-reference modal
analysis method

The frequency domain poly-reference method utilizes the FRF data from MIMO
testing to identify the modal parameters of the test structure. Since the method processes
all the input and output signals simultaneously, the identification can be more accurate
and consistency among the derived modal parameters preserved. There are several
modal analysis methods that can be categorized as poly-reference methods. In the
following, one of them is introduced.

The motion of a general MDoF system subjected to external forces is governed by:

IMIvv {X} s + [Clasav { X wa + [Klvsev (X1 = {F Y asa (10.56)
For P excitation forces, the impulse response matrix of the system is derived as:
[2(0)] = [¥]eMM[L] (10.57)

Here, [W¥] is an N X 2N complex mode shape matrix. [A] is a 2N X 2N complex
eigenvalue matrix. [L] is a 2N X P mode participation matrix while N is the number
of DoFs of the system.
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The Laplace transform of the left-hand side of equation (10.57) is the FRF matrix
[o(s)]. This leads to:

[o(s)] = [P1(s4] - [AD'[L] (10.58)
Denote a new matrix:
[T(s)] = (s[7] - [AD'[L], (10.59)
then equation (10.58) becomes:
[a(s)] = [F][T(s)] (10.60)
The corresponding mobility matrix can be written as:
[Y(s)] = s[oc(s)] - [E(t)]‘ , " sla)] = YL
= (10.61)
= s[YIIT(s)] = [WI(s[1] = [ADIT(s)] = [YI[AIT(s)]

Thus, we can construct the following equation:

[ox(5)] [0] _ ] ¥
_ = [T()]  (10.62)
Sl |, e ([YILY), e ([YIIAL), s

This equation can be simplified as:

[o(s)] [¥]
= 10.63
[[Y(s)]} {[‘P][A]} 7)) (10.63)

Here, [Y(s)] is the mobility transfer function. Now let us derive the solution for the
eigenvalue matrix [A] and eigenvector matrix [¥] of the system. The eigenvalue
problem is as:

[AI[Y] - [¥][A] = [0] (10.64)

where matrix [4] is unknown but can be constructed using measured FRF data. First,
let us convert equation (10.64) into:

{[A]_[I]}Nsz{ ¥ } =[0] (10.65)
(YA v

Post-multiplying the equation by the transformation matrix [7(s)] and using the
conclusion given by equation (10.62) leads to:

[V] _ [a(s)] _
{41 - 11} [T(s)] = {[4] - [11} =[0] (10.66)
[PI[A] sfee(s)] = [WIIL]
Denote [B] = [W][L], equation (10.66) becomes:
[A][a(s)] = s[ax(s)] — [B] (10.67)
Let s = —jw, then equation (10.67) becomes:
[A][a(jo)] = - jola(jo)] - [B] (10.68)

This equation can be used ‘m’ times for ‘m’ measured frequency points such that:
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[A][a(jo)] = - jo[a(jo,)] - [B]
[A][a(j@2)] = - jo, [a(jo,)] - [B]

(10.69)
[Al[a(jo,)] = - jo,[a(jo,)] - [B]
These equations can be combined to form the following matrix equation:
[a(joD]  [a(jo)] ... [o(joy)]
[L4] + [B]]MW)[ o . }
[1] [7] e [/] (n+pymp (10.70)
= [Hjo[a(jo)] —jo[a(joy)]. .. = jo,[0(j@,)]]vme

From here it is possible to estimate matrices [A] and [B] using pseudo matrix inverse.
Matrices [A] and [B] can then be substituted into equation (10.65) so that system
eigenvalues and eigenvectors can be calculated.

For a real structure, within the measurement frequency range, the number of
modes n, is usually smaller than the modes derived from analytical modelling. When
the number of measurement locations # is larger than 2n,, [4] and [B] obtained from
equation (10.70) will often yield computational modes later. In addition, when »
becomes excessively larger, the process of determining [4] and [B] may be ill-
conditioned. To avert these problems, a matrix decomposition can be used to reduce
the measured FRF matrix [a(j®)], xpinto [ (j®)],,« p. Assume there exists a matrix
transformation such that:

[X(jo),xp = [Oln, xn[0(j@O)], %P (10.71)
then we can define a deviation matrix as:

[SP] = % Re ([oe(jo)l[a(j@)]") e (10.72)

The singular decomposition of matrix [SP] leads to:
[SP1 = [U]" [Z][U] (10.73)
where the singular matrix will be a diagonal matrix with descending singular values:
[X]=diag[o, o0, ... o, 0 ... 0] (10.74)

The first n, vector in matrix [U] that corresponds to the first n, singular values will
form matrix [Q] in equation (10.71). Having derived matrix [Q], the equation becomes:

[@(jo)] = [Qlla(jo)] = [QI['¥]e™ [L] = [¥]eM L] (10.75)

Matrix [¥] (= [Q][¥]) is an n, X n, matrix that contains n, effective modes.
To summarize, the procedure of the frequency domain poly-reference method is as
follows:

(1) Select an FRF estimation model and from measurement data construct the FRF
matrix [a(jw)].
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(2) Use equation (10.73) to estimate matrix [SP], find its singular value decomposition
(SVD) to determine matrix [Q].

(3) Use [ax(jw)] toreplace [ox(jw)] in equation (10.70) to derive matrices [4] and [B].

(4) Derive eigenvalue matrix [A] and eigenvector matrix [¥].

(5) From the transformation derive the eigenvector matrix [¥'],,, -

(6) Compute the natural frequency and damping ratio from the diagonal elements of

the eigenvalue matrix [A] as:

Re(4,)

©, = J(Re(2,)) + (Im(4,))* and ¢, = - =

(7) Derive the modal participation matrix from [L] = [B][¥]".

10.4 Time domain global modal analysis method

The time domain global modal analysis method makes use of the free vibration or
impulse responses of an MDoF system to identify its modal parameters. Since the
identification is for the whole system simultaneously, the modal parameters usually
show good consistency and the overall accuracy is contented. There are three steps
involved in implementing this method. They are respectively: (1) establishment of a
mathematical model; (2) estimation of the coefficient matrix; and (3) identification of
modal parameters.

10.4.1 Establishment of a mathematical model

The first step is to establish a workable mathematical model from measured data. For
an N DoF linear and time-invariant system, assume the response is measured from all
N coordinates and independent excitations are applied at P coordinates (P < N). The
system governing the equation of motion can be written as:

X vt LMl Clvsen £ s [M T3 v [K T A5 w1 = [Dwcp{F
(10.76)

Here, [D] is a load distribution matrix. Sampling all inputs and outputs with time step
A, we can obtain both the input and output time series {F}; and {X}, (k =0, 1, 2,
...). Thus, equation (10.76) can be replaced by a series of finite difference equations:

X = [ANX e = [a{X in = [Bol{F i + [BI{F S i (10.77)

Here, [A4;] and [A4,] are the output coefficient matrices and [Bj] and [B,] the input
coefficient matrices. To remedy the noise in the measurement, this time series can be
expanded into a finite difference equation of 2pth order (actually a 2pth order of the
ARMA model). The equation will become:

2p 2p-1

(X3 — Z’l [A WX} = [Bol{F i + El [B{F} iy (10.78)
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Here, p is the order of the mathematical model. [4,]yxy 1S the output coefficient
matrix and [B,]yxp the input coefficient matrix. From time domain modal analysis
theory we know that [4,] contain the eigenvalues of the system and [B,] the eigenvectors.
Once these matrices are found from equation (10.78), the modal parameters (natural
frequencies, damping loss factors, mode shapes and modal participation factors) of
the system, can be derived.

Equation (10.78) can also be written as:

1

2p 2p-
([1]— p [AF]Z’){X};( :[[Bo]— 3 [Br]Zf){F}k (10.79)

Here, Z ! is the time shifting operator such that:

27X = X (10.80)
and ZHUFY = {FYy (10.81)

Series {X}, and {F'}, are obtained from time domain measurement. Theoretically,
they can be used in equation (10.78) to determine the least-square solutions for [A4,]
and [B,]. When the auto-correlation matrices [Ryy(0)] and [Rz(0)] of the series {X},
and {F}, are rank efficient, unique solutions can be found for [4,] and [B,]. In real
measurement, however, the number of the measurement location # is usually greater
than the number of vibration modes 7,. As a result, equation (10.78) does not have a
unique solution for [4,] and [B,].

The rank of [Ryx(0)] is n,, which is less than n. Therefore, it is rank deficient. A
solution is to find the SVD of matrix [Ryy(0)] and then condense the response vector
{X} into {X"}; with a rank efficient auto-correlation matrix [ Ry y-(0)]. This will
enable equation (10.78) to produce a unique solution for matrices [4,] and [B,].

The SVD of matrix [Ryy(0)] is as:

[Ryx(0)] = [U]" diag [, &, . .. Oy, - 6,1[U] (10.82)

The rank of matrix [Ryy(0)] can be determined from the sudden and dramatic decrease
of'the singular values (likely after the n,th one). Once the rank of [Ry(0)] is confirmed
to be n,, the response vector {X}, can be condensed by a linear transformation:

(X'} = [01{X (10.83)

Here, {X"}, is an n, X 1 condensed response vector and [Q] an n, X n transformation
matrix that comprises the first n, vectors of the orthogonal matrix [U]:

1= [y wis .o wl] (10.84)

Thus, in the finite difference model in equation (10.78), the response vector { X}, can
be replaced by vector {X"}, for the solution of [4,] and [B,].

A mathematical model can also be established using the impulse response functions
of a system. As the inverse Fourier transform of the frequency response function, the
impulse response function characterizes the input and output relationship of a dynamic
system.

Assume there are ‘N’ response points and ‘P’ input points on a test structure. The
impulse response function between the ith response point and the jth excitation point
is h;(f). An impulse response function matrix can be defined as:
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() hp(t) ... (1)
LH ()] = hot () hop(8) ... hyn(2) (10.85)
hyi(8)  hya(2) oo hyp(2)

A time series [H]; (k=1,2,...) can be formed by sampling impulse response [H(?)].
Thus, a finite difference model based on time series [H]; is a multi-variable auto-
regression process. It should satisfy:

(Hle = [ = - - = [Aop) [Hlip =0 (k=2p, 2p+1,..) (10.86)
or simply
2p
[H]e = Z [4[H], (10.87)

The discretized version of the inverse Fourier transform of matrix [H]; can be written
as:

[H]; = [W]elMA¥ [L] = [W1[Z]F [L] (10.88)

Here, [¥],,x2,, 1s the mode shape matrix. [A],,, x,, is the eigenvalue matrix.
[L]24,xp 1s the mode participation matrix. A is the sampling resolution so that Ak is
the time for the kth sample. [Z];,, «2,, is the z-transformation matrix such that

[Z] = elMAk (10.89)
With equation (10.88), it is possible to rewrite equation (10.87) as:

2
[H]; = 2 [4][¥][Z]°"[L] (10.90)
or izpo [A[P]I[Z]F"[L] = [0] where [A4,]=[]] (10.91)

Using equations (10.87) and (10.91) together, a new matrix equation can be formed
for coefficient matrix [4,]:

[H ] (4] [4] ... [Ay]| [Hlk
(Al || U1 0] ... 0] | [H]k2 (10.92)
[H]k2pn oy ... [ (0] J[Hko2
or simply as:
[H]; =[A][H]i (10.93)

If matrix [H]y is ill-conditioned, it is possible to condense it using SVD. Assume a
linear transformation exists:

[H'); = [BI[H]k (10.94)
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where [B] can be formed from the SVD of matrix [H],. When the auto-correlation
matrix of the impulse response [Ry(0)] has a rank of n, that is less than N, response
matrix [H], can be replaced by [H’] with a dimension of n, X P.

10.4.2 Estimation of coefficient matrix [A]

The second step of the time domain global modal analysis method is to estimate the
coefficient matrix [4] presented in the formulated mathematical model. Assume data
samples are available when k=2p, 2p + 1, ..., 2p + 2p — 1. Equation (10.87) will
form a series of equations:

[H],, =[Al[H]pa + [ H]po + .o+ [4y,1[H]o
[Hlypu = [Ail[H]op + [A[H]ppr + ..o+ [Ap [ H]
(10.95)
[H oprap1 = [AiI[H ]2 propa + [A2][H]a props -+ [Aop [ H]opa

Using the same approach that led to equation (10.92) from equation (10.87), a new
augmented matrix equation can be derived:

[[H],, [H ]opn [Hope oo [Hopiop
[H]Zp—l [H]2p [H]2p+1 s [H]2p+2p—2
[H]pp [H ]2p1 [H], oo [Hlopiops
»[H]2p—2p+1 [H] 2p-2p+2 [H] 2p—2p+3 s [H]Zp—2p+2p ]
(4] [4], [4l; ... [4l, |
[/] [0] [0 ... [0]
= [0] [1] [0] .. [0] (10.96)
I L (V) I P B Y
[[H]p  [Hly [H ]opn oo [Hlypopo ]
[H]Zp—Z [H]Zp—l [H]2p s [H]2p+2p—3
[Hlpps  [Hlyo [H 1oy oo [Hlopiopa
»[H]2p—2p [H] 2p-2p+l1 [H]Zp—2p+2 s [H] 2p-2p+2p-1 |
or simply:
[Hlyp = [A1[H o (10.97)

The coefficient matrices [4,] can be found from the augmented matrix [A4].

215
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10.4.3 Identification of modal parameters

The modal parameters can be identified from the coefficient matrices [4,]. The method
to do so is to formulate an eigenvalue problem using the coefficient matrices [4,].
The solution to this eigenvalue problem will produce natural frequencies, damping
ratios and mode shapes.

Substituting equations (10.90) into (10.86) can lead to an eigenvalue problem.
This substitution yields:

[WIZIL] = [AIPNZ1 L] + [AIWIZY2L] + .+ [ TP Z] (L] (10.98)

Like before, this equation, when used several times for individual sampling points,
can form an augmented matrix equation:

[Pz (4] [4] ... [yl [¥IZ]*
Y[ Z]>*2 1 0 0 W[ Z1%2
(7] [Y1[Z] _ | H 0] [0] || [W¥1[Z] (10.99)
(Y z17> (01 ... [l [0] ||[[YIz)¥*
or [Z][©] = [4][©] (10.100)
This is an eigenvalue problem. The solutions are:
[Z] = M2 (10.101)
(P21
[Pz
and [0]= (10.102)

(W21 %

Each eigenvalue corresponds to the modal parameters of a vibration mode such that
the rth eigenvalue z, can be expressed as:

z, = et (10.103)
and the whole matrix is:
[Z] = diag [e**] (10.104)
This leads to the estimation of the complex natural frequency:
A, :%lnz, = L, +jo,1-E (10.105)
The diagonal natural frequency matrix can be constructed as:
A
[A]= A (10.106)

e
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Once the eigenvalues are estimated, the mode shape matrix [W¥] can be found from
equation (10.102).

The last quantity to be determined is the mode participation factor matrix [L].
Equation (10.88) provides a means of estimating [L]. Once the eigenvalue matrix [Z]
and the mode shape matrix [W] are determined, the least-square method can be used
to minimize the error function defined as:

[e]'[e] = ([Hd - [YIZLD" (1H] - [PIIZ1[LD) (10.107)
This will lead to the least square estimate of the participation factor matrix:
[L] = (YAZDAPIZD) ! [HA (10.108)

To summarize, the time domain global modal analysis method involves the following
steps in its implementation:

(1) From ‘P’ excitation signals and ‘N’ response signals of a test structure, construct
the frequency response function matrix. Take the inverse Fourier transform from
the matrix to form the impulse response matrix [H(#)]. This matrix, when sampled
with an equal time interval, produces a time series [H;].

(2) Determine the auto-correlation matrix [Ry(0)] from the time series [H,] and use
the SVD method to identify its rank. If the rank N, is less than the number of
response signals N, then use a linear transformation to reduce the dimension of
the time series [H,] from N X P to N, X P.

(3) Find the initial estimate of the order of the system. The mode number can be
determined from the response spectrum. The order of the system can be finalized
after a few iteration processes.

(4) Determine the coefficient matrices [4,].

(5) Identify the natural frequencies, damping ratios and mode participation factors.

(6) Use the estimated modal parameters to regenerate the time series [H,] and
compare it with the measured one [H,]. If the two series agree with each other,

then the identified modal parameters are accurate. Otherwise, increase the order
of the model and repeat the process from steps 2 to 5.

The number of modes is a critical parameter for the method. It is not always
obvious how many modes should be considered. Too few means missing out genuine
modes and too many will result in computational modes. One simple criterion is to
define a reasonable range of damping ratio so that if some ‘modes’ have greater
damping ratio estimates, then they are deemed to be noise or computational modes.
Mode participation factors of those modes should also testify their minute contribution
to the response of the structure. In addition, noise or computational modes show poor
reciprocity on the residue matrices. This information can be used to sieve analysed
modes.

10.5 Eigensystem realization algorithm method

The eigensystem realization algorithm (ERA) is another global time domain method
for modal parameter identification. The basic idea of ERA is to use the minimum
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realization concept from control theory to identify eigenproperties of a test structure
from its impulse response data. The mathematical process is SVD. Once the
eigenproperties are identified, the modal parameters can be derived accordingly.
Since its inception, ERA has been used as an effective modal analysis method for real
engineering structures, including the Galileo Space Vehicle.

The essence of ERA is to apply the SVD on the measured impulse response data
in order to determine the number of prominent DoFs of a test structure and to
determine the system matrix [4], input matrix [B] and output matrix [C] in the state
space representation of the structure. The system matrix [4] can then be used for an
eigenvalue solution to determine the modal parameters of the structure. When the
dimensions of [4], [B] and [C] are minimum, the minimum realization has been
achieved. This renders a controllable and observable system.

10.5.1 State-space equation of an NDoF system

An NDoF system with ‘P’ excitation forces is governed by the following differential
equation:

[M 1y X3 vt + LD v {5 v T [K Ivsen (X3 va = [LIvsp{ FYpxa (10.109)

Combining the equation with an identity {x} = [/]{x} and define the state—space

variable {X} = {gi}, we can form the following state—space equation:
(i = [ [0] (/] } Xt [ [0] ] ()
SIMIKD ST D ey MLy
(10.110)
or {X} = [4]{X} + [BI{F} (10.111)

If the system has ‘L’ output locations, the output vector {Y} is related to the state
variable through an output matrix [C] as:

Y} a = [Clpon (X v (10.112)

By sampling the response of the system with a time resolution A, we have the
discretized version of equations (10.111) and (10.112) as:

{{X(KJr D} = [A{X(K)} + [B{F(K)}

(10.113)
{Y(K)} = [CHX(K)}

Here, {X(K)} is the state—space variable at time moment KA and {Y(K)} the response
output at the time. For a linear time-invariant system, the minimum realization for
measured responses can be sought from the impulse responses.
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10.5.2 Impulse response matrix

The impulse response of a system can be derived from the inverse Laplace transform
of the transfer functions. By sampling the impulse response function 4(#), we have a
time series for the function #(K) (K=1, 2, . ..). At moment KA, the impulse responses
from all measured coordinates form the following impulse response matrix:

hi(K)  hp(K) ... hp(K)
_ hy(K)  hp(K) ... hyp(K)
[H(K)] = . . . (10.114)
hp(K)  hpp(K) ..o hp(K) |, p

The minimum realization becomes a mathematical task of determining matrices [A4],
[B] and [C] from [H(K)] such that the order of these matrices is kept minimum.
From the eigenvalue solutions of the determined matrix [4] we can then derive the
modal properties of the system.

10.5.3 Construction of a Hankel matrix

The minimum realization of impulse responses commences from the partitioned
Hankel matrix. A Hankel matrix is formed in the following equation:

[TI(K) [TI(K-FH) H(K—Hﬁ—l)
i -y = | TR G R G K
H(jartK)  H(art K+t) .. H(jur+ K+1g)

(10.115)

Here,j. (r=1,2,...,aa—1)and ¢, (r=1,2,..., B—1) are arbitrary positive integers.
This matrix is constructed from the measured impulse response data.

Theoretically, the rank of matrix [ (K — 1)] is a constant and equal to the order
of the system. Due to measurement noise, the rank varies until the o and f in
equation (10.115) reach certain values. Therefore, the final settlement of j,, #,, o and
B values occur when the rank of [I;l (K — 1)] approaches a constant and the dimension
of the matrix is at a minimum. A common tacticisto letj.=t¢.=rA(r=1,2,...).
Matrix [H(K — 1)] will become:

H(K) H(K+l) ... H(K+B-))
LK - 1)) = :17(K+ 1) :17(K+2) :I7(K+ﬁ)
H(K+a-1) H(K+a) ... H(K+a+B-2)

LaxPp

(10.116)

219
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H(K+1) H(K+2) ... H(K+p)
and [B(K)] = H(K+2) H(K+3) = y(K+ﬁ+1)
ﬁ(Kﬂx) ﬁ(KﬂxH) .H(K+a+ﬁfl) LaxPp
(10.117)

10.5.4 Impulse response matrix and system matrices

Establishment of the link between the system matrices [A4], [B] and [C] and the
impulse response matrix [ H (K)] is the basis of the eigensystem realization algorithm.
Using the z-transform, we find that the transfer function matrix of a system is related
to its impulse response matrix:

[HZ)]=[HO]+[HWIZ'+[HQ)Z>+... (10.118)
We also know from Chapter 2 that the transfer function can be written as:
[H(2)] = [C)ZI] - [4])'[B] = Z '[C([1] - Z'[4] - (Z'[4])* - . . )[B] (10.119)
Comparing these equations we establish:
[H(K)] = [CI[4]*"[B] (10.120)
from here we deduct that:
[H(K+ 1)] = [CI[4]*[B] = [CI[A][4]*'[B]
[H(K +2)] = [CI[4]*[B] = [CI[A4])* [4]*'[B] (10.121)

Therefore, we can decompose the Hankel matrix [I:I (K — 1)] into:

[C]
) [C1[4]
[H(K-1)]=| [CI[4]? [AT'[[BI [A1LB] [AT[B] . .. [41° ' [ Bllawxrp
LLCIAT ] o
or [H(K = 1] = [Plrawan [415 [Qlowsrp (10.122)

Matrix [P] is called the observability matrix and [Q] the controllability matrix.

10.5.5 Eigensystem realization algorithm

The derivation of the algorithm can begin from equation (10.122) with the initial
impulse response matrix:
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[H(0)] = [P][Q] (10.123)
Using SVD, we have:

[H(0)] = [U]" [Z][V] (10.124)

This decomposition can be seen physically as passing measured impulse response
data through a Wiener filter. The signal filtered out, which is responsible for the zero
singular values, corresponds to the random noise which does not correlate to either
system input or its output.

The descending singular values are real and form a diagonal matrix:

[X]=diag[o; 0...0, ...0...] (10.125)
and the vectors are normalized such that:
[U1IUl = ' = 1] (10.126)
If there exist a matrix [H"] such that:
[OI[H"1[P] = [1], (10.127)
then from
LA OHILH©O)] = [H(0)] (10.128)

we know that [H"] is a general inverse of matrix [H(0)] and, from the SVD theory,
it is estimated as:

[H] = 17 [Z1[U] = (V)7 [G% G% 0 ...][U] (10.129)

Now let us determine the relationship between the system matrices [A4], [B] and [C]
and the matrices derived from the SVD [U], [2] and [V]. To do so, we define two
matrices below which will be used in the analysis:

[EL]T: (e]exe [0]xr -+ [0lzxz]ixze (10.130)
[EP]T: [([Zplpxp [Olpxp --- [O]PxP]PxPﬁ (10.131)

From equation (10.117) we have:

[E N TH(KIER] = [E, ] [PIA1¥[QIE,] = [H(K + 1)]  (10.132)

On both sides of matrix [4] we multiply a unity matrix [Q]LH # J[P], equation (10.132)
becomes:

[H(K+ )] =[E]) (PIODIH*I(PIAIX[ODIH*I(PIIODIE,]  (10.133)
or [H(K + 1)] = [E ] [HO)I[H*ILH)IX [H*ILH(O)I[E ] (10.134)

Using the SVDs of matrices [IEI(O)] and [ H*]in equations (10.124) and (10.129), we
can rewrite equation (10.134) as:
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(K + 1] = (E,TTUTE]®) (] ULV TIE] DK (E12 IV IER)
(10.135)

Comparing it with equation (10.120), we have the derivation for the system matrices as:
[4] = [Z] 2 [UIAOIVIT[E]
[B] =[S [V1Ep] (10.136)
(€] = [ET (U [£]

Taking these matrices back to equation (10.113), we have the realization. Equation
(10.136) shows that the dimension of [4] is dictated by that of [>] whose dimension
is 2N X 2N, even [IEI (1)] has a much bigger dimension of Lo x PB. For a system with
N DoFs, a 2N X 2N [A] is indeed a minimum realization.

The eigenvalue solution of matrix [4] provides the system modal properties. Its
eigenvalue decomposition is:

[T '411Y] = [Z] (10.137)

Here, [\V'] contains 2N complex mode shapes. The eigenvalues in the diagonal matrix
[Z] are related to the system natural frequencies and damping ratios:

Z, = ehrd = (W +id))a (10.138)

w, = J(AD? + (A])? (10.139)
R

& = A (10.140)

VA2 +(A))?

To summarize, the eigensystem realization algorithm involves the following steps:

(1) Select measured data to construct matrices [I:I (0)] and [I:I (D].

(2) Decompose matrix [H(0)] using SVD and reconstruct it using the non-zero
singular values and corresponding vectors.

(3) Derive the system matrices [4], [B] and [C].

(4) Derive modal data from the realized matrix [A4].
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Local structural
modification

11.1 The objectives of structural modification

Structural modification as an application of modal analysis is a technique to study the
effect of physical parameter changes of a structural system on its dynamic properties
which are in the forms of natural frequencies and mode shapes. Because the theory
of structural modification is developed using system mass and stiffness matrices, the
physical parameter changes are projected into mass and stiffness property changes of
the system. For a simple mass—spring system, the physical parameters are actually
mass and stiffness values of physical elements. For a continuous system such as a
cantilever, these parameters can be the thickness or length of a section of the beam.
They are not strictly mass or stiffness quantities but their changes affect both mass
and stiffness properties. For a real structure such as a car chassis, physical parameters
can be local mass and stiffness changes caused by cross-sectional area changes or by
an additional stiffener welded between two locations. Nevertheless, we can find later
that the final derivation of structural modification may not have to rely on knowing
the full mass and stiffness matrices.

The objective of structural modification is to improve the dynamic properties of a
structure. Changing a natural frequency is perhaps the most common objective of
structural modification. A natural frequency coinciding with, or at the vicinity of, the
ambient vibration frequency is a common source of excessive vibration that may lead
to structural failure. Assuming no change can be made to the ambient vibration, an
obvious solution for reducing vibration would be to relocate the natural frequency
away from the excitation frequency using structural modification. Alternatively,
structural modification can help to move an anti-resonanace to match the excitation
frequency so as to create a nodal point at a selected location on the system. If the
excitation frequency is a narrow-banded range rather than an individual frequency,
structural modification can be used to rearrange the natural frequencies so that no
natural frequency falls within the band.

11.2 Direct and inverse problems

Structural modification can be a direct problem or an inverse problem. The direct
problem is the one that predicts dynamic property changes once mass, stiffness or a
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physical parameter changes are given. Physical parameter changes usually cause
both mass and stiffness changes. This problem requires a straightforward analytical
solution. The difficulty of solving a direct problem lies on getting system matrices or
sufficient and accurate data from modal testing. In the calculation, we may require
either measured FRF data or modal data from selected DoFs. Not all of these data can
be provided easily from measurement. However, if structural modification is used as
a design tool, then a finite element model of the designed structure of component is
normally available. In this case, FRF or modal data can be determined numerically.

The inverse problem takes the opposite path to the direct problem. It seeks to
determine necessary structural changes needed to create a targeted dynamic property
change such as the change of a natural frequency. By nature, the solution to this
problem can be non-unique or non-existent. This is the main difficulty of the inverse
problem. Specifically, the difficulty manifests itself in two ways. The first is having
to determine where the necessary structural changes should occur so that the solution,
if it exists, can be realistic. The second is the need to formulate the structural modification
problem analytically once the locations for modification have been identified, so that
the solution, if it exists, can be found.

11.3 Modal properties after structural modification —
reanalysis

The modal and FRF properties of an n DoF structural system have been given in
Chapter 5. The natural frequencies and mode shapes of this system are the solutions
of the following eigenvalue problem:

([K] - @’ [MD{¥} = {0} (1L.1)
The FRF matrix of the system [¢(®)] can be determined from the natural frequency
matrix ['®?] and mass-normalized mode shapes matrix [¢] as:

[a(0)] = [¢l ©F — 0] [¢]" (11.2)

For an individual load path on the structure between two DoFs, there is a unique set
of anti-resonance frequencies. The anti-resonances of a given receptance FRF o;; (),
denoted as Q,, are the real positive roots of the following eigenvalue equation:

([K]; — Q[M]){X} = {0} (11.3)

where matrix [ ];; is obtained by deleting the ith row and the jth column of matrix
[ 1. The number of the real positive roots of this eigenvalue equation ranges from
zero to n.

Structural modification to a dynamic system can be the results of physical parameter
changes as well as mass and stiffness changes. Regardless of the causes, we can
denote the modification of the system characterized by (11.1) by a mass modification
matrix [AM] and a stiffness modification matrix [AK]. Either could be a null matrix
if no modification occurs. For the change of a physical parameter of a structure such
as a thickness, it is most likely that both mass and stiffness change so that neither

[AM] nor [AK] is null. Consider that realistically modification on a structure cannot
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happen at many locations due to various constraints, [AM] and [AK] are sparse
matrices.

The main objective of the direct problem of structural modification, also known as
reanalysis, is to predict the FRF or the modal properties of a structure after specified
modifications. For a structure with an analytical model, this is done without having
to repeat the whole eigenvalue solution. For a structure without one, reanalysis avoids
making costly modification prototypes and conducting modal testing on the structure.
Reanalysis assumes that modification in the form of [AM] and [AK] has been specified.
Thus, the dynamics of the modified structure is governed by the following eigenvalue
problem:

[([K] + AIK]) — &**([M] + AMD[{Y} = {0} (11.4)

Here, @* is the natural frequency and {Y} the mode shape of the modified structure.
For a structure without repeated natural frequencies, we know that the mode shape of
the modified structure is a linear combination of those from the unmodified one:

{r} =[gl{n} (11.5)

With this relationship for mode shapes and the orthogonality properties of an MDoF
system, we can recast equation (11.4) into:

(L] + [817 [AM][9]) — @**(['@2] + [¢17 [AK1[91){n} = {0}  (11.6)
or ([K*] — @’ [M*]){n} = {0}  (11.7)

This equation forms a relationship between the modifications ([AM] and [AK]) and
the modal properties (w* and {Y}) of the modified structure. The modal data of the
original structure (@, and {@}) can come from its modal testing and analysis. The
significance is that the equation does not rely on the mass and stiffness matrices of
the original structure. This is particularly useful for problem solving of a real structure
where an analytical model is not available. The significance also lies in the fact that
the equation is used to predict the modal properties of the modification. As stated
earlier, this can avoid costly prototype making for trial-and-error modifications.
However, closer examination of equation (11.7) suggests that its usefulness may
be discounted. Firstly, the number of modes identified for the original structure after
modal testing is usually limited. This means the eigenvalue problem presented in
equation (11.7) becomes a reduced one. For example, for a structural system with
200 x 200 matrices, a total number of 12 modes from modal testing, assuming all
DoFs are at present in mode shapes, means that matrices [K*] and [M*] are 12 x 12
in dimension. They are excessively condensed to yield inaccurate modal data of the
modified structure. Secondly because of test limitations, the modes identified for
modal testing of the original structure do not include all DoFs the system matrices
have. If the DoFs used in the identified modes cover those used in structural
modifications [AM] and [AK], then lack of all other DoFs means numerical inaccuracy
for the predicted modal properties of the modified structure. If, however, the DoFs
used in the identified modes do not cover all DoFs used in modifications, we would
face a difficult stalemate where the solution offered by equation (11.7) cannot proceed.
For example, if the identified mode shapes do not include rotational DoFs while a
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structural modification does by welding a beam between two locations as a stiffner,
then reanalysis in equation (11.7) cannot be carried out because of DoF incompatibility.

11.4 Local structural modification by mass and
stiffness changes

According to its complexity, we can classify structural modification as a unit rank
modification, a mass or stiffness modification, and a physical parameter modification.
The complexity is reflected in the analytical formulation of the modification problem.
Unit rank modification allows an explicit algebraic solution for a structural modification
problem. Mass or stiffness modification can be formulated either as an eigenvalue
problem or as a linear simultaneous equation problem. In both cases, mathematical
solutions are readily available to solve the structural modification problem. Physical
parameter modification is often more realistic for structures. For example, the parameter
to be modified can be a design parameter for a structure. Such a modification usually
leads to both mass and stiffness changes. The mathematical formulation of the
modification needs more rigorous analytical treatment and an accurate solution is not
guaranteed.

In the following, we will begin with unit rank modification and expand into mass
or stiffness modification. Finally, we will study structural modification caused by
physical parameter changes.

11.4.1 Unit rank modification

Unit rank modification involves changing a single mass or stiffness element of a
structure only. This is usually realized by adding a concentrated mass to a DoF or
linking a spring between two DoFs. Theoretically, a mass or stiffness modification
matrix of these changes is a matrix with a unity rank, as shown in equation (11.8).

0 0
Ak ... —Ak
[AM] = Am [AK] = (11.8)
Ak ... Ak

0 0

Figure 11.1 shows a structure before and after a modification is made. Since the
modification involves an elastic spring linking two positions of the structure, we can
regard this as a unit rank stiffness modification.

Contrary to its appearance, a unit rank modification is actually quite difficult to
achieve. For example, it is impossible in reality to add a concentrated mass which
only affects vibration in one direction. It is only when vibrations in other directions
are insignificant can we formulate the problem as a unit rank modification. The
understanding of unit rank modification helps to provide physical insights into structural
modification.
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A
-

Figure 11.1 A structure with a single spring modification

11.4.2 Mass modification of a lumped system

Structural modification via mass changes is convenient if lumped mass can be applied
to a structure which is modelled as a lumped system. Modification by removing
distributed mass from an existing structure does not fall into this category since it
will usually be accompanied by stiffness reduction. As before, we denote the mass
modification matrix as [AM]. Since stiffness does not change, we can simplify equation
(11.4) to formulate the mass modification case as:

(K] - 0¥’ [M]{Y} — 0**[AM]{Y} = {0} (11.9)
or {Y} = o[ 0*)][AM]{ Y} (11.10)

This equation, although it appears to be of full dimension as matrices [M] and [K], is
actually in a much reduced size, owing to the fact that matrix [AM] has only a few
non-zero elements for modified DoFs. If there are three modified DoFs, [AM] can be
reduced to a 3 X 3 non-zero submatrix and only the relevant portion of other quantities
in equation (11.10) will be useful in the analysis. From now on, when we refer to
equation (11.10), we actually mean the reduced version of the equation.

There is no obvious mathematical solution to this equation for a prescribed natural
frequency w*. However, we can find mathematical transformation that will lead us to
the solution. First, let us see how the mass modification problem described by equation
(11.10) can be turned into a normal eigenvalue problem. Assume the mass modification
matrix can be expressed as:

[AM] = {,[é] (11.11)

where §,, is an unknown factor and [€] is a given matrix describing the relative mass
modifications among selected coordinates. Matrix [€] needs to be predetermined to
set the relative mass modifications among the selected DoFs. If three masses from
the system will be modified, matrix [€] prohibits the three mass changes to be
independent of each other. Only one change is determined from the solution. The
other two are proportionally related to it.

With the mass modification matrix defined, equation (11.10) can now be translated
into an eigenvalue problem:

€

z [1])[Y] = {0} (11.12)

(w*Z[a(a)*)][e] -
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where 1/, is the eigenvalue. Since the matrix product [a(w*)][€] is not a real
symmetric matrix, not all the eigenvalues derived from equation (11.12) are real. A
real eigenvalue solution can be used to determine the mass modification matrix from
equation (11.11) which will lead to the prescribed natural frequency w*. The final
conclusion of the modification depends on the feasibility of the modified mass matrix
[M] + [AM]. Obviously any suggestion of negative mass on a structure would be
unfeasible. This analysis does not make use of mode shape information before and
after modification.

|

Figure 11.2 A 2-D truss structure without and with mass modification

To fully appreciate this eigenvalue-based structural modification approach, let us
study its advantages and limitations. The dynamic data needed in the eigenvalue
approach are the FRF data from modified DoFs only. This means that the size of the
eigenvalue problem formulated is a much-reduced one in dimension, as explained
after equation (11.10). It also means that, without having to rely on the mass and
stiffness matrices of the original structure, this approach can be used as a problem
solving tool for real structures where analytical models are not available. The approach
is, however, limited by the oversimplicity of pure mass modification which may not
be realizable on real structures. Inaccuracy of the FRF data may hinder the precision
of the resultant natural frequency w*.

The eigenvalue formulation of structural modification for a prescribed natural
frequency @w* can be conveniently extended to that for a new anti-resonance Q* for
the ijth FRF. By replacing matrices [M] and [K] with [M]; and [K]; (defined in
equation (11.3)), respectively, we can rewrite equation (11.9) as:

([K]; — Q2 [M]p{Y} — Q*[AM]{Y} = {0] (11.13)

Assume there is an imaginary dynamic system that consists of a mass matrix [M];;
and stiffness matrix [K];; (neither one has to be symmetrical). The formulation from
equations (11.10) to (11.12) can be applied. The square root of the positive and real
eigenvalues are now the ‘natural frequencies’ of this imaginary system which are
actually the same as the anti-resonances of the selected FRF of the original system.
The eigenvector of this imaginary system does not possess apparent physical
meaning.

The mass modification problem can also be formulated using an approach based
on linear simultaneous equations. To derive the solution, we assume that matrix [AM]
is diagonal so that all mass modifications are concentrated masses. There is no need
to require the mass matrix of the original structure to be diagonal. We will see later
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that this restriction on [AM] is actually not necessary so long as the elemental mass
matrix of the modified component can be specified. Back to equation (11.10). For the
easiness of the formulation, assume only three DoFs (i, j, k) are going to have mass
changes. More mass changes can be treated likewise. If matrix [AM] is diagonal, then
the equation becomes:

Y; o; (w*) a;(0*) ay(o*) |[Am; 0 0 Y;
;0 Y, ¢t (11.14)

Yy (0% oy (0*) ay(*) | 0 0 Amy ||V,

Y, = 0% o (0% a;(0*) az(e9)]| 0 Am

With a linear transformation, this equation becomes:

o; (w*)  a;(0*)  ay(o¥) || Y; 0 0 Am; Y;
o*?| a; (%) a;(0*) az(@9)]|[0 Y, 0 RAm; »=1Y; ¢ (11.15)
0 (%) oy (%) oy ()| 0 0 Yy || Amy Y

This is a set of simultaneous equations for mass modifications. The first matrix in the
equation contains FRF data from the modified coordinates. These data can be available
from experimental modal testing. The Y vector is for the subset of the mode shape of
the modified structure. It needs to be preset for the solution. We can use the mode
shape subset of the original structure. Alternatively, equation (11.15) allows us to
define the subset of the mode shape for the modified structure. This is an option the
eigenvalue approach does not offer.

11.4.3 Stiffness modification of a lumped system

Structural modification via stiffness changes can also be formulated and solved
conveniently for a structure modelled as a lumped system. Stiffness changes can be
introduced by elastic elements such as springs. Modification by reducing stiffness
from an existing part of a structure usually causes simultaneous mass reduction. This
is a scenario to be considered later in this chapter. Since mass does not change, we
can simplify equation (11.4) to formulate the stiffness modification case as:

([K] - @’ [M]D{Y} + [AK]{Y} = {0} (11.16)
or (Y} = [ @)[AKI{ Y} (11.17)
Like the mass modification case, this equation is in a much-reduced size than matrices
[M] and [K], owing to the fact that matrix [AK] has only a few non-zero elements for
modified DoFs. If there are three modified DoFs, [AK] can be reduced to a 3 X 3 non-
zero submatrix and other matrix and vectors in equation (11.17) will reduce accordingly.

Unlike mass modification, matrix [AK] is not diagonal since stiffness changes mainly

between DoFs. Typically, for three modified DoFs i, j and &, [AK] can be written as:
Ak + Ak, — Ak — Ak,

[AK] = — Ak Ak + Ak — Ak, (11.18)

— Ak - Akjk Akjk + Aky,
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Assume this modification matrix can be expressed as:

[AK] = ylk] (11.19)

where 9, is an unknown factor and [x] is a given matrix describing the relative
stiffness modifications among selected coordinates. This means that the three stiffness
changes are not independent of each other. With the stiffness modification matrix
defined, equation (11.17) can now be translated into an eigenvalue problem:

([a(w*)][’f] + yl—k [1]){1’} = {0} (11.20)

where — 1/, is the eigenvalue. Since matrix product [ (w*)][«] is not a real symmetric
matrix, not all the eigenvalues derived from equation (11.20) are real. A real eigenvalue
solution can be used to determine the stiffness modification matrix from equation
(11.19) which will lead to the prescribed natural frequency @w*. The final conclusion
of the stiffness modification depends on the feasibility of the modified stiffness
matrix [K] + [AK]. Obviously any suggestion of negative stiffness elements on a
structure would be unfeasible. This analysis does not make use of mode shape
information before and after modification. The advantages and limitations outlined
for mass modification case also apply here.

e P

Figure 11.3 Two cantilevers connected by stiffness modifications

The stiffness modification problem can also be formulated using a linear simultaneous
equation-based approach. We begin from equation (11.17):

Y; Lo (0%) (0% o (o)
Vo= @@ a0 (o)
Yy | o (0%)  ay (%) oy (0F)
[ Ak + Aky, — Ak — Aky, Y,
— Ak Ak + Ny — Ak Y, (11.21)
— Ny — Ak Ay + Ay || Y

Through the following transformations, we can convert this equation into a set of
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linear simultaneous equations for stiffness modifications Ak;;, Ak and Ak;.. Equation
(11.21) is rewritten as:

Y o (0*) a;(0*) oy (0F)
Yy v =—|a;(@0%) o;(@*) oy(0*)
Y, o (0%) o (0%) O (OF)
1 -1 0 0O 0 0 1 0 -1 Y;
Ak;| -1 1 0|+ Aky|0 I —1|+Akg| 0 O O Yt (11.22)
0O 0 o0 0 -1 1 -1 0 1 Y,
Y; a; (%) o, (0*) oy (e¥)
Yy o=~ oi(@%) oy (0*) oy (0¥)
Yy o (0%) oy (0*) oy (0*)
Y, -, 0 Y- ¥,
Aky| = (Y = Y)) |+ M| Y, =Y |+ Aky 0 (11.23)
0 -(Y; - 1) -(Yi - Y)
Define:
Yy=Y,-Y, L=Y-Y, Y=Y -1
we have:
o (0*) o (0*) o (0F)
-l (@) oy (%) oy (0F)
o (%) oy (0*) Oy (@0F)
1 0 1 Y;
Ny Y| = 1|+ Mk Yy | 1|+ My Y| 0 f=17Y; (11.24)
0 -1 -1 Y,
o (0%) — o (o) o (%) — oy (™)
Ak Y| o (0%) — o (0%) | + Ak Yy | oy (0%) — o (0%) | (11.25)
O (0F) — o (@) 0 (0F) — oy (0%)
o (0*) — oy (0F) Y;
or + Ak Yy | o (0%) — oy (0%) | = =17

O (0F) — oty (%) Yy
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Define a new FRF quantity:
0 0%) = o @*) + og(@0*) — [oG(@0*) + o @*)] (11.26)

we can convert equation (11.25) into:

oy ;i (0%) oy i (0*)
Ak Y| 0y (0%) | + Ak Y | oy (@0%)
aik,ij(w*) aik,jk(w*)
oy i (0%) ¥
T Ak Y| O (0%) | = =4 Yy (11.27)
g (OF) Y
0 (@%) oy (%) o (@*) | Y; 0 0 || Ak Y
or —| 0 (0%) o (0%) apu(@*) || 0 Yy 0 [3Aky » =1 Yy
aik,ij(w*) aik,jk(w*) aik,ik(w*) 0 0 Yy || Aky Y

(11.28)

This is a set of simultaneous equations for stiffness modifications. The first matrix in
the equation contains processed FRF data from the modified coordinates. These data
are available from experimental modal testing. The Y vector and matrix contain
elements from the subset of the mode shape for the modified structure. We can use
the mode shape subset of the original structure to determine them. Alternatively, we
can assign the values of the subset of the mode shape for the modified structure so
that both the natural frequency and the mode shape subset will be modification.

11.5 Local structural modification by physical
parameter changes

For a real engineering structure, a pure mass or stiffness change is often not practical.
It is only realistic to change physical or design parameters such as thickness, diameter
and length. For example, for a structure consisting of beams it is more realistic to
change cross-sectional area at some locations than to change just stiffness. Such
changes will modify both mass and stiffness properties locally. When a physical
parameter causes linear changes on both mass and stiffness, we can rely on the theory
we have developed so far for structural modification analysis. First, equation (11.4)
can be transformed into:

([AK] - &*’[AM]){Y} = — (K] - &*’[M]){Y} (11.29)

Assume here matrices [AM] and [AK] are due to a physical parameter change Ap and
they are its linear functions. Once the geometry and physical connectivity are known,
it is possible to express the left side of equation (11.29) into:
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([AK] - 0**[AM]){Y} = [C]Ap (11.30)
Then, we can estimate the parameter change Ap as:
Ap =—([CTTCY'[CY (K] - 0"’ [MD{Y} (11.31)

Use a 2-D truss structure as an example. The elemental mass and stiffness matrices
of the truss between coordinates i and j are:

2 0 1 0
o pdyl| 02 0 1
ml] = 11.32
1=, o 2 o (11.32)
0 1 0 2
C2 cs —C2 —CS
o AGE| s 57 —es —s?
and L e (11.33)
—CS —S2 cS S2

Here, ¢ (= cos 0) and s (= sin ) are related to the orientation angle 6 of the element.
Ay, E, I and p are respectively the cross-sectional area, elasticity modulus, length and
mass density of the element. Select 4;; as the modification parameter. The mass and
stiffness modification matrices for the element become:

2 0 1 0
[Am;] = Ad, P 0 2 0 (11.34)
611 0 2 0
o 1 0 2
02 cS —Cz —CS
2 2
o E cS S —CS — 5
[Aky ] = Ady 7 s o s (11.35)
—CS —S2 CcS Sz

Substitute the mass and stiffness modification matrices into equation (11.29), we will

have
2010 ¢? e —c? —os
/102 01 E|l ¢ s? —cs —s? 1
a*R ) a)*zﬂ — — - I
[ ( )]4><4 6 1020 ) *Cz —CS C2 (&) AAU[ ]
0102 —cs —s2 cs 52

X {yijtax1 = 10} (11.36)
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Here, w* is the repositioned natural frequency. The real eigenvalue solution of this
equation suggests those modification values A4;; which, when applied to the truss
structure, may result in the natural frequency w*.

When a physical parameter change results in nonlinear changes on mass and
stiffness, we will be facing a problem which requires new formulation. For example,
for a section of a structure shown in Figure 11.4, let us assume the diameter D is
allowed to be changed.

Figure 11.4 A part of a structure with circular cross-sectional area

We can identify that the change of D, denoted as A, will cause quadratic mass change
and quadruple bending stiffness change. Knowing the elemental matrices, the
modification matrices will become respectively:

[Am] = (D + AY’[€] — D*[e] = A’[€] + 2DA[¢] (11.37)
4
[AK]= (D +A)'[x] - D*[k]= T C;D*" A [x] (11.38)

Here, Cj is a factorial function. Matrix [€] is the elemental mass matrix excluding
diameter square and matrix [ k] the elemental mass matrix excluding diameter quadrature.
In general, nonlinear mass and stiffness changes due to a physical parameter change,
when substituted into equation (11.4), will lead to an equation in the following form:

N[A] Y} + AP’I[A]p,l{Y} +. . FAALLYY + LY = {0} (11.39)

Here, matrices [A] are made of both structural elemental matrices and FRF data.
Using a state—space transformation, we can convert the equation into a conventional
eigenvalue equation. Assume that:

{Y} = {©}eT (11.40)
n=9" = ar
then {r} Py (Y} =N {Y} (11.41)
Define a state—space vector as:
(Vy = {{neV(ryed (ryoOT (11.42)

equation (11.39) will become:

(A1, (4], - - AP+ (01 [0] . . . DV} = {0} (11.43)
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This equation, when appended with a number of equalities, forms the following
eigenvalue equation:

[[41, [4],0 [4],2 ... [4] [ [0] [o] [0] ... [[]]
(or 1  [0] - [0] -1 o] fo] ... [0]

Alfo] oy g ... [0 {¥y 4| [0] ] [0] ... [O] {{¥} = {0}
L[0] [0]  [0] . [0] | (0] [0] ... —[/] [O]]

(11.44)

The physical parameter change A is the eigenvalue of this solution. Only those
eigenvalues which result in realistic diameter changes are acceptable.

11.6 Optimization of structural dynamic characteristics

The structural modification theory so far has served mainly for a simple purpose, i.e.
to reposition a natural frequency of a structure or an anti-resonance of one of its
selected load paths. As structural modification is used primarily for remedying excessive
vibration of a dynamic structure, the theory suffices so long as the excitation force
has a single frequency or a very narrow frequency band. The principle is either to
move natural frequencies of a structure away from the excitation, or to move an anti-
resonance to ‘match’ it. If excitation frequency is more than a very narrow range,
moving a natural frequency does not help. A more creative application of the structural
modification theory is needed in order to avoid excessive vibration.

11.6.1 Fixing a resonance and an anti-resonance during
modification

It is possible to fix a natural frequency of a structure or an anti-resonance of one of
its FRFs. While being able to do so itself does not bear apparent significance, it
enables us to proceed with some creative applications of structural modification
described later in this section.

To understand the mechanism of how a natural frequency can be fixed during
structural modification, we need to rewrite equation (11.4) as:

([K] — 0¥’ [M]D{Y} + ([AK] — 0**[AM]){Y} = {0} (11.45)
It is obvious that if structural modifications [AK] and [AM] satisfy:
([AK] — @**[AM]){Y} = {0} (11.46)

then from equation (11.45) we know that this combination of modifications has no
effect on natural frequency @w* of the original system and the corresponding mode
shape {Y}. Therefore, after the structure is modified by [AK] and [AM], the natural
frequency w* is fixed while other natural frequencies have changed.
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As a simple example, let us consider a structure modified by attaching the sub-
system illustrated in Figure 11.5.

Figure 11.5 A sub-system consisting of two masses connected by a spring

If this sub-system is to attach to two DoFs of the structure whose mode shape subset
for the natural frequency w* is {y, y, }, then equation (11.46) becomes:

(B K 4 S B
o R RS P S b G E e

(11.48)

This equation can only define the ratios among the unknowns (m;/k and my/k),
leaving a scaling factor, ¥, to be determined. The defined ratios ensure that once this
sub-system is attached to the original system, it will change all natural frequencies
but w*. The factor y will be determined in the next step of structural modification
analysis such as positioning a natural frequency.

Having explained the principle behind which a natural frequency can remain unchanged
during modification, the question is now how to determine the structural modifications
that will deliver such an outcome. Equation (11.46) can be transformed into:

Ak,

[4] Am, = {0} (11.49)

Here matrix [4] is constructed from w*, { ¥} and the connectivity matrices of the elements
involved in [AK] and [AM]. The non-trivial solution defines the mass and stiffness
ratios of the modification system which will satisfy the requirement of ‘fixing’ the
natural frequency w* of the original system during modification. Therefore, we have:

Ak, K
Sl (11.50)

Aml ¥ &
or [AK] = 7 [K] (11.51)
[AM] = v [€] (11.52)

where yis unknown. Equation (11.45) can be recast as:
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~[e(@)] 7 ([K] - @**[e]{Y} = {1} (11.53)

or ([a(w*)](['f] - w*’[e]) - % [I]J{Y} = {0} (11.54)

Here, o* is a natural frequency of the modified system. The real eigenvalues of 1

can be used in equations (11.51) and (11.52) to fully determine the modification
matrices [AK] and [AM]. Only those matrices which do not cause unrealistic changes
to the original system are deemed to be feasible modifications. If no real eigenvalues
are found from equation (11.54), then it suggests that no mass and stiffness combinations
for the selected modification elements (such as the one in Figure 11.5) is able to fix
the natural frequency @* during modification.

11.6.2 Pole-zero cancellation

A pole—zero cancellation is a term originated from control engineering. In vibration
engineering, the poles of a frequency response function are the natural frequencies of
the system and the zeros are its anti-resonances. A pole—zero cancellation here means
the neutralization of a resonance by an anti-resonance thus creating a nodal point for
a particular FRF. For many dynamic structures, the real interest of reducing vibration
lies only on selected locations rather than the whole structure itself. For example, for
a lathe, vibration of the tool carriage and the chattering during the cutting operation
is more important than vibration of other parts of the machine. A successful pole—
zero cancellation can reduce dramatically vibration levels in critical parts of a structure.

Since the analysis in this chapter has enabled us to reposition a resonance or an
anti-resonance, it seems that pole—zero cancellation can be realized either by fixing
a resonance and moving an anti-resonance to meet it, or by the reversed process.
However, the former is a fallacy. Fixing a resonance during structural modification
means physically preserving both the natural frequency and the mode shape. If by
fixing a resonance we can succeed in creating a pole—zero cancellation, then we have
made a nodal point on the mode shape. This contradicts to the assumption of preserving
the mode shape. Therefore, the latter strategy of moving a resonance to cancel a fixed
anti-resonance should be used.

11.6.3 Creation of a frequency range of no resonance

A frequency range with no resonance can be very useful for a real structure with a
constant frequency range of excitation. By moving all natural frequencies of the
structure outside of the excitation frequency range, we can be assured that excessive
resonant vibration does not occur.
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12

System identification
using neural network

12.1 Introduction

An artificial neural network is a network made of a large quantity of simple inter-
connected processing elements analogous to neurons in the human brain. This network
is based on the understanding of the neuromorphic structure, functioning and information
process capability of the brain. The research of neural network can be dated back to
the 1940s when a psychologist and a mathematician summarized the basic neuromorphic
characteristics of biological neurons and mathematically described a structural model
of a neuron known as the M—P (McCulloch and Pitts) model. This effort heralded a
new era of neural science research. The study of artificial neural network and its
engineering application can be traced back respectively to the 1960s and 1980s.
Neural network is now beginning to permeate through many engineering disciplines,
including structural dynamics and modal analysis. It has found applications in pattern
recognition, intelligence control, signal and graphics process, system identification,
nonlinear optimization, vibration control, information process and market prediction.

A neural network imitates biological nervous systems. It achieves computational
performance by dense interconnection of very simple computational elements. It is
nevertheless not a replica of the nervous system in the human brain. It is generally
thought that a neural network is a highly sophisticated nonlinear dynamic system.
Although each neuron is primitive both in architecture and in function, a network
comprising many neurons is intricate. In addition to its nonlinear nature, neural
network is a signal processing system. The inherent dynamic process can be classified
as a fast process and a slow process. The former is a numerical process to evolve to
an equilibrium status with given inputs. The latter is a learning process where the
values of the connective weights between neurons are initialized and adjusted according
to the environment. After learning, environmental information is stored on the connective
weights which have memory capacity.

Neural network can be divided into two types: supervised and unsupervised. A
supervised network is given both inputs and desired outputs and adjusts its weights
until the errors between its outputs and the desired reach a predefined bound. An
unsupervised network is used for clustering problems when the correct output is
known. Its weights are adjusted using predefined criteria until the network has performed
a classification.
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A neural network has dual functions of information storage and information process.
Its operation is a process of transferring data from the input to the output. Through
that, storage and calculation are performed.

System identification is an essential means of studying the dynamic characteristics
of a system. For a linear dynamic system, there have been a number of effective
identification methods. For a nonlinear system, however, few effective methods are
available. Some existing methods which require prior knowledge or rely on assumptions,
may only work for specific types of nonlinearities. A main difficulty in dealing with
a nonlinear system lies in finding a reliable mathematical model for it. Without a
model, it is usually impossible to proceed with system identification. Neural network
does not rely on a preconceived mathematical model or even the number of parameters.
Owing to its learning ability and its nonlinear nature, neural network is well suited
for nonlinear system identification. The network trains itself from the input—output
data of the system to be identified and adjust the weight values. Thus, the trained
network reflects the input—output characteristics of the system it intends to represent.

12.2 Neural network model

The neuron model, topology and network algorithm together determine the
characteristics of a neural network. They are known as the three elements of a neural
network. A neuron is the basic element of a network. The topology of the network
reflects the interconnection of the neurons in it. The algorithm determines the way
different parts of a network learn and process information.

12.2.1 Neuron

A neuron is the basic constituent and process element in a neural network. Depending
on the nature of the problem, the neuron can be given different meanings, such as
property, symbol, word, or concept. A basic structure of a neuron is shown in Figure 12.1.

ith neuron

Figure 12.1 Model of a single neuron

Signals xq, x5, . . ., x,, are the inputs of the neuron. They can be the outputs from
other neurons. Signals w;;, wp, . . . , w;, are the connective weights between the ith
neuron and other neurons. They reflects the extent of information exchange among
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neurons. Connections between neurons are not merely a channel of information
transfer. There is a weighting coefficient between a pair of neurons that is able to
provide synapse strength, similar to what happens to the neurons in a biological nerve
system. It can strengthen or weaken the impact of the output of one neuron to the
downstream one. This weighting coefficient is called weight (or connection strength,
synapse strength). The total input to a neuron is the weighted outputs from other
neurons to it, namely:

1[ =j§lxjwij (121)

The neuron cannot produce output until the total input exceeds a certain value, vitalizing
the neuron. This value is the threshold of the neuron and is denoted as 6,. Let:

5; = ,z'l xwy — 6 (12.2)

Then the active value of a neuron is u; = g(s;) where g is a continuous function.
Usually, we let g(s;) = s;. Assume y; is the output of the ith neuron. It is a nonlinear
function of the neuron’s active value and can be expressed as:

Vi =f(u;) =f(éx,-w,»j - 0,) (12.3)

The function f'in this equation is the activation function of the neuron. It is commonly
seen in three forms; threshold form, piecewise form or S form, as shown in Figure
12.2.

4 () f(u) 1)

1/_
7

(a) Step function (b) Ramp function (c) Sigmoid function

Figure 12.2 Activation functions of neurons

A special type of S form is sigmoid function. Analytically, it is defined as:

S(u) = # (12.4)

This is a continuous and differentiable function. It emulates the saturation characteristics
of a neuron. It enables a neuron to possess a strong capacity of nonlinear mapping.
12.2.2 Topological structure of neural network

The interconnection pattern of neurons in a neural network demonstrates the architecture
of the network and dictates its functionality. The architecture has been evolving and
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improving. The original pattern had only input and output layers. This type of network
is primitive in structure and limited in functionality. A hidden layer (or even several
hidden layers) was later introduced. This greatly enhanced the functionality of the
neural network. The connection among different neuron layers in a neural network
can take various forms. Depending on the connection, a neural network’s architecture
can be categorized as:

(1) Feedforword multi-layer neural network (Figure 12.3a): the information is transferred
unidirectionally from input layer, hidden layer to output layer. This type of network
is a static mapping network. It can be used to emulate nonlinear mapping and to
facilitate identification of nonlinear systems.

(2) Feedforward network with feedback between output and input layers (Figure
12.3b): this network is a dynamic one because of its built-in feedback character.
The information transfer within the network is a dynamic process. This network
can be used to store certain pattern series.

(3) Feedforward network with connections among neurons on the same layer (Figure
12.3c¢).

(4) Network with possible connections among neurons (Figure 12.3d).

() (d)

Figure 12.3 Neural network with different architectures

12.2.3 Learning algorithm of a neural network

A neural network can become a useful system only after learning. The learning is a
process of satisfying the weightings of the network. It relies on a set of sample data
(usually a set of measurement data) to adjust the weightings in order to satisfy given
output error criteria. When the output error is below a specified value, learning is
completed. The network is now seen as best representing the characteristics of the
system under study.

There are different algorithms a neural network can use to learn. One learning
algorithm is based on the Hebb rule of weighting adjustment. The Hebb rule basically
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states that if two neurons are both highly excited, then the weighting for the mutual
connection should be strengthened. The Hopfield network adopts this rule. Another
algorithm is based on steepest decent method. The weighting adjustment is a gradual
process of optimization. This category includes the d rule, the generalized & rule and
the Boltzman machine learning rule. The drule follows that the weighting adjustment
should be proportional to the error. The generalized drule dilates the drule. The back
propagation (BP) network adopts a learning algorithm based on the generalized 0
rule. The Boltzman random learning rule replaces the generalized & rule with a
statistical method called simulated annealing. It is more suitable for multi-layer
neural networks. The steepest decent method is a slow learning method and is susceptible
to being trapped on local minima. Another learning method is called self-regulated
learning. The network self-adjusts itself during the learning and approaches the
characteristics encapsulated within data samples.

Presently, neural networks used for system identification are often multi-layer
feedforward networks. The learning method is largely based on the generalized §
rule. The BP network is a widely used network of this type. Its algorithm is simple
and effective. The BP network is introduced below. Other types of networks can be
found in the literature.

12.3 BP network and its algorithm

A BP network is a back propagation, feedforward, multi-layer network. Its weighting
adjustment is based on the generalized & rule. In the following, details of a BP
network, back propagation and the generalized & rule will be studied.

The structure of a BP network is shown in Figure 12.4. The network consists of an
input layer, several hidden layers (only two shown in the figure) and an output layer.
The input layer comprises » neurons and the output layer m neurons. The two hidden
layers have r and s neurons, respectively. This network is a mapping from R” space
to R™ space. The complexity of the mapping depends on the hidden layers. Neurons
on adjacent layers may be connected but neurons on the same layer do not connect.
This network is capable of nonlinear mapping. It can be used to approach a continuous
mathematical function on a compact set with any given precision.

x() (@) k() y(k)

Input layer Output layer

1st hidden layer  2nd hidden layer

Figure 12.4 Structure of BP network
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As shown in Figure 12.4, x(I), /=1, 2, . . ., n, are the inputs of the network. It is
customary to think that the inputs and outputs of the neurons on the network input
layer are the same. A;(i), i =1, 2, . . ., r, are the outputs of the neurons on the first
hidden layer. 6(i) are corresponding thresholds of these neurons. wy; is the weighting
between neurons / and i. Let y(k), k=1, 2, ..., m, be the outputs of the neurons on
the output layer, (k) be their thresholds and wy; the weighting between neurons k and
Jj. Assume the nonlinear functions of layers (excluding the output layer) are S functions,
as given in equation (12.4).

First, the network needs to be trained. Training needs samples of measurement
input and output data from a real system. Assume the learning samples are

{(X,, p) XeR",YeR",p=1,2, , N}. There are then N input—output data
samples for training the network. Take one sample (X, p) where X,
(xf,x§,...,x}) and Y,, =y, vy, ..., yh). If the output of the network due to
input X, are Y,= (»{,»5,...,yn), thenerror ¥, — Y, exists between the anticipated
output Y, and the actual output )_’p. The total mean square errors will be:

1y -
ep =75 Z f =¥’ (12.5)
For the whole sample space, the total error will be

N
E= X e, (12.6)

The learning process of the network is to adjust the weightings in order to minimize
the error E. In other words, the aim is to make the system outputs approach the actual
outputs. As the error becomes less than the allowable level, network learning is
completed. After this process, the network is at its best to represent the real system.
Subsequent adjustment of weightings is then based on the steepest decent method.
The gradient of a weighting to the error is defined as:

_0E _ ¢ 9
G T pgl T (12.7)
Here w is one of the network weightings wy;, wj;, wy; or one of their thresholds 6(i),
0(j) or (k). In the following, the analysis of gradients with respect to different
weightings is given. For the sake of simplicity, the subscript ‘p’ is omitted.
The output of neuron & on the output layer is given as:

ye=f®) wk)= X wyh ()= 0(k) k=1,2,....m  (128)
The output of neuron j on the second hidden layer is given as:

ho() = fw())  u(j) = §1 Wil (i) = 0(j) j=1.2,....5 (12.9)

The output of neuron 7 on the first hidden layer is given as:

(i) = f(u(i)) u(i)=él wux(l) — 0@) i=1,2,...,r  (12.10)



System identification using neural network 247

From equation (12.8) we have:

de _ e Oy(k) du(k) _ o
awg (k) du(k) owy | kI uwha () (12.11)

Here, f,/() is the first derivative of function f(u (k)) with respect to u(k). Substituting
equation (12.9) leads to:

de  _ I du(j) _ y _ode ay(k) 1 du(j)
Iwji ah (1) "D 9wy =1 ap(k) ok ()T ow;
= /cz=:1 Yk = V& )fu,(k)wkjfu’(j)hl () (12.12)
Note that 6k = ()’k _)_}k)f;tl(k)ﬂ 5] = kgl 5kW]gf;;(]) (12133, b)
Equations (12.11) and (12.12) can then be recast into:
de  _ .
9¢_ _ 5 b (i) (12.15)
ow AR '

ji
From equation (12.10) we have:

de _ _de  Om(j) ou(i) _ Z de_ 9hy(j) u(i) Ohy(i) du(i)
dwy O (j) dui) dwy 71 9hy(j) Qu(i) Ok (i) du(i) Owy

j; J thu(l)x(l) (1216)
Because 6, = El O;wii filiiys (12.17)

equation (12.16) can be rewritten as:

_de
an[

Here, &, 0;and &; are the output errors of the output layer and hidden layers. From
equations (12 13) and (12.17), it is found that errors propagate backwards. This is
called the back propagation of errors. The BP network is known from the abbreviation.
Equations (12.14), (12.15) and (12.18) are the estimators for error gradients.

de de de
30k 30 " 300

=8,x(]) (12.18)

Gradients of thresholds can be estimated likewise, leading

to:
de__ _g (12.19)
00(k) k '
de _ 5, (12.20)

20())
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de
=-9; 12.21
30y (1221)
The total error gradient is estimated by equation (12.7). The adjustments of the
weightings and their thresholds are given as:

AB(k) = - nG(k), AB(j) =-nG(j), A6(i)=-nG() (12.23)

Here, 1 is the learning step. The adjustment outlined in equations (12.22) and
(12.23) is known as the generalized 6 rule. It is important to select a reasonable step.
A fine step leads to a lengthy learning process while a coarse step may be susceptible
to instability or diversion. To improve the stability and accelerate learning, a weighted
adjustment can be used. This means:

AW™Y = — nG + o Aw®!d (12.24)
Here, Aw™" is the present adjustment for weighting or for threshold while Aw®¢ is
the immediate past value of its counterpart. ¢ is a dynamic coefficient. It takes value
in the range oo = 0 ~ 1. G is the same as in equation (12.7).

The BP algorithm can be summarized by the steps below:

(1) Initialize all weightings and thresholds. Let sample number p be 1 and gradient
G be 0.

(2) Feed sample p to the neural network and estimate the output of each layer.

(3) Calculate total error and update G using (12.13), (12.17), (12.14), (12.15) and
(12.18).

(4) Let p + 1 sample replace sample p. If p < N + 1, repeat from 2.

(5) Properly select n and . Use equation (12.24) to estimate the adjustment for
connective weights and thresholds.

(6) Update connective weights and thresholds and recalculate the network output
and total error E.

(7) If E > € (allowable error), reset p = 1, G = 0 and repeat from 2.

(8) If E < ¢, stop learning.

The above is the basics of a neural network. In the following section, we will introduce
the application of neural network in the nonlinear system identification.

12.4 Application of neural network in nonlinear
system identification

The essence of using neural network for system identification is to find a neural
network model that closely resembles the real system. As a result, with the same
input, the neural network model should produce similar output as the real system
does within a defined error range. Figure 12.5 illustrates the principle of system
identification using neural network. In the figure, ANN stands for Artificial Neural
Network. x(k) and y(k) are the input and output of the real system. (k) is the output
of the neural network. TDL stands for Tapped Delay Line. It provides a phase
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Noise
x(K) y(k)
» System > >

TDL el TDL <>ﬂ>
L ]

ANN
> < y(k)
a

C

Figure 12.5 System identification with neural network

delay for a signal. With the same input, the difference between the outputs of the real
system and the network is the error e(k). According to the introduction of BP network,
the network can update itself from a learning process until the error falls within a
specified range. On its completion, the input—output characteristics of the network
should resemble that of the real system. The neural network model can then be used
as the model for the system for further applications.

When using neural network for system identification, the following characteristics
should be noted.

(1) There is no need to establish a mathematical model for the real system since it is
seen like a ‘black box’. Only the input—output relationship is studied. Model
parameters are reflected by the connective weights of the network. Network
learning is done using the input—output data samples of the real system. No
consideration is given to the internal structure of the system. The network learns
the overall dynamic characteristics of the system. This is particularly useful for
nonlinear system identification since it is usually difficult to establish a mathematical
model for such a system.

(2) The convergence rate of the identification does not depend upon the dimension
of the system. It is dictated only by the network structure and the learning
algorithm adopted.

(3) Neural network as an identification model is a physical realization of a real
system. It can be used for online control.

In addition, issues which require special attention for modal analysis related system
identification are listed below.

(1) The selection of neural network structure is based on a compromise between the
identification accuracy and the complexity of the network. Simple network structure
yields low accuracy of identification while complicated network structure leads
to lengthy learning time. Usually, several simulative experiments or other means
are needed to determine the network of optimal structure that would satisfy
identification accuracy.
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(2) The excitation of a system should be broad band for the sake of training the
network using the measured data. It should ideally excite all modes of the system.
This is usually unattainable but it is reasonable to design the input to cover the
frequency range of interest so that the trained network is useful for that range.

(3) Always use static neural network for system identification. If the input signals in
the network contains feedback components, they will complicate the identification
algorithm.

Noise
x(k) y (k)
» System >
Y (k) N
TDL N
L]
» ANN
g T y (k)
TDL (e

Figure 12.6 Parallel model for system identification

According to the different way of learning, the network model can be classified as
the series—parallel model (as shown in Figure 12.5) and the parallel model (shown in
Figure 12.6). The series—parallel model does not have feedback inputs. The parallel
model does. It uses the real system’s input and the output feedback of the network as
the inputs of the network. These two models have their pros and cons. The series—
parallel model converges fast and the convergence is usually assured. However, after
learning, it needs the real system’s output as its input. This limits its application. The
parallel network relies on itself after learning. The output depends on its own input.
However, the convergence is not assured. To take the advantages of both models, it
is customary to use the series—parallel model at the learning stage to adjust connective
weights and then use these values as the initial values for a serial network to conduct
its learning. Experience has shown that this hybrid method can lead to speedy
convergence to ideal connective weights.

The mathematical model of a series—parallel model can be outlined by the following
equation:

yk+ 1) =f3k), 7(k—1), ..., 5(k—n_+ 1), x(k),x(k—1),...,
x(k—m+ 1)) (12.25)

The equation for the mathematical model of a parallel model is given as:

Yk + 1) = fo k), wk— 1), . .o, vk —n_+ 1), x(k), x(k— 1), . . ., x(k —m + 1))
(12.26)
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12.5 Examples of using neural network for
system identification

In the following, a number of examples are given to demonstrate the application of
neural network on nonlinear system identification.

Example 1
Use neural network to identify the nonlinear dynamic characteristics of an SDoF vibratory system
governed by the following equation of motion:

mi + cx + ko + p(x, %) = £(1) (12.27)

Here, m, ¢, k are mass, damping and stiffness of the system. f{(¢) is the excitation force and p(x, x)
is an unknown nonlinear term.

Solution

Usually, a solution with a nonlinear term involves definition of a nonlinear mathematical model
based on some assumptions. For a complicated nonlinear system, it is often impossible to find such
a mathematical model. System identification using neural network does not rely on a mathematical
model. The system is treated as a ‘black box’. The identified overall linear or nonlinear system
characteristics are the objectives.

Let x = y. Equation (12.27) becomes:
x=y
. _ 1
y= (1) =y — ke = p(x, 1))

Using the regressive Euler formula, equation (12.28) can be expressed using finite
difference as:

(12.28)

x(n+1)=x(n) +y(n)At

y(n+ 1) = y(m) + A (£, ev(n) — ke — A pxmyyny 132
Here, n is the sampling time. Let:
Fn 1) =y(m) + AL (f(1,) — ev(n) — ke(n) (1230)
Equation (12.29) can be recast as:
x(n+ 1) = x(n) + y(n)At
(12.31)

Y+ 1) =30+ 1) = BL p(x(m), y(n))

Equation (12.31) shows that the system consists of linear and nonlinear parts. Design
the structure of the neural network as shown in Figure 12.7. It consists of a linear
network and a nonlinear network, as framed by dotted lines in the figure.

If the system parameters m, ¢, k are known, then the connective weights of the
linear network can be computed using equations (12.30) and (12.31). As shown in the

figure, the values x(n + 1) and p(n + 1) can be obtained from values at the last
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Nonlinear network

Figure 12.7 Neural network structure for the SDoF system

sampling moment, namely x (n), y (n), f(¢,). The nonlinear network is used to identifiy
the nonlinear characteristics of the system. The connective weights of this network
are obtained through learning. y(n + 1) can be estimated using equation (12.31). The
feedforward algorithm of the nonlinear network can be computed using:

2
hi =f(,21 Oywy — GIJ (12.32)

Here, i denotes the ith neuron on the hidden layer, w;; is the connective weight
between the neuron on the input layer and the neuron on the hidden layer, O; is the
output of the neuron on the output layer. Asi =1, O;=x(n). Asi =2, O, = y(n). The
output from the output layer is quantified as:

p(n) =f(iilh,~wki - Ok) k=1 (12.33)

Here, r is the number of neurons on the hidden layer. wy; is the connective weight
between the neuron on the hidden layer and that on the output layer. Function fis a
sigmoidal function.

The data samples for learning are from the input and output relationship of the real
system. The learning takes place for data sampled at each moment. For example, at
moment n, the sample data are x(n), y(n), f(¢,). Using equations (12.30) to (12.33),
the output of the network moment n + 1 will be:

~ At
yin+t1)=y(n+1)- Wp(n) (12.34)
Assume the error between the output of the network and that of the system is £. Then:
| M
E= > nZ::l (y(n+1) = y(n+ 1))? (12.35)
Here, M is the total number of samples. If £ is greater than the allowable value, then

the connective weights and thresholds are updated using the BP network algorithm.
This is repeated with the following formulae:
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M
=wod nngl e(n+ 1)( A )p(n)(l —p(n)h; k=1 (12.36a)

t
m

new _— . old aE
Wi = Wi YN

_ . old < At
=w; -1 ,El e(n+ 1)(— ;)P(”)(l — p(m)wyih; (1 = h;)O; (n)

(12.36b)
new _— gold _ oE
O 0 — 1 96,
M At
=05 —n Ze(n+ 1)( g)p(ﬂ)(l —p(n)) k=1 (12.36¢)
new _— gold _ a_E
0 0 n 96,

M
=0 X, et ¢ D= 2ot — w1~ ) (12.360)

Here, e(n + 1) = y(n + 1) — y(n + 1) is the output error at moment n + 1.

Now let us see the numerical part of this example. Assume the nonlinear term
p(x, x) is a known function. Using the 4th order Ronger—Khutta algorithm, a group
of samples can be generated. These samples can then be used to train the nonlinear
neural network until it is able to represent the dynamic characteristics. Let ¢/m =
1000 (N.s)/(m.kg), k&/m =120 000 N/(m.kg), f/m =100 000 sin (314¢) N/kg. Assume
the nonlinear term is p = 100 000x>. The system has a hardening stiffness. Use five
hidden layers. The learning step is set to be 11 = 0.7. One hundred samples are used
(M =100). After 2000 learning steps, the error range is £ < 0.012. After completion,
the identified nonlinear characteristics are shown in Figure 12.8.
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0.1 0.2 0.3

Figure 12.8 Nonlinear stiffness identification: 1 — true value, 2 - identified value
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As a different case, assume the nonlinear term is p = 10 000x2 so that the system
has nonlinear damping. The identification results are shown in Figure 12.9. The
trained neural network can now be used as the dynamic model of the system. With
given initial conditions (x(0), x(0)), the system response is given in Figure 12.10.

From Figures 12.8, 12.9 and 12.10, it is evident that the nonlinear characteristics and
dynamic response of the neural network match well with that of the system.

0.8
0.6 1
0.4 1

0.2 1

0 T T T T T X
-08 -06 -04 -02 0 0.2

Figure 12.9 Nonlinear damping identification: 1 - true value, 2 - identified value

Figure 12.10 Response of the neural network (solid) and that of the system (dotted)

Example 2

Consider the identification of a cantilever plate as a smart structure. The plate consists of ten layers
of Fiberite — E9134B. The dimensions are 265 x 40.5 x 1 (mm). A PZT actuator with a dimension
of 120 x 30 x 0.3 (mm) is buried between layers 2, 3, 4 and 7, 8, 9 for the purpose of exciting and
controlling the vibration of the plate. A piezoelectric sensor with a dimension of 12.5 x 25 x 0.3
(mm) is also buried between layers 7, 8 and 9 to measure the vibration of the plate. Figure 12.11
shows the cross-section of the plate. The dynamic properties of the plate are given in Table 12.1.

This multi-layer composite plate is highly nonlinear. A neural network can be used
to establish its nonlinear input—output relationship. Using three layers of a series—
parallel network model with neuron numbers being 6, 7 and 2, the identification
structure can be shown in Figure 12.11.

In the experiment, the plate was excited by the PZT actuator excited by a random
signal of 29 V. The acceleration signal was measured by the accelerometer and was
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Figure 12.11 The cross-section of the composite laminated smart structure

Table 12.1 Mechanical properties of the unidirectional
laminates (S-glass/epoxy)

E, 55.55 GPa
E, 25.90 GPa
G, 7.70 GPa
Gis 7.70 GPa
Y 0.26

P 1881 kg/m?
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Figure 12.12 System identification of the smart structure by batch learning

integrated once and twice to yield velocity and displacement signals. In order to
establish the nonlinear input—output model of the plate for the first two modes at
10 Hz and 51.1 Hz, respectively, the velocity and displacement signals at the free end
of the plate and the voltage signal of the PZT actuator were used as the input for the
neural network. The outputs will be x(k — 2), x(k — 1), x(k — 2),x(k — 1), u(k — 2),
u(k—1). The sampling frequency is 100 Hz and duration 10 seconds. The BP algorithm
was used for learning. After the learning, the output of the plate matches well with
that from measurement (see Figure 12.13).

Using the neural network model, we are able to predict the output of the plate with
any given excitation and to design the vibration control for the composite plate.
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Figure 12.13 Comparison of the time responses between the smart structure and
the identified neural network model under random excitation: (a) tip displacement
and (b) tip velocity

For more applications of neural network in modal analysis, readers may refer to

the literature list at the end of this chapter.
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Applications of modal
analysis on real structures

13.1 Introduction

The development of experimental modal analysis as a new technology is propelled
by its ability to offer quick and effective solutions to real life engineering problems.
Along with the development of modern computer technology, experimental modal
analysis has become the main tool for solving complicated structural vibration problems.
For an existing engineering structure, it provides vital information on its dynamic
behaviour, thus permitting intelligent solutions to vibration problems the structure
may be experiencing.

For product design, the inclusion of modal analysis changes the fundamental
philosophy from static design to a combined static and dynamic design. The analysis
of the computer model of a product enables us to identify potential dynamic problems
of the structure and determine possible design solutions. In so doing, reliability and
safety of the manufactured product can be better assured.

The application of modal analysis is not limited to a specific engineering discipline.
In recent years, extensive applications have been found in aerospace engineering,
acoustical engineering, mechanical engineering, civil engineering, automotive
engineering, ship building, mining, manufacturing, nuclear power plants, transportation,
weapon systems and building engineering. Modal analysis and finite element analysis
have become two pillars in modern structural dynamics.

This chapter presents the reader with a number of practical application cases of
using modal analysis to solve vibration problems.

13.2 Modal analysis of a car chassis

The automotive industry has been one of the biggest users of modal analysis technology.
The application of modal analysis ranges from simple chassis, suspension systems,
driver’s seats to whole vehicle analysis and optimal design.

The modal behaviour of a car chassis is essential information for the dynamic
analysis of the whole vehicle. This application is to use modal analysis technology to
study the vibration behaviour of the chassis. The modal testing was carried out by
suspending the chassis with a number of rubber springs, as shown in Figure 13.1.
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This was to simulate the free—free boundary conditions of the structure so that the
modal information of the chassis alone could be derived. Sinusoidal excitation was
used to provide sufficient input energy to excite the chassis. The shaker was also
suspended in order to avoid introducing physical constraints to the chassis during the
excitation.

Figure 13.1 A diagram for the boundary conditions of a car chassis for testing

Such a suspension of the structure ensures that the rigid body modes of the supported
chassis in both vertical bending and torsional directions are less than 1 Hz, which is
much less than the first natural frequency of the chassis. For a modal analysis with
sinusoidal excitation, the measurement system can be shown in Figure 13.2.

Power amplifier '—

A
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Frequency
I response Vibration

I = analyser O controller
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Figure 13.2 Measurement set-up for modal testing of a car chassis

The sinusoidal excitation swept from 5 Hz to 100 Hz. Figure 13.3 shows the
amplitude and phase of the point frequency response function at the excitation point.
The real and imaginary parts of the accelerance of this point FRF are shown in Figure
13.4.

Within the measured frequency range, we note that vibration modes of the chassis
cram together as frequency increases. For example, between 81 Hz and 83 Hz, there
appears to have more than one mode. Figure 13.5 shows the FRF data and the
Nyquist plot with this frequency range.

The main vibration modes of the chassis are derived from the modal analysis of
the measured FRF data and are presented in Table 13.1.
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Figure 13.5 Zoomed-in point FRF and the Nyquist plot
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Table 13.1 Identified vibration modes of the tested chassis

Mode Natural Freq. Modal damp. Modal mass Modal stiffness Remarks
number w, (Hz) ¢ x10° m, kg.s*/em k., x 107 kg/cm
1 7.23 15.380 0.560 0.116 First torsional mode
17.53 1.281 9.438 11.500 First side bending mode
3 24.36 2.581 1.380 3.206 First vertical bending
mode
4 31.22 4.959 2.057 7.915 Torsional and
side bending mode
5 34.98 4.673 1.202 0.805 Left side bending mode
6 36.60 2.982 1.446 7.646 Second torsional mode
7 60.62 4.926 1.334 19.340 Third bending mode
8 82.10 3.043 1.397 13.970 Third torsional mode

Figures 13.6 and 13.7 show the first torsional mode shape and the first bending
mode shape of the chassis.
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Figure 13.7 First bending mode shape of the chassis

13.3 Modal analysis of a lathe

The main objective of modal testing and analysis of a lathe was to provide experimental
data for improving its dynamic performance and for optimizing future design. Dynamic
performance of a lathe impacts directly on the precision, surface quality and efficiency
of the machine during operation. Modal testing and analysis can serve as an ideal tool
in studying the dynamic performance of a lathe. Modal testing can be carried out
when the lathe is idle or when it is in operation. The former is easy to conduct but the
results are not truly reflective of the dynamic performance of the machine. A lathe in
operation experiences several cutting forces, some being periodic and some random.
These forces excite the lathe to vibrate. The vibration of a lathe can be forced or self-
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excited. The latter is mainly responsible for poor quality of cutting. A lathe with good
dynamic performance minimizes forced vibration and eliminates self-excited vibration
(chattering).

A lathe is a highly nonlinear structure. Using modal testing to study it will result
in linearized modal data of the lathe which are useful to assess mainly qualitatively,
and, quantitatively to some extent, its dynamic performance. The modal testing was
conducted when the lathe was in operation. The excitation of the lathe was generated
from a non-contact electric magnetic exciter installed on the tool carriage to simulate
the cutting force. When connected, this exciter simulated the cutting force. The
excitation signal was a pseudo random signal shown in Figure 13.8 together with its
auto-correlation and auto-spectrum density function. A pseudo random signal can
minimize energy leakage in the signal processing and is easily generated numerically.
The response of the lathe was measured by accelerometers located at 70 measurement
points covering three translational directions.

3 dB
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Figure 13.8 The excitation signal and its auto-correlation and auto-spectrum

During the test, the operating lathe did not have feeding motion. The exciter
replaced the cutting tool. A rigid workpiece was used so that no vibration was generated
from the workpiece to excite the lathe. Table 13.2 shows the modal data of the lathe
under idle and operational conditions. The notable difference in modal damping is
attributed to the surface friction and damping inside bearings.

Table 13.2 Modal data of the lathe using pseudo excitation

Mode Natural frequency (Hz) Modal damping
number Operational Idle Error % Operational Idle Error %
1 34.95 32.89 5.8 0.1055 0.0985 6.6
2 42.50 44.37 -44 0.0711 0.0849 -19.6
3 90.34 85.73 5.1 0.0583 0.0485 16.8
4 154.50 155.38 -0.6 0.0815 0.0884 -85
5 198.37 193.84 2.5 0.0573 0.0519 9.4
6 288.38 286.61 0.6 0.0518 0.0426 21.6

For comparison, a sweep sinusoidal signal was also used on the electrical magnetic
exciter. The modal data obtained from this excitation were derived from the measure
FRF data and are shown in Table 13.3.

The modal analysis of the measured FRF data also revealed the nature of the first
six vibration modes of the lathe. They are summarized in Table 13.4.
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Table 13.3 Modal data of the lathe using sinusoidal excitation

Mode Natural frequency (Hz) Modal damping

number Operational Idle Error % Operational Idle Error %
1 34.37 35.99 -4.7 0.0630 0.0555 11.9
2 42.90 45.96 7.1 0.0558 0.0587 -5.2
3 89.22 85.15 4.6 0.0428 0.0402 6.1
4 154.89 154.81 0.5 0.0735 0.0730 0.7
5 198.17 197.41 0.38 0.0602 0.0590 2.0
6 284.83 284.46 0.13 0.0472 0.0387 22.0

Table 13.4 Vibration modes of the lathe

Mode Natural
number  frequency

Description of vibration mode shape

(Hz)
1 34.92
2 42.50
3 96.34
4 154.50
5 198.87
6 288.38

First vertical bending mode for the lathe bed. The tailstock and tool carriage
move with the lathe bed back and forth.

First torsional mode for the lathe bed. The tailstock moves with the lathe
bed. Headstock vibrates along the feeding direction.

First horizontal bending mode for the lathe bed. The headstock moves back
and forth.

Second horizontal bending mode for the lathe bed. The headstock rotates on
the horizontal plane.

Second horizontal bending mode for the lathe bed. The tool carriage moves
out of phase with the workpiece.

The tool carriage moves back and forth. The chuck shows significant torsion.

13.4 Modal analysis of a shaper

A modal testing and analysis was carried out on a shaper. The excitations used were
random and impact excitation, respectively. Figure 13.9 shows the measurement set-

up.

HL\ Accelerometer

Frequency
response

\] E analyser
The shaper
N Power
Shaker amplifier Signal
[ | generator

Figure 13.9 Measurement set-up for modal testing of a shaper
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The frequency range for the random excitation was selected as 0—500 Hz to cover
the main modal activities of the machine. The excitation force was located at the box
table of the shaper. A triaxial accelerometer was used at different locations to acquire
the responses. When impact excitation was used, the hammer excited the shaper at
various locations alternately and response was measured at a fixed location. A hard
lead hammer head was used. The frequency range was chiefly 0-600 Hz. The test
was conducted with the ram rail being 0.3 m, 0.5 m and 0.7 m, respectively.

Table 13.5 shows the natural frequencies and damping ratios of the first three
modes of the shaper with one sliding rail length. The first two mode shapes of the
machine are shown in Figure 13.10. The test was conducted when the machine was
idle.

Table 13.5 The first three identified vibration modes of the shaper

Mode Random excitation Impact excitation
number o, Hz &% o, Hz & %
1 48.41 3.06 48.50 2.51
2 78.24 1.96 79.71 4.68
3 113.59 1.65 111.48 1.93

Figure 13.10 First two mode shapes of the shaper

13.5 Modal analysis of a combustion
locomotive structure

A combustion locomotive has a dimension of 15 m X 3 m X 2 m and weighs about
20 tonnes. It is made of welded steel parts. A modal testing and analysis was conducted
to extract the modal data of the locomotive structure in order to provide information
for modifying it. The excitation method was a random impact. This method produces
a series of irregular impacts on the structure. Such excitation enables more energy to
be inputted into the structure. It produces an excitation time signal with dispersed
peaks. Figure 13.11 shows the time history of a random impact signal and its power
spectrum. A typical acceleration response of the random impact from the locomotive
structure is shown in Figure 13.12.

263
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Figure 13.11 Time history and power spectrum of a random impact signal
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Figure 13.12 An acceleration response of the random impact excitation

The modal testing was carried out in four steps. In step one, a coarse finite element
model of the locomotive structure was created. The analysis of this model provided
an estimate of the natural frequencies and an insight into the modal density of the
structure. In step two, trial impact excitation and measurement was conducted. The
objective was to determine the favourite excitation condition for measurement and to
locate the optimal measurement sites. Step three of the testing was to conduct the full
measurement. The locomotive structure was laid on an elastically supported platform.
Altogether there were 120 measurement points. The responses were recorded by a
triaxial accelerometer. Both excitation and response signals were recorded on a tape
for analysis.

Figure 13.13 shows a typical measured FRF curve and the coherence function. An
SDoF frequency domain modal analysis method was used to analyse the recorded
FRF data. Modal data of the first seven identified vibration modes are shown in Table
13.6.

The results of modal analysis made available vital experimental data for improving
the dynamic characteristics of the locomotive structure. For example, the excessive
vibration experienced in the driver’s apartment was attributed to the combined effect
of the bending and torsional vibration modes below 25.25 Hz and the rigid body
modes. This provided a basis for vibration reduction of the driver’s seat. In addition,
excessive vibration was observed from the side panel at the front. This is detrimental
to the fatigue life of the suspension system. Subsequent stiffness enhancement was
introduced to the structure to rectify the problem.
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Figure 13.13 A typical measured FRF curve (left) and the coherence function (right)

Table 13.6 The first seven identified vibration modes of the locomotive

Mode Natural frequency Modal mass Modal stiffness Modal damping
number o, Hz m, x 107 Ns*/m k. x 107 N/m ¢ x 10° N/m
1 13.11 0.0110 89 0.37
2 17.20 0.0093 110 0.29
3 21.37 0.0074 130 0.34
4 25.25 0.0063 160 0.73
5 30.32 0.0053 190 0.42
6 31.92 0.0001 200 0.54
7 33.57 0.0001 210 0.26

13.6 Modal analysis of a power generator

A tidal power station was equipped with a 500 kW hydraulic generator installed
within a steel shell structure. The turbine of the generator has four blades. The
designed operating speed is 118 rev/min. The whole generator and shell structure is
compact and bulky. Traditional external force excitation cannot provide sufficient
energy to induce vibration to a significant extent. Instead, the vibration responses at
designated locations were measured and time domain modal analysis was used to
derive modal data of the structure. The analysis was based on the ARMA(p,q) time
series model, as introduced in Chapter 2.

Figure 13.14 shows the diagram of the generator assembly. Altogether 11 locations
(marked as V in the figure) were selected for recording vibration responses. Among
them, point 1 was located at the top of the bearing pillow block of the first electric
motor to observe the vertical vibration of the motor-bearing system. Point 10 was
located at the bottom to observe the coupling motion between the shell structure and
the armature—bearing system. Points 4 and 9 were located at the top of the bearing
pillow block and gear train of the second motor. Point 7 was at the casing of the rear
bearing stand. Point 11 was positioned at the entrance chamber of the turbine to
record the vibration of the shell structure at the vicinity of the turbine. All responses
were measured using accelerometers and recorded on a multi-channel tape recorder.

Table 13.7 shows the time series analysis results from data measured at points 1
and 10, respectively. The results from measurement point 1 reflected the dynamic
properties of the armature—bearing—bearing stand assembly. Results from point 10
are indicative of the dynamics of the shell structure. The coupling between the rotor—
bearing—bearing stand assembly and the shell structure is also shown in the table.
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Figure 13.14 The diagram of the generator assembly

Table 13.7 Modal analysis results of data measured from points 1 and 10

1
$2500

/ / V\ <] 5
A B C b E F
A — Cooling fan B — Slip rings C — Motor bearings
D — Motor armature E — Flying wheel F — Gear train

Time series Point 1 Point 10
order No. . .
Natural frequency = Modal damping Natural frequency =~ Modal damping
o, Hz # o, Hz #
1 3.30 0.0840
2 6.60 0.0239 6.200 0.0510
3 24.88 0.275
4 0.0297
5 57.07 0.0138 74.47 0.0160
6 74.50 0.0075
7 79.99 0.0037
8 88.81 0.0087 96.02 0.0297
9 96.50 0.0105
10 113.39 0.0431 132.7 0.0128
11 175.21 0.0250
12 213.32 0.0021

13.7 Modal analysis of a flat flood gate

The flood relief gate of a dam is a flat and multi-layer plate structure. During operation,
it is often partially open to control the rate of water relief. The flowing water inevitably
impacts on the gate and excites its vibration. If the vibration becomes excessive, the
gate risks dramatic reduction of its fatigue life and safety of the operation is in
jeopardy. Against this background, a modal testing was conducted in order to investigate
the dynamic characteristics of the gate and to predict dynamic response during operation.

The dimension of the flood relief hole is 13.0 x 12.0 m?. The maximum flow rate
is 800 m’/sec. The dimension of the gate is 13.7 x 12.5 m?. The designed static
loading of the gate is 1000 tonnes. The gate is an assembly of three plates in cascade,
each being an elastic beam. The gate weighs 70 tonnes and sits in a groove operated
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Figure 13.15 The diagram of the flood relief gate and pressure sensor locations

by two lifters which weigh 100 tonnes each. Figure 13.15 shows the diagram of
the gate.

The investigation commenced with an experiment to determine the hydraulics of
the gate. This was to ascertain the dynamic loading and excitation frequencies the
gate has to experience during operation. Eleven pressure sensors were distributed on
the gate (as shown in Figure 13.15). Water pressure under different working conditions
was recorded and plotted. Figure 13.16 shows a typical water pressure measured by
a sensor. Spectral and statistical analyses were carried out on the measured pressure
data. Figure 13.17 shows the power spectrum of a pressure signal. Figure 13.18
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Figure 13.16 A typical water pressure measured by a sensor
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Figure 13.17 Power spectrum of a pressure signal
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Figure 13.18 Probability density curve of a water pressure signal

shows its probability density curve. It was found that the water pressure load is a
stationary random process with zero average. It follows a normal distribution. The
frequencies of the transient water load is largely below 1.5 Hz. The triple of the
standard deviation of the dynamic load (30) is below 90 tonnes, which is smaller than
the one-tenth of the designed static load threshold.

The next step was to conduct modal testing. The experiment was carried out on a
replica of the real gate, one-tenth of the original size. All material properties and
installation were the same as the original. The replica was installed at a small reservoir.
The natural frequency of the replica is ten times as great as that of the real gate.

Due to the symmetry of both the structure and load, only those symmetrical
vibration modes are of interest. A total number of 84 measurements were selected, 28
for each plate on the gate. All measurement points were distributed on the stiffeners
to avoid local flexibility.

(b) f, = 10.4 Hz

Figure 13.19 The first two mode shapes of the gate with and without water
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Simple sinusoidal sweep was used to excite the structure. The experiment was
carried out when the reservoir was empty and full. Table 13.8 shows the modal data
of the first three vibration modes (converted to the original gate). The mode shapes
are given in Figure 13.19.

Table 13.8 Modal data of the first three modes

Empty reservoir Full reservoir
Modal data
1 2 3 1 2 3
1, Hz 16.6 19.6 20.0 5.3 10.4 12.8
28, 0.03 0.026 0.036 0.039 0.045 0.055
K, t/cm 110.9 154.6 161.0 11.3 43.5 65.9

The natural frequencies of the gate when the reservoir was full are generally lower
than those when it was empty. The damping ratios for the former are greater. These
are due to the effect of water. Nevertheless, the damping ratios in both cases are
reasonably small. The mode shapes are different in these two cases. This reflects the
coupling between the gate and water, and the nonlinear effect generated from the
supporting mechanisms.

The modal testing and analysis results show that the natural frequencies of the gate
are greater than the frequency of the transient water load (which is about 1.5 Hz).
Such dynamic properties of the gate are ideal.

13.8 Modal analysis used for stability diagnosis

Pad bearing is often used on machines with a high rotating speed such as compressors
and turbines. For a long time, rotors supported by pad bearings are regarded as stable
and free of self-excitation. As the rotating speed and operating power increase, self-
excitation could occur to cause excessive structural vibration. Theoretically, this type
of excitation is caused by gas flow and can be attributed to the skew-symmetric
coupling terms in the system matrix. When the rotor of a gas turbine is sealed, the
periodic motion of the rotor causes a periodic change of the gap between the rotor
and the sealing cubicle. The atmospheric pressure within the sealing cubicle varies
accordingly. The total pressure can be separated into a normal pressure component
and a tangential pressure component. The latter, being in the same direction of the
rotor’s rotation, has the potential to cause self-excitation. A critical parameter in the
study of the self-excitation, and therefore the stability, of a rotor system is the ‘system
damping’. It is the real part of the system eigenvalues.

Modal analysis can be used to identify the damping of a rotor system to assist the
stability study. When the machine is not operating, external excitation (sinusoidal,
random or impact) can be applied and the damping can be identified from measured
FRF data. If the rotor is in operation, vibration responses can be acquired and damping
extracted using time domain modal analysis methods.

Figure 13.20 shows a rotor rig for stability study. The rotor is supported at each
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1 — Bearing stand 2 — Shaft coupler 3 — Bearing 4 — Armature 5 — Disc 6 — Inner ring
7 — Outer ring 8 — Side cover 9 — Top cover 10 — Pad bearing 11 — Side cover 12 — Position pin
13 — Bolt 14 — Slider 15 — Nut 16 — Bolt

Figure 13.20 Test rig for stability study of a rotor system

end by a pad bearing. There are two discs on the rotor. The pad bearing is shown in
Figure 13.21. The five pads can be tilted to adjust slight angle changes.

Pad bearing

N
|
=

Figure 13.21 Cross-section of a pad bearing assembly

Figure 13.22 shows the test diagram. The measured vibration signal was analysed
to extract the impulse response. Subsequently, the Ibrahim time domain method was
used to identify the damping ratios of the rotor system. The test speed was set to
1000, 1500 and 2000 rev/min. The sealing air pressures were 0, 0.25, 0.5, 1.0, 1.5 and
2.0 10° Pa. The gravity load of the bearing was 2.54 kg.

According to the stability theory, the more damping, the more stable the rotor
system is. When the system damping experiences a dramatic decrease or the value
varies significantly, the rotor system may become unstable. Table 13.9 shows the
system damping (real part of the eigenvalue) and modal damping from modal analysis.

Figure 13.23 shows the power spectrum of the system’s impulse response.

This study led to the following conclusion. The damping of the rotor system varies
as the air pressure changes. By studying the modal damping of the first mode of the
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Figure 13.22 Test diagram for a rotor system

Table 13.9 Modal analysis results of the pad bearing

3 — Charge amplifier
5-8 — signal conditioners X1, Xp, ¥4, Y2 — non-contact sensors
12 — Signal processor

4 — Tachometer
9 — Tape recorder
13 — Computer

Sealing air pressure x 103 Pa 0.0 0.50 1.00 1.25 1.50 2.00

X direction System damping o 13.11 8.063 8.398 7.933 7.219 6.923
Damping ratio § 0320  0.171 0.182 0.169 0.154 0.148
Damped nat. freq. @, 46.72  47.03 46.21 46.76 46.73 46.79

Y direction System damping o 15.08 16.80 16.61 7.421 8.349 11.52
Damping ratio § 0.324  0.345 0.343 0.155 0.175 0.243
Damped nat. freq. w; 46.51 48.71 48.40 47.74 47.58 47.33

47 Hz

Pa

[ 25 Hz

AAW

0 50 100
Hz

Figure 13.23 Power spectrum of the rotor system’s impulse response

150

200

rotor system with different air pressure, we can reach a qualitative conclusion on the
stability of the system. Figure 13.24 shows the impulse responses at zero air pressure
and when pressure is 1.5 x 10° Pa. As the air pressure increases, the free decay rate
slows down and the system stability deteriorates.
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Figure 13.24 Impulse responses with two different air pressures

13.9 Modal analysis used for stump quality check

Concrete stump forms the foundation for high building, bridges, nuclear plants and
many other structures. The significance of its quality cannot be overstated. Once the
concrete is poured and set, the quality check of the deeply buried stumps is a formidable
task. One engineering practice is to take 2% of total stumps as samples (by using
stump pullers) and conduct a static loading test. This method could be costly and the
reliability of the outcome is questionable.

A method based on modal testing can assist in checking the quality of stumps.
This method uses an impact excitation to measure the power spectrum and FRF data
from the top of the stump and analyse the stump quality and loading ability from the
measured data. A hammer is used to produce an impulse input to the stump. By
analysing the force signal and the acceleration response, we can derive the accelerance
of the stump. From the amplitude and phase information of the accelerance, we can
derive the quality of the stump. Figure 13.25 shows the measurement set-up of modal
testing of a stump.

Signal Tape
conditioner recorder

Signal
analyser

Oscilloscope

Figure 13.25 Measurement set-up for modal testing of a stump

The theory used in this application is simple. From vibration theory of continuous
systems, we know that the natural frequency of a free—fixed stump is given as:

_2n-1
fu= a7 €0 (13.1)

Here, L is the total length and ¢ is the wave propagation velocity along the stump.
Likewise, the natural frequency of a fixed—fixed stump is given as:
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1= ﬁ o (13.2)

‘0 :\% (13.3)

Here, E is the elasticity modulus and p is the mass density of the stump. In both
boundary condition cases, we find that the difference between two consecutive natural
frequencies 1is:

We also know that

Af= :—OL (13.4)

This frequency difference is a constant for a uniform stump. From the measured
natural frequency difference, we can estimate the wave propagation velocity:

co = ALAS (13.5)

For a uniform stump, we can expect the velocity to be within a range 2800 m/s to
3000 m/s. If the estimated velocity falls outside this range, the stump is susceptible
to quality problems. Conversely, from the expected velocity, we can estimate the
effective stump length using equation (13.5). If it is shorter than the nominal length,
it is indicative of the possible position of a crack on the stump.

|‘ /2L | 2L
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Figure 13.26 A typical mobility FRF of a stump

Another parameter useful for stump quality check is the geometrical average of
the mobility function:

h = v hmathin (136)

Here, A, is the average peak value of the mobility and 4,,;, is its average trough
value. This value can be compared with the theoretical mobility average sy which is
given by:

_ 1
pCoA

hr (13.7)
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Here, A is the cross-sectional area. The difference between the results from these two
equations is used to determine the quality of the stump materials.

The first example, Figure 13.27, shows the mobility curve of a stump 3.5 metres
long with a cross-sectional area of 150 x 150 mm?. The mobility shows equally
spaced natural frequencies. The frequency difference is about 410 Hz. The wave
propagation velocity can be estimated to be 2870 m/s. This is within the expected

range. Thus, this stump is of a good quality.
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0 400 800 1200 1600
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Figure 13.27 Mobility FRF of a 3.5 metre long stump

The second example is a stump 9 metres long with a diameter of 650 mm. The
measured mobility FRF is shown in Figure 13.28.

1.200

(mV)

0 200 400 600 800
f (Hz)

Figure 13.28 Mobility FRF of a 9 metre long stump

From the frequency difference of 180 Hz, the wave velocity is estimated to be
3240 m/s. This indicates that the stump is not uniform throughout its length. The first
peak of 360 Hz signals a potential problem at 4.1 metres from the top. This is found
to coincide with the crack introduced at 4 metres.

13.10 Modal analysis of ancient bronze bell

This application shows an example of using modal analysis to help to design and
manufacture a bronze bell which preserves the acoustic characteristics of the ancient
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Chinese bronze bell. The manufacture of bronze bells in ancient China is more a craft
than a science. This, however, did not prevent past craftsmen from making acoustically
brilliant bronze bells. Some of them survived centuries of wars and turmoil. They
provide the opportunity to study bronze bells using modal testing and analysis. The
quality of a bell depends on its structural vibration and its properties to propagate
sound. Ancient bronze bells in China are renowned for having rich acoustic texture,
being able to propagate far and possessing a distinct beating sound. To revive these
characteristics in today’s manufacture of metal bells, we need to understand the
dynamics of ancient bronze bells. Modal testing and analysis has been used in this
quest. The objective of this study was to design a bronze bell for a temple in Hawaii
that could recapture the brilliance of ancient bells.

The first step of the investigation was to test a number of existing ancient bells.
The bronze bell in the Longhua Temple in Shanghai was one of them. Figure 13.29
shows the bell. Figure 13.30 presents the sound spectrum of the bell. It was found
that the fundamental frequency of the bell was 122 Hz. Within 1000 Hz, the bell
exhibited plenty of clearly defined modal activities. From the sound spectra of a few
bells, it was decided that the fundamental frequency was designed as 100 Hz.

Figure 13.29 The bronze bell in the Longhua Temple in Shanghai

The initial geometrical design of the bell was based on knowledge and artistic
consideration. Subsequently, a finite element analysis was carried out to derive the
modal properties of the designed bell. The bell was 1.70 metres tall with the maximum
diameter of 1.10 metres. The thickness increases from the bottom to the top. Figure
13.31 shows the FE model of the designed bell and the manufactured product.
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Figure 13.30 The sound spectrum of the bronze bell in the Longhua Temple

(a) (b)
Figure 13.31 (a) The FE model of the designed bell, (b) the manufactured bell

Due to the axial symmetry of the shape, it can be expected that vibration modes
will occur in pairs. Table 13.10 shows the first four natural frequencies of the designed
bell. The slight non-symmetry of a bell is responsible for splitting a pair of identical
natural frequencies and causing the beating sound.

Table 13.10 The first four modes of the designed bell

Mode
1 2 3 4

Frequency Hz 18.24 18.24 134.5 135.0

The next phase of FE analysis was to introduce on the bell model the decorations
such as small Buddhist carvings and study their effects on the acoustics, especially on
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the beating sound. These decorations are additional masses in the FE model. Table
13.11 shows the analysis results. When the bell is completely axial symmetrical (not
feasible in reality), there is no beating frequency. The presence of a slight non-
symmetry by a Buddhist carving induced beating. By selectively using decorations,
we can control the beating frequencies. For example, increasing mass (by adding
Buddhist carvings) at anti-nodal points of low frequency modes helps to enhance
beating frequencies. Decreasing mass at anti-nodal points of high frequency modes
can achieve the same outcome.

Table 13.11 FE analysis results of the bell model with slight asymmetry

Model
Modes Axial symmetrical Bell with rim Bell with one
bell Buddhist carving

Lower beating

frequency Hz 194.6 134.5 194.7
Higher beating

frequency Hz 194.6 135.0 195.2
Beating

frequency Hz 0 0.5 0.5

The fundamental frequency of the bell was calculated by FE analysis as 134.5 Hz.
This did meet the target of 100 Hz. To modify the design more effectively, sensitivity
analysis was carried out to determine possible locations for change. The FE model
was then adjusted with both mass and stiffness changes according to the sensitivities.

After the design was finalized, the bell was manufactured. Modal testing was then
used to study and verify the dynamic characteristics of the bell. Hammer test, single-
input random and multi-input random excitations were used in the test. Figure 13.32
shows a typical accelerance FRF of the bell.

A/F

Frequency Hz

Figure 13.32 A typical FRF of the bronze bell

Figure 13.33 shows the spectrum of the sound. It bears a striking resemblance to
the FRF curve. This suggests the intrinsic correlation between the structural dynamics
and the acoustics of the bell.
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Figure 13.33 A typical sound spectrum of the bronze bell

The circumferential mode shape corresponding to the designed fundamental
frequency of 100 Hz is shown in Figure 13.34. It has four nodal points. Theoretically,
this mode is not the fundamental mode for a circular structure. It is actually the third
vibration one. However, the first two modes require much greater energy to vibrate
and, therefore, are not sustainable in reality.

(a) Modelling (b) Experiment

Figure 13.34 The circumferential mode shape of the bronze bell

The beating of the bell was also tested. Figures 13.35 and 13.36 show the measured
beating signal of the bell and its spectrum. This confirms that the designed asymmetry
has produced the expected beating phenomenon.

Figure 13.35 The measured beating signal of the bronze bell
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Figure 13.36 The spectrum of the beating signal

Figure 13.57 shows the sound spectrum of the bell at zero second and after
60 seconds. The beating signal based on the fundamental frequency has shown a
remarkable longevity.
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Figure 13.37 The instantaneous sound spectrum of the bronze bell

To determine the free decay of the vibration modes, the instantaneous spectrum of
the impulse response was observed. Figure 13.37 shows the instantaneous sound
spectrum and the spectrum after 20 seconds. It is evident that the designed frequency
is the most lasting one.

13.11 Modal analysis of bus roll cage structure for
optimum rollover design

Improvement of vehicle stability and crashworthiness to reduce rollover and to provide
increased occupant protection in the event of rollover requires that the effects of
design parameters on vehicle rollover propensity be thoroughly understood.
Improvement of rollover characteristics of buses currently requires extensive
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experimentation and considerable resources associated with rollover destruction of
experimental bus structures. The developmental process of a bus roll cage structure
relies on computer modelling and simulation for efficient outcomes. This process,
however, requires verification and sometimes additional information which the process
itself cannot provide.

Modal analysis lends much needed assistance to the study of the bus roll cage
structure. It can be used to identify the dynamic characteristics of the structure which
can be used as the basis for verifying the analytical model. It can also provide correct
damping information which modelling itself is incapable of supplying. The case
study in this section shows the application of modal analysis in the modelling and
testing of a standard roll cage structure which has been designed and manufactured
to suit typical two axle single deck bus constructions used for route, school or charter
bus services. Figure 13.38 shows the structure. It weighs 846 kg. It has eight front—
rear beams and nine left-right inverse U-shaped frames.

Figure 13.38 A standard roll cage structure

FE modelling of the bus frame was carried out. The FE model shown in Figure
13.39 consists of 260 3-D beams. A grounded condition of support has been simulated
by constraining the model at each floor stool. Figure 13.40 shows the first and third
mode shapes of the bus frame obtained through this analysis.

The role of modal analysis in this study was to determine the structural dynamic
characteristics of the standard bus frame with its rollover protection cage. The
information would be used to verify the finite element model of the structure and
provide the correct modal damping information for it. The results would be stored for
future use to identify appropriate structural modification strategies by relating those
dynamic characteristics to the design parameters with respect to the desired vehicle
stability.

The roll cage structure is welded to the remaining parts of the bus. Due to the
relative rigidity of bus chassis and flexibility of the cage structure, it was believed
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Figure 13.40 The first and third mode shapes of the bus frame

that the grounded boundary conditions for the cage structure were appropriate. The
structure was therefore cemented on a concrete floor at each floor stool. This resembled
the operational condition of the structure and it was consistent with the condition
used in computer modelling. Figure 13.41 shows the boundary conditions applied.

Figure 13.41 The boundary conditions applied during testing

There were in total 131 points selected for modal testing purposes. They constituted
all the crossing points between the floor line and side bracings, and between hoops
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and side bracings. For these points, the main interest was the vibration at y (up and
down) direction. In addition, the crossing points of the roof and the roof beams with
hoops and door openings were selected. For points on the roof, vibration at the z (fore
and aft) direction was of the main concern.

The structure was excited by an impact hammer which provided sufficient excitation
force for the cage structure. A dual channel analyser was used to acquire frequency

response function data from the measurement. Figure 13.42 shows the measurement
set-up.

Figure 13.42 Measurement set-up for the bus roll cage structure

The response point was selected after a trial-and-error attempt. Impact force was
then applied in the y direction to points on the sides and the z direction for points on
the roof. Figure 13.43 shows the point FRF of this test. Within 40 Hz, there are well-
defined modes of the bus frame.
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Figure 13.43 The point FRF of this test
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The baseband frequency range of the measurement was selected to be 100 Hz.
This included the main modal activities computer modelling had dealt with. The
measured FRF data were later processed first using the SDoF analysis method. The
MDoF method was then used to process all 154 FRFs. Figure 13.44 shows a typical
regenerated FRF after the analysis was carried out.
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Figure 13.44 A typical regenerated FRF after the analysis

Table 13.12 shows the natural frequencies of the first five modes analysed. All
mode shapes have been saved as real modes. The results show very good correlation
except for mode 5 of the finite element model which has displayed elements of rigid
body motion. Table 13.13 shows the modal data of the first five modes from measured
FRF data.

Table 13.12 Modal data of the first five analysed modes

Mode No. Natural frequency (Hz) Mode type
1 7.664 First bending
2 9.096 Second bending
3 10.915 Third bending
4 13.338 Roof
5 17.180 Roof and bending

Table 13.13 Modal data of the first five identified modes

Mode No. Natural frequency (Hz) Damping loss factor
1 8.14 0.043
2 9.35 0.030
3 11.03 0.017
4 13.44 0.043
5 17.16 0.017

The natural frequencies from the FE modelling and modal testing reconcile with
a satisfactory error range. The difference between the experimentally and analytically
determined natural frequencies is lower than 10% for the first ten modes. The structure
exhibits relatively low damping. This needs to be taken into consideration when
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estimating the energy absorption of the structure during rollover or in case of side
impact. The data indicate that damping for bending modes is generally less than 5%
while damping for roof modes is less than half of that value. This should have a
significant effect on the difference in deformation of these components during rollover.
In addition, the determined bending modes in the lateral direction of the bus frame
indicate an inherent sensitivity of the design to excitation in the lateral direction
which has a negative effect on vehicle stability and rollover propensity in general.

These findings will be addressed through structural modification of the bus frame.
A strategy could be to conduct initial sensitivity studies. For example, the bus frame
can be modified to enable the spreading of the impact deformation over a large
distance thus increasing the amount of plastic deformation of the vehicle. The amount
of unrecoverable work used to crush the vehicle will be increased, reducing the
amount of energy which can contribute to the rolling motion of the vehicle. Also, the
structure of the bus can be modified to reduce its vulnerability in the lateral direction
and increase the level of damping.
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least-squares time domain, 181
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inverse FRF, 168
MDoF, 174
peak picking, 163
random decrement, 188
rational fraction polynomials, 174
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time domain global, 212
MIMO, 147, 162, 198
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Minimum realization, 218
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Modal analysis, 2
Modal constant, 108
Modal damping, 124
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Modal model, 105
Modal stiffness, 98
Modal testing, 3
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Modelling, 49
Modal analysis methods (see also
method, methods)
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Modification:
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Neural network model, 242
Neuron, 242, 243
Neutralization, 238
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Norm, 14
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Optimization, 236
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Peak picking method, 164
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Perturbation, 31
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Physical interpretation, 102
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Power spectrum, 271
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Proportional damping, 123
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QR method, 27

Random decrement, 188

Rank deficient, 15
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Receptance FRF matrix, 101
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Reciprocal modal vector, 113
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Residue, 34
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Response model, 105
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Rotor-bearing, 265

Rubber springs, 257

S form, 243

Scaling factor, 235
Self-regulated learning, 245
Self-excitation, 269
Seismic mass, 144
Sensitivity analysis, 5
Series-parallel model, 250
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Shear force, 77

Shur decomposition, 23
Signal conditioner, 141
Signal generator, 141
Signoid function, 243
Simulated annealing, 245
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Singular value decomposition, 24
Single-degree-of-freedom (SDoF) system, 50
Sound spectrum, 275, 279
Spatial data, 118

Spatial incompleteness, 152
Spectral analysis, 43

Spectrum decomposition, 23
Stability, 269, 279

Stability diagnosis, 269
Standard deviation, 268

Static neural network, 250

State equations, 41

State-space, 40

State-space equation, 41, 218
State-space model, 40, 41
State-space transformation, 235
State-space vector, 235

State variables, 41, 218
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Stationary random process, 268
Steepest decent method, 245
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Structural modification, 5, 224, 230, 233
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Stump quality check, 272
Substructure coupling, 6
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Submatrix, 124

Submatrix decomposition, 23
Sweep sinusoidal excitation, 261
System equation, 42

System identification, 241, 242

Tailstock, 262

Tapped delay line (TDL), 248
Three dimensional plot, 82
Threshold form, 243

Time response, 135

Time series analysis, 43

Tool carriage, 262
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Torsional mode, 260
Transfer FRF, 101

Transfer function, 35, 42, 55
Transformation matrix, 213
Transverse vibration, 75
Triaxial accelerometer, 263
Troubleshooting, 4

Turbine, 265

Underestimator, 150
Unique solution, 16
Unit rank modification, 227

Variable separation method, 38
Vector diagram, 54
Vibrating string, 66
Vibration:
basic concept, 49
free, 50
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longitudinal, 73
transverse, 68, 75
Viener filter, 218
Virtual displacement, 58
Virtual work, 57
Virtual work principle, 58

Wave propagation, 272

Weighted least squares method, 33
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